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Abstract 

The perpetual desire to conserve fuel is driving strong demand for increased 

efficiency in spark ignited (SI) engines. A method being increasingly explored to 

accomplish this goal is lean combustion. Homogeneous ultra-lean combustion with 

ɚ > 1.6 has demonstrated the ability to both increase thermal efficiency and 

significantly reduce engine-out nitrogen oxides (NOx) emissions due to the colder 

cylinder temperatures innate to combustion with high levels of dilution. The major 

limitation in developing lean and ultra-lean combustion systems is the less 

favorable ignition quality of the mixture. This has necessitated the development of 

higher energy ignition sources. A pre-chamber combustor application known as jet 

ignition is one such technology, having been researched extensively. 

Differing types and magnitudes of charge motion are incorporated in SI engines to 

aid with mixture preparation. The influence of charge motion over lean SI 

combustion however is less well understood. Additionally, charge motion 

introduced in the main combustion chamber has the potential to translate to the 

pre-chamber, thereby affecting pre-chamber mixing and combustion. The effect of 

charge motion on mixing and combustion comprehensively throughout the engine 

cycle is unknown and has not been investigated. This study seeks to evaluate the 

impact of charge motion on mixture preparation and combustion processes in a jet 

ignition engine. 

Experimental engine testing is undertaken to quantify the impact of differing levels 

and types of induced charge motion on pre-chamber and main chamber 

combustion. An analysis of high speed pressure data from the pre-chamber 

provides insight into how charge motion affects pre-chamber combustion stability, 

and how instabilities cascade to the main chamber combustion event. A set of 

simulations, matched to experimental engine results, is used to develop an 

understanding of charge motion influence over the complexities of in-pre-chamber 

phenomena that are not easily observed experimentally. From the synthesis of 

these data sets, a clear understanding of the role that charge motion plays in 

homogeneous highly dilute jet ignition engines emerges. This study quantifies the 

impact that charge motion has on lean limit extension and engine efficiency, 

identifies optimal charge motion type, and provides a roadmap for engine system 

optimization. 
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Chapter 1 

Introduction 

1.1 Preface 

The transportation sector remains a significant source of global Greenhouse Gas 

(GHG) emissions. A combination of societal and governmental pressure has 

resulted in increasingly stringent global regulation of GHG emissions from this 

sector. This factor has played a significant role in the establishment of multiple 

viable powertrain types for the passenger car market. Internal Combustion Engine 

(ICE)-based powertrains are now joined by battery electric and hydrogen fuel cell 

powertrains for sale in the market. These latter powertrains offer significant 

advantages over ICEs, including the absence of local criteria pollutant emissions 

and increased efficiency. The increased efficiency of these powertrains coupled 

with the generally lower carbon intensity of fuel production produces lower GHG 

emissions on a well-to-wheels basis. 

However, these alternative powertrains face steep market cost barriers and are 

predicted to grow slowly in global market share over the next few decades. ICE-

based powertrains are expected to continue to dominate the global passenger car 

market and vehicle fleet through at least 2030, as shown in a graph of EU 

passenger car sales by type (Fig. 1-1).    

 

Figure 1-1: EU passenger car sales, historic and predicted, by vehicle type [1]. 
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As can be observed in Fig. 1-1, ICE-based powertrains are expected to constitute 

the majority of new car sales in the EU through at least 2030. The majority of these 

are expected to have some degree of hybridization in the powertrain. In other 

global markets such as heavy duty on-road transportation and megawatt-scale 

industrial power generation, ICEs are expected to remain the dominant power 

source for even longer, albeit in some cases operating in hybrid powertrains 

utilizing low carbon fuels where available. It is therefore critical to continue to 

investigate pathways for significant GHG reduction in ICE powertrains. To meet 

upcoming GHG regulations, a step change in ICE efficiency is required. Figure 1-

2 demonstrates the impact that increased ICE efficiency can have on EU 

passenger car fleet GHG emissions. 

 

Figure 1-2: Tank-to-Wheels (TTW) GHG emissions in million tons CO2 equivalent 

by influencing factor 2015 vs. 2030 in the EU passenger car fleet [2]. 

A method being explored to accomplish this step-change efficiency goal is dilute 

gasoline combustion [3,4]. A major limitation in developing dilute combustion 

systems is the less favorable ignition quality of the mixture. This has necessitated 

the development of higher energy ignition sources [5,6]. A pre-chamber combustor 

is one such technology [7-9] and such combustion concepts have already 

demonstrated the potential for stable main chamber combustion at high levels of 

dilution [10]. 

Pre-chamber combustion systems possess numerous parameters than can be 

optimized in order to increase efficiency, minimize engine-out emissions or aid 

practical engine operation. While many of these parameters have been studied 

extensively [11-13], one parameter for which there is minimal published data on its 

effect on pre-chamber combustor processes is charge motion. Charge motion 

refers to ordered motion of air or of air-fuel mixtures initiated in the intake system 
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and formed in the cylinder through deliberately induced bulk air motion, which 

subsequently breaks down into smaller scales ahead of the ignition event. The bulk 

charge motion is typically designed to aid fuel-air mixing to minimize emissions. 

As these bulk motions break down into smaller scales this further aids fuel-air 

mixing. Charge motion also participates in the combustion process. The influence 

of charge motion on combustion of easily ignitable fuel-air mixtures is negligible, 

but the influence may be more prominent in difficult-to-ignite mixtures. Pre-

chamber combustion, as well as nearly all high efficiency advanced combustion 

modes, maximizes ICE efficiency by enabling combustion of difficult-to-ignite 

mixtures, in this case mixtures with a significant excess of air participating in the 

turbulent combustion process. Investigating the influence of charge motion on pre-

chamber combustor operation, and whether it can be used to further increase the 

efficiency potential of pre-chambers, is relevant. 

1.2 Relevance 

Pre-chamber combustors have garnered significant industry interest for a variety 

of applications in the past 5 years. Market applications under investigation or that 

have been commercialized include passenger car, heavy duty on- and off-road 

vehicle, motorsport, marine, small engine, and industrial power generation. One 

school of thought considers pre-chambers to be commodities for upfitting of 

existing engines with minimal system changes. Another school of thought, 

championed by this author, considers pre-chambers as integral elements of an 

engine system optimized for highly dilute high efficiency operation. As such, 

numerous parameters within the engine and peripheral systems must be optimized 

in order to maximize efficiency and robustness of the engine. This work focuses 

specifically on optimizing charge motion to increase concept viability and system 

efficiency. It is hoped that this work can be used as a part of a broader roadmap 

for better understanding and optimized pre-chamber combustion engines. 

1.3 Research Objectives 

The primary purpose of this work was to identify optimal charge motion for use in 

a homogeneous highly dilute pre-chamber combustion engine that extends the 

lean limit of the engine and increases efficiency. Experimental engine testing was 

performed at various operating conditions, coupled with correlated simulations in 

order to address these specific research objectives: 

1) Identify the influence of varying types and levels of charge motion on in-

cylinder combustion, and quantify its effect on key engine parameters 

including combustion stability, lean limit, burn duration, and thermal 

efficiency 
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2) Define the comprehensive effect that varying levels and types of charge 

motion have on the full engine cycle, including in-pre-chamber phenomena 

such as mixture preparation and pre-chamber combustion 

3) Identify optimal charge motion type for use in pre-chamber-enabled highly 

dilute combustion systems and quantify the impact that optimized charge 

motion has on system efficiency. 

1.4 Thesis Outline 

The context of the work and the research objectives are described in Chapter One. 

Chapter Two, a literature review, provides a comprehensive description of the base 

high efficiency pre-chamber technology, the mechanisms for efficiency increase in 

highly dilute ICEs and a review of the current and researched uses of charge 

motion in ICEs. A review of the experimental engine platform and the details of the 

test plan employed in this study comprise Chapter Three. Chapter Four includes 

explanation of the limitations of the experimental approach in developing a 

fundamental understanding of in-pre-chamber phenomena. The chapter also 

incorporates a description of the simulation approach used in this study and 

explanation of how this was utilized to fill in the gaps in system understanding. The 

concept of pre-chamber applicability, the ability of the highly dilute pre-chamber 

combustion system to accommodate all aspects of modern engine map operation, 

is introduced in Chapter Five. Experimental engine results focus specifically on 

addressing low load operation limitations, a historic weakness of pre-chamber 

combustion concepts. This chapter also introduces the role that differing types and 

levels of charge motion can play in aiding operation in difficult-to-ignite regimes. In 

Chapter Six the concept of charge motion optimization is examined 

comprehensively through experimental engine results coupled to correlated 

simulation results to help explain complexities that cannot be experimentally 

observed. Chapter Seven concludes this study by summarizing the results and 

describing their relevance to the industry and the required future work.   
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Chapter 2 

Literature Review 

2.1 Introduction 

Largely since the inception of the internal combustion engine in the mid-1800s it 

has served as the dominant power plant for global transportation [14]. The features 

and advantages of the Internal Combustion Engine (ICE) that led to its ubiquity are 

still relevant to todayôs transportation sector. These include: power-to-weight ratio 

of the engine, scalability of power, durability, cost, and ease of use and 

maintenance [9]. With the strain that an increasing global population, amongst 

other factors, places on resource utilization, the disadvantages of ICEs have drawn 

increasing scrutiny for at least the last 40 years [15]. The primary disadvantages 

with far reaching market and environmental implications are the relative 

inefficiency of fuel usage that is characteristic of ICEs and the chemical byproducts 

of the internal combustion process, many of which are detrimental to human 

health. Advances in ICE design and operation in recent decades have sought to 

address these disadvantages. The implementation of these and future 

advancements are critical to both ensuring the short-term viability of the ICE and 

minimizing its deleterious impact on the environment and human health. 

2.2 Efficiency Loss in Engines 

2.2.1 Sources of Efficiency Loss 

To understand the scale of advancement needed in these areas, it is important to 

examine the operating principles of ICEs and, subsequently, the efficiency loss 

pathways. ICEs create an exothermic reaction by combusting fuel with an oxidizer, 

thereby converting the chemical energy of the fuel to thermal energy. This reaction 

occurs in an enclosed chamber bordered by a reciprocating piston. The expansion 

of the chamber during the combustion process converts a portion of the thermal 

energy to mechanical work. A crank-slider mechanism arrangement converts the 

reciprocal motion of the piston into rotational shaft work. This shaft work ultimately 

is used to drive the end application, which can be electrical power production, 

wheel rotation, propeller rotation etc. In conventional ICE transportation 

applications the working fluid of the engine is a combination of filtered ambient air 

and a petroleum-based fuel. Spark ignited (SI) engines, the dominant ICE mode in 

the US passenger car market and a mode controlling over 70% passenger car 

market share globally [16], ignite a mixture of gasoline and air using a thermo-

electrical pulse from a spark plug. Passenger car engines in the US and Europe 

exclusively operate using a four-stroke cycle. This cycle defines the working fluid 
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exchange process in the combustion chamber. The four ñstrokesò are defined by 

piston movement in specific directions and the functions of these movements. The 

process can be summarized as: 1) intake of working fluids driven by piston motion 

downward (volume expansion with an intake valve open), 2) compression of 

working fluids driven by piston motion upward in the closed system followed by 3) 

combustion, expansion of the combustion products forcing piston motion 

downward in the closed system, and 4) exhaust of the combustion products 

through an open exhaust valve driven by piston motion upward. Four-stroke SI 

passenger car engines are of most relevance to this thesis and will therefore be 

the focus of all subsequent discussion. 

With the combustion reaction occurring in the closed chamber bordered by (and 

overlapping) the compression and expansion strokes, power generation can be 

effectively described by a relationship between pressure and volume as a 

surrogate for the effect of thermal energy on the reciprocating piston [9,17]. This 

methodology is also consistent with the most effective means by which to measure 

the thermodynamic impact of the combustion process in engines [18-20] i.e. 

pressure measurement. A common depiction of the combustion process in ICEs is 

therefore a measured or predicted value of pressure inside the combustion 

chamber versus the volume of that combustion chamber as dictated by the piston 

position. Another common depiction of this process uses logarithmic values of 

pressure and volume, as shown in Fig. 2-1. This latter approach provides a clear 

illustration of the higher pressure state of the combustion chamber contents 

resulting from the combustion event, analogous to the useful work generated by 

this event [21,22]. 
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Figure 2-1: Representative in-cylinder pressure measurement and 

pressure-volume relationship for various cycles [23]. 

The collective impact of the efficiency loss pathways of the engine can be 

qualitatively demonstrated by a comparison of an ideal cycle with its real-world 

counterpart. An ideal cycle is a representation of the combustion process with 

several key assumptions: 1) it is a closed system that only considers 

pressure/temperature events in the combustion chamber with working fluids that 

are present and do not leave, 2) it assumes that the chemical-to-thermal 

conversion process of the working fluids is complete with no chemical exergy 

remaining, 3) it is an isentropic system meaning that there is no loss of thermal 

energy through conduction or convection to the environment as a result of 

compression, combustion, or expansion, and 4) there are no structural limitations 

of the physical engine to the combustion process, i.e. the engine can structurally 

withstand the pressure rise resulting from combustion with no loss-inducing 

accommodations needed [22-25]. 
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There are two common approaches to expressing ideal efficiency in ICEs. The 

constant volume approach assumes that the totality of the combustion process is 

experienced by the system instantaneously, meaning that even though the 

continuous motion of the piston results in continuously varying chamber volume, 

volume is essentially fixed while combustion occurs [23,26,27]. In order to produce 

the maximum pressure, the constant volume ideal cycle assumes that combustion 

occurs when volume has reached a minimum, a position known as Top-Dead 

Center (TDC). This cycle is characterized by an instantaneous increase in 

chamber pressure at TDC that only decreases proportionately to the subsequent 

decrease in chamber volume during the expansion stroke.  

The second ideal cycle type is known as the constant pressure method. This 

assumes that the combustion event produces a pressure that remains constant as 

the volume is increased during the expansion stroke [9,23]. Practically, the 

constant pressure approach assumes a combustion event with a finite duration 

that encompasses a significant portion of the expansion stroke. There is no sudden 

increase in pressure here; the pressure that the engine would experience at TDC 

in the absence of a combustion event is achieved and maintained over most of the 

subsequent expansion stroke resulting from the combustion event. 

While both of these cycles generate work from the combustion-induced pressure 

rise, the constant volume approach produces a higher thermal or ñfuel conversionò 

efficiency due to the pressure rise event occurring solely at a minimum volume 

condition, thereby maximizing the downward force on the piston. Real-world SI 

cycle pressure-volume curves lie between the two ideal cycles. A rapid but not 

instantaneous pressure rise event continues over a finite period of time, generating 

work on the piston in a manner that reflects a combination of the two ideal cycle 

approaches [9,23]. Figure 2-1 displays the constant volume and constant pressure 

ideal cycles as well as a real-world SI cycle. These cycles are compared using 

pressure traces versus piston position and logarithmic pressure and volume 

relationship. 

As can be inferred from Fig. 2-1a, SI engines adhere more closely to constant 

volume ideal cycles than constant pressure in terms of the mechanics of the 

combustion-induced pressure rise event [28]. Examining Fig. 2-1b, the most 

apparent deviations from the ideal cycle occur during the combustion event, and 

with the addition of the gas exchange process. The latter accounts for both the 

open nature of the system during this phase, and for the fact that half of the cycle 

(two of the four strokes) is used to induce exchange of the working fluids. These 

two apparent deviations represent two specific types of efficiency losses 

experienced by real-world SI engines, namely real combustion and pumping 
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losses, respectively. These and the remaining efficiency losses are described 

below: 

Real combustion: This efficiency loss is introduced due to the fact the combustion 

process does not occur instantaneously but instead has a finite duration. This finite 

duration means that combustion can and typically does occur as the volume 

reduces (compression stroke) and as it expands (expansion stroke). Pressure rise 

during the compression stroke creates a downward force on the piston as it is 

moving upwards toward TDC, thereby minimizing the effectiveness of that work. 

Conversely pressure rise as the piston is moving downward more closely aligns to 

the constant pressure ideal cycle which is limited in its ability to create work as 

previously discussed. Real combustion loss is therefore due to both the finite 

duration combustion and the location of its energy release centroid relative to the 

piston position [29]. Ideally the centroid would occur precisely at TDC with equal 

combustion durations before and after this point. In real-world applications the 

ideal location for this centroid is slightly after the piston reaches TDC due to the 

asymmetric nature of fuel combusting in the cylinder relative to the TDC position 

of the piston [30,31]. 

Incomplete combustion: The ideal cycles assume a complete conversion of fuel 

chemical energy to thermal energy in the combustion process. In practical 

application, this process is incomplete. The chemical kinetics that drive the fuel 

conversion process are controlled by two key partially interrelated parameters: 

temperature of the reaction site and relative proportion of fuel to oxidizer at the 

reaction site [32]. The ability of the process to maintain a suitably high reaction site 

temperature is dependent on the thermal energy produced at the reaction and the 

surrounding environment. If local environmental factors induce a rapid transfer of 

thermal energy away from the reaction site, the chemical kinetics of combustion 

can be arrested. This is often manifested as the production of intermediate 

combustion species or, in more extreme cases, completely unconverted fuel [32-

34]. Secondly, the proportion of fuel to oxidizer dictates the composition of the 

resulting species. Local variations in mixture proportion, specifically resulting in 

fuel-rich conditions can also produce intermediate combustion species, with 

subsequent reactions arrested due to lack of oxidizer. 

Heat transfer: One of the most significant deviations from the ideal cycle, and one 

of the most significant sources of efficiency loss in ICEs is heat transfer. There are 

two general categories of heat transfer: in-cylinder and exhaust. Thermal energy 

produced during combustion is transferred to the physical barriers of the 

combustion chamber through conduction (combustion flame contact with chamber 

walls) and convection. Due to the nominal delta in temperature between the 

working fluid (especially during compression) and combustion products (mostly 
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during expansion), and the chamber barrier, heat transfer is induced. Thermal 

energy is also lost to the exhausted combustion products due to the heat capacity 

of these products and, generally, an expansion ratio equivalent to the compression 

ratio (CR) that does not allow enough expansion to reduce the working fluid back 

down to the initial temperature prior to the exhaust stroke [35]. Some of this thermal 

energy can be recovered as useful work using heat recovery technologies that are 

ancillary to the ICE, but the energy recovery rates of these are typically low and 

reducing heat losses directly from the ICE presents a much clearer pathway for 

overall system efficiency gain. 

Ideal cycle: This category of efficiency loss occurs due to the fact that the ideal 

cycle assumes an isentropic process but a real-world combustion event is an 

exothermic reaction that is irreversible [9,23,36]. If a real-world system were in fact 

closed and the working fluid remained in the chamber, the cycle could not return 

to its initial state due to the 1) lack of time to reach equilibrium, 2) loss of thermal 

energy through the chamber walls, and 3) the inability of the combustion process 

to reverse itself and reconvert the thermal energy into chemical energy held in a 

working fluid [23,37]. Real-world ICEs are open systems that exchange 

combustion products with replacement fuel and air each cycle in order to ensure 

that the system returns to the initial state temperature and pressure. Similarly, 

compression and expansion are polytropic processes. The thermal energy 

generated by compression also transfers to the surrounding material and exits the 

system through conduction. The Carnot cycle describes how a peak efficiency is 

limited by the upper and lower bound temperatures in the system [9,37-39]. 

Pumping: As the engine must acquire a new working fluid every cycle, it is 

responsible for the exhaust of the previous cycleôs combustion products and the 

intake of the subsequent cycleôs fuel-air mixture. These products travel quickly 

through exhaust and intake valves. The diameter of these valves is generally 

limited by the geometry of the combustion chamber [9]. Piston motion during the 

exhaust and intake strokes forces flow through these restrictions leading the ICE 

to expend work to induce gas exchange. This can be exacerbated by the throttling 

feature of SI engines. Engine power is controlled by quantity of fuel combusted in 

the cylinder. As SI engines can only operate in a narrow band of air-to-fuel ratios, 

a throttle is present in the intake to proportionately control the quantity of air 

present in the cylinder as well. At low power levels in particular, the restriction 

placed on the system by the throttle leads to significant efficiency loss. 

Friction: Power generation in an ICE is contingent on its ability to ensure that the 

bulk of the work generated in the combustion chamber is used to drive downward 

movement of the piston. This means that the piston must seal with the liner to 

minimize leakage during the combustion phase and expansion stroke, which it 



11 
 

does through the use of sealing rings. The presence of continuously moving 

components in contact with each other results in energy loss through friction. 

Numerous contact points of moving components in ICEs translate into many points 

of friction loss. This can be mitigated somewhat with the use of lubricants, low 

friction coatings, and attention to component surface finish [40,41]. 

Other losses: While the following are not thermodynamic losses, they do represent 

aspects of ICE design and operation that are given significant consideration by 

engine manufacturers and have a direct bearing on engine efficiency. 

Knock: In SI engines, ignition of the fuel-air mixture is initiated and therefore 

controlled by the time at which the spark plug is activated. ñAbnormal combustionò 

results when ignition occurs locally in the combustion chamber independent of 

spark timing or independent of the primary combustion event induced by the spark 

plug. The latter event is known as knock, whereby a local fuel-air mixture auto-

ignites before being consumed by the encroaching flame front initiated by the spark 

plug. Initiation of combustion causes pressure and therefore temperature to rise in 

the unburned portion of the combustion chamber. This localized pressure rise can 

cause auto-ignition, resulting in irregular and localized spikes in heat release which 

can cause considerable damage to engine components such as the piston and 

piston rings. The primary means by which to avoid knock is to reduce the geometric 

CR of the engine which in turn reduces background pressure and temperature in 

the combustion chamber [42]. This reduction in CR limits the thermal efficiency of 

the engine according to the following equation: 

ὲ ρ      Eq. 2-1 

Where ὲis fuel conversion or thermal efficiency, ὶ is the CR, and ɔ is the ratio of 

specific heats. 

Component protection: In modern ICEs there are typically many ancillary 

subsystems, the operation of which can necessitate occasionally inefficient 

operation of the ICE itself. As an example, the use of turbochargers is becoming 

increasingly common for ICEs. Turbochargers are operated using the exhaust 

enthalpy of the ICE. While the ICE can generate a wide range of exhaust 

temperatures, turbochargers cannot necessarily tolerate this same wide range of 

temperatures. Therefore, at certain conditions such as high speed and high load 

operation ICEs are operated with rich fuel-air mixtures in order to reduce exhaust 

temperature while still achieving the desired load [43]. As mentioned previously, 

rich operation has the added negative effect of increasing the incomplete 

combustion loss of the engine. 
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Figure 2-2 shows a map of brake specific fuel consumption (BSFC) for a typical 

modern SI engine. The map is annotated to show the primary efficiency loss 

pathways in each speed and load region of the map. While certain losses such as 

friction are omnipresent, friction becomes dominant at higher engine speeds. Here 

rubbing friction increases due to rotational speeds of components such as the 

crankshaft and camshafts [44]. Likewise in-cylinder heat transfer loss is dominant 

at lower engine speeds when there is more residence time for heat to dissipate 

from the cylinder wall through the engine block and head, thereby reducing the 

average temperature of the cylinder wall and driving a greater delta temperature 

between combustion products and cylinder surface [45]. Higher in-cylinder 

pressure and temperature at high load introduces the probability of knock 

occurring. The most effective method to actively reduce knock at these conditions 

is to retard spark timing, shifting the centroid of combustion further away from the 

TDC position. This lowers combustion temperatures but also introduces a 

significant real combustion loss as the centroid occurs further away from its 

optimum location. The later combustion process also leads to increased heat loss 

to the exhaust due to the higher temperature of the in-cylinder contents at the time 

of exhaust valve opening [43]. The need to reduce exhaust temperature at high 

speed, high load conditions is dictated by turbocharger component temperature 

limitations in turbocharged applications such as the example shown. An effective 

method to reduce exhaust temperatures in this region is to operate rich of 

stoichiometric. Rich operation, by definition providing a lower quantity of oxidizer 

than required for complete conversion of fuel during the combustion process, leads 

to an incomplete combustion loss. Finally, low load operation efficiency suffers 

deficiencies due to both the high degree of throttling needed to achieve the load 

and the limited CR which limits ideal efficiency and elongates burn duration. As 

can be clearly inferred from Fig. 2-2, efficiency in a modern SI passenger car 

engine is compromised, sometimes severely, by the requirement that engine 

operation encompasses a wide range of speeds and loads in order to meet 

operator demand for power and torque. The most effective modern high efficiency 

engine technologies are flexible enough to mitigate these compromises in multiple 

regions of the engine map.  
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Figure 2-2: BSFC engine map from the MAHLE DI3 Downsizing demonstrator 

engine with dominant efficiency losses by region [46]. 

Figure 2-3 presents an energy analysis that depicts the loss pathways for fuel 

energy in an engine similar to the one depicted in Fig. 2-2, and how the relative 

magnitudes of these pathways change at different speed and load conditions. The 

x-axis is brake mean effective pressure (BMEP) in bar. It is notable that the most 

significant loss pathway, heat transfer (combined in-cylinder and exhaust), 

remains the largest detriment to engine efficiency throughout the engine map. It is 

therefore not coincidental that many advanced combustion technologies that 

successfully achieve step changes in engine peak efficiency are occasionally 

described as ñlow temperature combustionò concepts [47].  

In Fig. 2-3, note that at 1.5 bar BMEP the pumping loss due to throttling is a 

significant percentage of the total fuel energy. This loss diminishes as BMEP is 

increased and the engine is de-throttled and boosted. Incomplete combustion loss 

increases substantially at the highest BMEP due to enrichment (normalized air-

fuel ratio, or lambda = 0.79) and retarded combustion phasing, both of which also 

contribute to a decrease in in-cylinder heat loss. 
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Figure 2-3: Energy loss analysis for the 1.5L MAHLE DI3 engine at 3000 rpm and 

various loads. Data courtesy of MAHLE Powertrain UK. 

Some of the fuel energy that is dissipated through the loss pathways can be 

recovered. Only a few of the pathways lend themselves to energy recovery; a 

method that has been investigated for the past couple decades involves utilizing 

the heat transferred to the exhaust to perform work in service of an ancillary 

subsystem in the vehicle. Waste heat recovery technologies, some of which have 

been commercialized, take advantage of the relatively high heat flux in an exhaust 

system to provide continuous heat to a boiler or other Rankine cycle device [16, 

48]. While this is a promising and in many cases cost/benefit positive application, 

Fig. 2-4 demonstrates the thermodynamic limitations of recovering the energy 

present in the exhaust. The x-axis is BMEP in bar and the y-axis is percent of total 

fuel energy at a given BMEP. The analysis in Fig. 2-4 is based on the 2nd Law of 

Thermodynamics and contrasts the exergy or energy availability in the exhaust 

with the energy present in the exhaust as determined by the 1st Law of 

Thermodynamics. While exhaust temperature and, under certain conditions, 

pressure are elevated versus atmospheric values and there is chemical energy 

contained in the emissions constituents, only a relatively small proportion of this 
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energy can be extracted to perform useful work in a dedicated application [38]. 

Waste heat recovery therefore cannot be used to significantly offset the base 

engine efficiency loss associated with heat transfer; this loss pathway is more 

effectively addressed through combustion and in-cylinder processes that reduce 

heat transfer at the source of heat generation [49,50]. 

Note that the most exergy is available at the highest BMEP condition due to the 

elevated pressure of the exhaust and the availability of species capable of 

exothermic reactions in the exhaust resulting from rich operation. Exergy is a 

relatively small percentage of exhaust energy at the low and mid load conditions. 

 

 

Figure 2-4: 2nd Law exergy loss analysis at 3000 rpm and various loads. Data 

courtesy of MAHLE Powertrain UK. 

2.2.2 Technologies to Minimize Efficiency Loss 

The following section describes selected ICE technologies that have been 

developed for the purpose of minimizing one or more of the efficiency loss 

pathways described above. 
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Direct Fuel Injection (DI): Prior to the advent of DI for SI engines, fuel was typically 

injected in the intake manifold or in the individual intake ports. Port Fuel Injection 

(PFI) allows for relatively low fuel pressure requirements and therefore reduced 

parasitic loss on the engine and relatively homogeneous fuel-air mixing. There are 

however two prominent disadvantages to PFI. Firstly, the fuel injected in the port 

displaces air that would otherwise enter into the cylinder, resulting in a reduced full 

load volumetric efficiency for the engine. Secondly, PFI does not allow fuel 

targeting or other fueling-based combustion strategies. DI technology enables fuel 

injection directly into the cylinder. While higher fuel pressures are necessary to 

overcome the higher background pressure of the cylinder, pumping losses are 

decreased due to the elimination of the air displacement effect. Spray targeting 

and multiple injection events in the same cycle to optimize operation such as cold 

start are possible with DI. The DI provides an additional benefit in that the injected 

fuel must undergo a phase change from liquid to vapor in the cylinder as opposed 

to the port. This phase change requires energy input from the system which in turn 

reduces the temperature of the compressed fuel-air mixture. As knock is highly 

sensitive to local pressure and temperature, this ñcharge cooling effectò reduces 

knock and allows for more optimal combustion phasing (reducing real combustion 

loss in otherwise knock-limited engine map regions) and/or increased CR 

(reducing ideal cycle loss). DI SI engines currently have significant market 

penetration and the controllability and efficiency benefits of this technology make 

it complimentary to other modern SI engine technologies such as downsizing [51-

54].  

Engine Downsizing (Rightsizing): The advent of DI injection and especially boost 

system development breakthroughs such as high capacity, active geometry, and 

multi-stage boost systems has enabled engine downsizing. Engine downsizing is 

a mode of engine operation with both component-level and system-level 

considerations that is intended to not only increase peak engine efficiency but drive 

cycle average efficiency as well. The technology is self-descriptive and involves 

replacing large displacement naturally aspirated or moderately boosted engines 

with smaller engines that are more heavily boosted in order to achieve similar peak 

power levels. The smaller displacement requires the engine to operate at higher 

BMEP levels in order to achieve similar peak power levels. As pumping loss 

reduces significantly with increased load, downsized engines display higher 

efficiency than corresponding non-downsized engines at common power levels 

and averaged over a drive cycle. Though the more highly loaded downsized 

engines encounter higher friction due to component sizing safety factors, this is 

compensated by the reduced pumping loss at the engine peak efficiency speed 

and load, resulting in generally higher efficiency than a corresponding non-

downsized engine [55-58], as is described in Fig. 2-5. Downsizing requires the 
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engine to achieve higher specific power output than the corresponding baseline 

engine. This headroom is provided by changes to the engine and ancillary systems 

including lower restriction intake design and valve size, high efficiency boosting 

system and charge air cooler, DI injection strategies, and lower CR, though the 

latter is tempered by leveraging the charge cooling effect of DI to reduce knock 

[59]. 

 

Figure 2-5: Benefits and limitations of engine downsizing with regards to specific 

power output and fuel/CO2 reduction [46]. 

Over-Expansion: While knock is a big impediment to further increasing CR, it is not 

in and of itself a limit to further increasing the expansion ratio. The Atkinson cycle 

engine, developed by James Atkinson in the 1880s [60] sought to decouple what 

was until then an inextricable relationship between the compression and expansion 

ratios. The inherent lack of charge density with the smaller compression stroke 

was addressed by turbocharging in Ralph Millerôs patent of the Miller cycle engine 

in 1957 [61]. While Atkinsonôs and Millerôs engine concepts included mechanical 

linkages in the crankshaft and connecting rod to physically decouple compression 

and expansion in a common cylinder, subsequent innovations have also included 

the use of variable valvetrain systems to independently adjust charge flow during 

the intake and exhaust strokes [51]. The increased expansion ratio reduces the 

temperature of the post-combustion in-cylinder charge, thereby returning the 

charge to a pressure and temperature condition closer to its original state. This 
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modification to the Otto cycle results in a reduced ideal cycle efficiency loss that 

overcompensates for the increased friction in modern mechanical linkage-based 

systems [62-64]. 

Dilution via Exhaust Gas Recirculation (EGR): EGR is a technology that involves 

siphoning a portion of the exhaust gases from the engine, cooling the gas, and re-

entering it into the cylinder. It was originally conceived as an emissions control 

technology for diesel engines [65]. As NOx emissions are sensitive primarily to 

temperature, an added diluent acting as a heat sink lowers engine-out NOx by 

limiting bulk combustion temperatures. EGR is rich with high heat capacity 

molecules such as N2 that trap thermal energy and is relatively low in O2 which, in 

excess, could increase NOx formation [65]. When applied to SI engines, EGR has 

an added effect on efficiency. The higher heat capacity of the EGR reduces 

combustion temperatures which in turn reduces in-cylinder heat loss and increases 

the value of the ratio of specific heats, further increasing the ideal cycle efficiency. 

Additionally, the introduction of EGR necessitates engine de-throttling, reducing 

pumping loss [66]. There is a limit to the EGR dilution tolerance of SI engines that 

is dictated both by poor kernel development during ignition and slow flame front 

propagation during the combustion process. Both of these factors are temperature 

dependent and so the heat capacity of EGR is both an efficiency benefit under 

nominal operation and ultimately a deficit to dilution tolerance [67,68]. One method 

that is used to expand the EGR dilution tolerance has been increased charge 

motion, primarily tumble, in the cylinder. High degrees of charge motion serve to 

stretch the flame front into areas of otherwise challenging propagation, and the 

additional turbulent kinetic energy in the cylinder serves to increase bulk flame 

speeds. This charge motion benefit to flame front propagation can be 

counterweighed by inadvertent stretching of the kernel during ignition which can 

extinguish the kernel at certain conditions [69]. 

Dilution via Excess Air: As an alternative to EGR dilution, dilution with excess air 

has been studied extensively in SI engines [70]. The benefits are similar to EGR 

dilution, with the exception of the ratio of specific heats (ɔ) and oxygen availability. 

The ratio ɔ is a product not just of temperature of the working fluid but also of its 

constituents. The constituents of air give it a higher ɔ value than EGR, therefore 

the efficiency potential is higher [71]. This is reflected in the potential for lower in-

cylinder heat loss. A lean system does not need the added complexity of an EGR 

valve and cooler, but air dilution does prohibit the sole use of a 3-way catalyst to 

control emissions in passenger car engines because this catalyst is effective only 

at nominally stoichiometric conditions. Additionally, as described by the Zeldovich 

mechanism [72], NOx emissions increase in the near lean region, with a peak at 
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approximately ɚ=1.1. Therefore, to minimize the burden on the aftertreatment 

system, ɚ values in this region must be avoided.  

Similar to EGR dilution, poor kernel formation and slow flame front propagation 

resulting from ɚ flammability limits of specific fuels dictate a lean limit of the engine, 

a limit that rarely exceeds ɚ=1.4-1.6 in modern SI engines using conventional spark 

plugs [9]. A method to increase dilution tolerance is stratification of the fuel in the 

cylinder as enabled by DI fuel systems [73]. In this configuration, a multi-pulse 

strategy or careful spray targeting is employed to ensure a near-stoichiometric 

mixture at the spark plug to promote rapid kernel formation. The remaining 

stratification in the cylinder means that fuel is consumed at a variety of ɚ values. 

While this approach typically results in significantly lower engine-out hydrocarbon 

(HC) and carbon monoxide (CO) emissions than with EGR dilution, these 

emissions and NOx are still relatively high compared with a homogeneous lean 

approach [75,75]. The high emissions levels at low temperature lean conditions 

have resulted in complex and costly emissions control solutions in production 

applications [76]. 

2.3 Dilute SI Combustion 

Introducing high levels of homogeneous dilution, through the use of either EGR or 

excess air, has been definitively proven to increase the thermal efficiency of ICEs. 

The necessary mechanism to achieving stable, highly dilute SI operation is 

transcending the lower flame speed and flammability limit of the fuel encountered 

under highly dilute operation. Traditional centrally mounted spark plugs are 

typically insufficient to ensure stable lean operation at ɚ values greater than 1.6 or 

EGR values greater than 30%. This limitation is manifested as misfires due to poor 

kernel formation and partial burning due to excessive flame stretch and ultimately 

arrested flame development, both conditions contributing to reduced efficiency and 

elevated HC and CO emissions in addition to being characterized by poor 

combustion stability [5,70,71,73,77]. 

In recent decades this combustion stability limitation has hastened the 

development of advanced ignition systems. These systems generally fall into three 

categories: 1) systems that increase the electrical energy available for ignition, 2) 

systems that rapidly distribute the electrical or thermo-chemical energy generated 

during the ignition process throughout the combustion chamber, and 3) systems 

that combine these two methods [78]. 

Systems that increase electrical energy availability during the ignition process seek 

to ensure robust kernel formation and reduce the sensitivity of this process to either 

a stretching and extinguishing event in high charge motion environments, or rapid 
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heat loss due to dilution [76]. Systems such as long duration or increased 

discharge spark plugs are examples of these systems. Other similar systems such 

as plasma and corona ignition both increase electrical energy and provide the 

electrical energy in such a way that it is more efficiently converted to thermo-

chemical energy inside the combustion chamber. Plasma ignition, as the name 

implies, generates plasma directly as an output of the ignition system. 

The benefit of distributing ignition energy throughout the combustion chamber, 

either inherently or as a function of the ignition process, is that the multiple flame 

fronts that propagate from the resulting ignition points need to traverse less 

physical space and individually consume less fuel in order for the combustion 

process to achieve completion. In this case the reduced flame speed resulting from 

dilution is not directly addressed but indirectly mitigated by effectively segmenting 

the fuel-air mixture in the main chamber with individual ignition points responsible 

for the combustion process only in a given segment. The simplest and most 

practical approach to achieve this goal is the use of multiple spark plugs in the 

combustion chamber. The Chrysler ñHemiò hemispherical combustion chamber is 

a well-known example of the ñtwin-sparkò approach, though this was not originally 

conceived as a high dilution enabling technology. The limitation with this approach 

is the non-ideal placement of the ignition source, by definition nearly flush mounted 

with the combustion chamber roof, as are conventional single spark plugs. As such 

the ability of this type of concept to promote stable, highly dilute operation is limited 

by premature flame truncation and wall interactions [79,80]. 

2.4 Pre-Chamber Combustion 

2.4.1 Pre-Chamber History 

2.4.1.1 Passenger Car Applications 

As can be inferred from the description above, technologies that can both increase 

the electrical or thermo-chemical ignition energy in the system and can distribute 

the ignition energy throughout the combustion chamber possess a strong potential 

to induce stable, highly dilute combustion. A prominent technology that 

accomplishes both is a combustion concept known as jet ignition. Jet ignition is 

combustion process that results from the use of a pre-chamber combustor. Before 

the principles of jet ignition are discussed, it is useful to understand the 

development and incorporation of pre-chambers throughout the history of the ICE. 

As will be illustrated, the pre-chamber is a relatively simple component that has 

demonstrated versatility through its use in a variety of applications. 
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A pre-chamber is a proportionally smaller chamber directly connected to the 

combustion chamber. Its historical uses have spanned low pressure fuel delivery, 

spark plug protection, and use as an ignition system in and of itself. 

The first ICEs to utilize pre-chambers were diesel engines. Prior to the advent of 

direct fuel injection, diesel engines utilized indirect injection (IDI) [81]. One 

common method to achieve this fueling configuration included the use of a pre-

chamber that housed the fuel injector, as originally developed by LôOrange [82,83]. 

Fuel is injected at relatively low pressure into the pre-chamber during the 

compression stroke. The pre-chamber also preserves a portion of the charge 

motion generated in the diesel engine during the intake stroke. This charge motion, 

typically swirl hence the alternative name ñswirl chamberò, translates to the pre-

chamber ensuring that the fuel in the pre-chamber mixed adequately with the 

incoming air [84]. Combustion then initiates in the pre-chamber and continues in 

the main chamber as the local pressure rise in the pre-chamber forces the burned 

and burning contents to transfer to the main chamber. Communication pathways 

between the chambers vary from an open throat to a nozzle with multiple small 

orifices. Prominent examples of the IDI diesel pre-chamber are displayed in Fig. 2-

6. 

This IDI configuration was developed out of necessity due to the lack of an 

implementable solution for high pressure diesel fuel injection for many decades. 

The pre-chamber in the case of IDI offers a containment area for fuel as the main 

chamber is pressurized, preventing it from entering crevice volumes in the 

chamber such as the top land of the piston which would greatly reduce efficiency 

and increase HC and soot emissions. Even during the early adoption of high 

pressure diesel fuel injection systems, pre-chambers were still in use as late as 

the late 1990s due to the ability to maintain a flat top piston crown design, allowing 

diesel engines to achieve relatively high CRs largely independently of the size of 

the pre-chamber volume [85]. Modern DI diesel engines generally utilize inset 

bowls in the piston crown corresponding to the injector spray pattern in order to a) 

avoid liquid fuel impingement on the surface of the piston, and b) prevent the swirl 

motion in the combustion chamber from disintegrating as the piston approaches 

TDC. 
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Figure 2-6: Examples of prominent IDI diesel pre-chamber engines [86]. 

This configuration was translated to SI engines through Sir Harry Ricardoôs patent 

for the Ricardo 3-valve pre-chamber engine on which he first began development 

in 1903 [87]. This is a 2-stroke SI engine that utilizes a relatively large pre-chamber 

separated by a throat passage to the main chamber (shown in Fig. 2-7). A rich 

fuel-air mixture is delivered directly to the pre-chamber via a pre-chamber valve, 

while a lean mixture is delivered to the main chamber through a conventionally 

located intake valve. This forced stratification, remarkably advanced for the year 

in which it was conceived, resulted in a lean burn engine. 

 



23 
 

 

Figure 2-7: Ricardo 3-valve pre-chamber engine [88]. 

It is constructive to examine the differences in form and function between pre-

chambers used in diesel engines and gasoline engines. While IDI diesel pre-

chambers are intended as containment units for the system fuel prior to 

combustion, SI pre-chambers typically contain a percentage of the system fuel 

mass that is approximately proportional to their volume. This means that the 

majority of the system fuel in SI combustion chambers that contain a pre-chamber 

is located in the main chamber whereas ideally none of the fuel in IDI diesels is 

located in the main chamber prior to combustion. This alludes to the differing 

functionality of the two pre-chamber configurations: the IDI diesel pre-chamber is 

a fuel delivery surrogate; the SI pre-chamber is a tool for ignition enhancement. 

Differences between diesel compression ignition (CI) and gasoline pre-chambers 

are detailed in Table 2-1. 

With the 3-valve engine providing the template for the use of a pre-chamber as an 

enabling technology for lean SI combustion, subsequent variations were 

investigated by researchers at several global automotive engine manufacturers 

[89-93]. Nearly all of the variants subsequently patented contained pre-chambers 

that appear, qualitatively if not explicitly, to possess a smaller volume than that of 

the Ricardo 3-valve engine. As is often cited in the development of small 

displacement SI engines surface-to-volume ratio increases as combustion 
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chamber displacement decreases. With combustion occurring in this smaller 

volume, there is a greater surface area through which the thermal energy 

generated during the combustion process can transfer resulting in increased heat 

transfer losses as a percentage of fuel energy [94]. This surface-to-volume effect 

applies to pre-chambers as well but there is a key difference: the main system 

contribution of the fuel ignited in the pre-chamber is to generate thermo-chemical 

energy to ignite the remaining fuel in the main chamber. It is primarily the ignited 

main chamber fuel that contributes to the pressure rise that drives piston motion 

downward. There is a pressure rise in the main chamber resulting from the entering 

pre-chamber combustion products but it is negligible because the percentage of 

fuel used in this process and the jet expulsion phase typically begins and ends 

completely during the compression stroke when conventional main chamber 

combustion phasing is employed. Therefore, a practical system optimization 

pathway would be to minimize the quantity of fuel that is ñsacrificedò for ignition, 

i.e. the quantity of fuel that is burned in the pre-chamber while still generating 

adequate thermo-chemical energy through this process to ignite the main chamber 

contents. Larger volume pre-chambers, with superior surface-to-volume ratios, 

require more pre-chamber fuel in order to ensure an ignitable fuel-air ratio at the 

spark plug. Smaller volume pre-chambers, though they experience heat loss as a 

higher percentage of the fuel consumed, require less fuel in order to ensure 

adequate pre-chamber combustion and therefore result in higher system 

efficiency. This relationship was made more explicit in the work of Gussak on the 

subject in the latter half of the last century [95-101], and it is hypothesized to be 

the reason for the gradual reduction in pre-chamber volume with patents 

subsequent to Ricardoôs. 
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Table 2-1: Differences between CI and SI pre-chamber combustion systems. 

Parameter 
Pre-Chamber Combustion System Type 

CI SI 

fuel delivery to pre-
chamber 

directly via fuel injector 
directly via fuel injector, 
check valve / indirectly 

via piston motion 

pre-chamber mixture 
preparation 

requirements 

translate main chamber 
charge motion to pre-

chamber to promote fuel-
air mixing 

none inherent 

fuel location all fuel in pre-chamber 

throughout both 
chambers, air-fuel ratio 

can differ between 
chambers 

ignition mode 

auto-ignition when local 
stoichiometric mixture is 

achieved in the pre-
chamber 

spark plug ignites pre-
chamber contents 

gas exchange to main 
chamber 

piston motion during 
expansion stroke 

scavenges pre-chamber 

pressure rise in pre-
chamber forces contents 

to exit into main 
chamber 

main chamber 
combustion 

burned products expand 
in the main chamber 

burned pre-chamber 
contents form torches or 
jets that ignite the main 

chamber fuel-air 

primary benefit 
use of low fuel injection 

pressure 

enables knock 
mitigation, dilute 

operation 

primary benefit 
category 

mechanical system Combustion 

 

Some SI pre-chamber concepts developed subsequently to the Ricardo 3-valve 

removed the separate pre-chamber fueling feature [89-92]. In these designs, fuel 

is injected conventionally into the main chamber and piston motion during the 

compression stroke forces a portion of this fuel-air mixture proportional to the pre-

chamber volume to enter the pre-chamber. This type of design, which is commonly 

termed passive pre-chamber, reduces hardware, controls, and packaging 

complexity and provides a more stable combustion event at lean air-to-fuel ratios 

when compared to a conventional SI engine, though enleanment capability is 

limited when compared against a separately fueled, or active, pre-chamber. 
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The most prominent automotive production application of the pre-chamber concept 

in the latter half of the 20th century is the Honda Compound Vortex Controlled 

Combustion (CVCC) engine which was in production from the early-to-mid 1970s 

[102]. The concept is shown in Fig. 2-8. During this period when emissions control 

for automotive engines was first becoming stringently regulated in the United 

States lean combustion was thought of as a viable low engine-out emissions 

alternative to catalytic conversion of emissions constituents in the exhaust pipe. 

The increasing stringency of emissions regulation eventually made catalytic 

conversion of exhaust emissions a defacto mandate. The 3-way catalyst became 

a standard component for automobiles and its requirement for stoichiometric 

operation rendered lean combustion unfavorable at the time [103]. 

 The CVCC, as with most pre-chamber concepts developed and commercialized 

up to that time, incorporated a throat separating the pre-chamber and main 

chamber large enough to keep the flame front intact as combustion proceeded 

from the pre-chamber to the main chamber. Qualitatively appearing similar to a 

blowtorch, this approach relies on a reactive flame to continue its propagation 

through the remainder of fuel-air mixture. Without the challenge of generating and 

maintaining a spark kernel in a lean environment, combustion proceeds and 

moderate enleanment is achieved. As a result this and similar concepts are 

commonly termed torch ignition systems. 

 

Figure 2-8: Honda CVCC pre-chamber engine [102]. 

Commercial pre-chamber igniter usage in the light duty passenger car segment 

was largely extinguished by the late 1970s due to the advent of competing 

emissions control technologies such as catalytic converters. Though they 

presented an emissions control solution robust enough to encompass the highly 

varied operating conditions of passenger car engines, catalytic converters 
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incorporated large quantities of precious metals and therefore represented a 

significant add-on cost to passenger cars. This presented a scaling issue when 

applied to larger engines, with add-on emissions control cost outpacing the 

proportional cost of the engine and peripherals [104]. 

2.4.1.2 Heavy Duty Gaseous Fuel Applications 

In a separate development beginning approximately in the late 1970s, natural gas 

became a prevalent fuel in the large bore power generation sector, with fuel usage 

costs making it a serious competitor to existing diesel fuel [105], especially given 

the fact that key natural gas fuel properties somewhat leant themselves to highly 

efficient lean operation. Many large bore stationary power engine manufacturers 

began adding natural gas variants to their existing diesel engine product line. The 

confluence of these factors made the prospect of lean burn natural gas-fueled 

large bore engines for stationary power attractive to manufacturers and 

consumers. Pre-chamber technology, long familiar to heavy duty diesel engine 

manufacturers and researchers, and in parallel having been established as a lean 

combustion-enabler for SI engines, was therefore developed for this new class of 

large bore natural gas-fueled engines. 

In one notable example, Caterpillar developed a natural gas-fueled variant of its 

3600 diesel engine series in 1991 (Fig. 2-9). This variant incorporated a pre-

chamber combustor (Fig. 2-10) to ignite lean natural gas mixtures. Other large bore 

engine manufacturers such as Wartsila, Waukesha, and Jenbacher also 

commercialized pre-chamber lean burn natural gas engines during this period. 

While many of the pre-chamber applications that were commercialized in the 

industry were passive designs, numerous patents filed by engine manufacturers 

during this time period indicate substantial research interest in active systems as 

well [106]. 

 

Figure 2-9: Caterpillar G3600 engine incorporating pre-chamber combustors 

[107]. 

Parameter Value Units

Bore 280 mm

Stroke 300 mm

Displacement 147.8 L

Cylinders 8 -

Power 2460 kW

Torque 24700 Nm



28 
 

 

Figure 2-10: Passive pre-chamber for use in Caterpillar G3600 engine [108]. 

2.4.2 Jet Ignition 

2.4.2.1 Introduction 

An alternative to torch ignition was first researched by Nicolai Semenov in the 

1950s [109-111], followed shortly by pioneering research by Lev Gussak that led 

to a commercial application in the Volga sedan engine. This combustion mode, 

relying on similar components but with a significantly different combustion 

mechanism to torch ignition, is known as jet ignition. While it retains the pre-

chamber combustor, jet ignition differs primarily from its antecedent by the manner 

in which combustion translates from the pre-chamber to the main chamber. Torch 

igniters are generally designed to promote continuous flame front propagation from 

pre-chamber to main chamber, with different mixture preparation conditions in 

each to promote rapid kernel development at the spark plug and robust early flame 

generation. With jet ignition systems, particularly in Gussakôs designs, the 

relatively large diameter throat that separates the two chambers is replaced by a 

nozzle containing one or more small orifices with diameters smaller than the 

quench diameter of the combusted fuelôs flame. With this design the pre-chamber 

flame front is quenched and combustion is discontinuous as it translates between 

the chambers [95-101]. 

Without the reactivity of the sustained flame front, jet ignition systems must rely on 

other mechanisms to successfully achieve main chamber combustion. Jet ignition 
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systems initiate combustion in the main chamber through fuel chemical kinetic, 

thermal, and turbulent effects, as is described below: 

1) Fuel chemical kinetic ï similarly to advanced pre-mixed auto-ignition 

concepts such as Homogeneous Charge Compression Ignition (HCCI) or 

Reactivity Controlled Compression Ignition (RCCI) [112-114], main 

chamber ignition is reliant to a large degree on the decomposition of fuel 

molecules eventually achieving an intermediate hydrocarbon species that 

forms chain branching reactions. In this manner, chemical kinetics plays a 

key role in a successful jet ignition process. The difference between jet 

ignition and the aforementioned advanced auto-ignition concepts is that in 

jet ignition a conventional combustion process is underway in the pre-

chamber and then temporarily arrested through flame quenching. The 

process then effectively restarts in the main chamber [115,116]. 

2) Thermal ï though the flame front generated in the pre-chamber is 

extinguished as contents exit through the nozzle orifice or orifices, the 

contents remain at an elevated temperature. This elevated temperature 

prevents a permanent arresting of the chemical kinetic process begun 

during pre-chamber combustion [117]. 

3) Turbulent ï while not a direct trigger for ignition, the gas exchange process 

and turbulence generated by the high velocity jets play a role in determining 

when the re-ignition events occur in the main chamber. A secondary effect 

of the small diameter orifice(s) is that a greater degree of pressure is 

generated in the pre-chamber while the nozzle acts as a restriction to the 

generated pressure wave. This pressure gradient between pre-chamber 

and main chamber forces gas exchange to the main chamber which is 

manifested as ñjetsò that travel at high velocities. This velocity causes a 

delay to the re-ignition process until jet momentum has reduced, and to 

some extent entrains the unburned fuel-air mixture of the main chamber 

[118]. 

With the absence of a flame front, jet-induced ignition in the main chamber 

resembles an auto-ignition process. A conventional flame front propagates 

quickly from each auto-ignition site aided by the entrainment of unburned 

charge. 

Table 2-2 compares the operating approach of torch ignition with jet ignition.   
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Table 2-2: Differences between torch ignition and jet ignition pre-chamber 

combustion systems. 

Parameter 
Pre-Chamber Combustor Functional Approach 

Torch Ignition Jet Ignition 

throat/orifice size > quenching diameter << quenching diameter 

charge velocity, pre-
chamber to main 

chamber 

similar to laminar flame 
speed 

irrespective of laminar 
flame speed 

heat loss through 
chamber 

communication path 
Low very high 

main chamber ignition 
mode 

continuous flame front 
auto-re-ignition of 

radical intermediate 
combustion species 

main chamber ignition 
location 

at throat/orifice exit 
distributed between 
orifice exit and main 

chamber surface 

main chamber burn 
duration potential 

moderately fast very fast 

enleanment capability 
vs. conventional SI 

Moderate, lambda~1.8 High, lambdaÓ2 

 

While the quenching effect of jet ignition resulting from the relatively small orifice 

diameter results in increased heat transfer loss to the nozzle, the primary 

advantage of jet ignition is the ability to distribute the ignition site(s) in the main 

chamber some distance away from the orifice exit. With a multi-orifice nozzle, the 

result is a distributed multi-point ignition system, an achievement that is by 

definition not possible with a torch ignition system.  As is discussed in previous 

sections, this type of ignition system possesses clear benefits for promoting stable 

combustion of very lean mixtures. For example, Gussak was able to achieve a 

homogeneous ɚ = 2 condition with his patented jet ignition concept, a value that 

had not been published as achievable by a torch ignition system to that point [97]. 

To achieve this so-called ultra-lean capability (beyond conventional SI 

enleanment, ɚ > 1.6) direct fueling to the pre-chamber became a necessity. 

Yamaguchi, researching a jet ignition system similar to Gussakôs, confirmed that 

there is both a minimum orifice diameter below which the main chamber re-ignition 

process is compromised, and a maximum orifice diameter above which the jet 

ignition process gradually transforms into a torch ignition process. There is 

therefore a clear optimum range of orifice diameters, irrespective of other factors, 
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where jet radical species formation is maximized and heat loss as the jets pass 

through the nozzle orifices is not unduly detrimental to jet reactivity [117]. 

A resurgence of interest in pre-chamber-initiated lean combustion in the early 

1990s led Dr. Harry Watson to explore the concept of optimum radical formation 

in the pre-chamber through the use of hydrogen injection [119-124]. The concept 

of using hydrogen (H2) as a fuel supplement to increase flame speeds in 

conventional SI engines had been researched previously, but Watson applied this 

concept to pre-chamber combustion in a jet ignition engine in order to generate a 

greater degree of H2 and other highly reactive intermediate species in the jets, 

thereby creating a higher reactivity jet. This research, in one sense a fundamental 

exploration of jet reactivity resulted in a Hydrogen-Assisted Jet Ignition (HAJI) 

engine capable of achieving ɚ = 5 [125]. 

The ability to achieve SI lambdas well beyond what had up to that time been 

achievable led to another conclusion: thermal efficiency does not increase 

continuously with enleanment. In fact Watsonôs research shows that in a HAJI 

engine, peak thermal efficiency is achieved near ɚ = 1.7 for the conditions tested 

[126]. Different pre-chamber and main chamber fuels shift this ñpeak efficiency 

lambdaò slightly but generally efficiency peaked at a ɚ that was shy of the lean limit. 

Figure 2-11 illustrates this effect. Watsonôs results strongly indicated that the 

reason for this was a precipitous increase in incomplete combustion loss as the 

engine is enleaned, likely due to the drop in temperature of the combustion 

chamber surfaces. In this way the reduced combustion temperatures inherent to 

ultra-lean operation are both an efficiency benefit and eventual limitation. 

 

Figure 2-11: Illustrated trends in combustion efficiency (left) and thermal 

efficiency (right) with enleanment. 

While a means of directly fueling the pre-chamber is not a pre-requisite for jet 

ignition combustion, all published ultra-lean-enabling homogeneously mixed 

concepts contain directly fueled pre-chambers. A directly fueled pre-chamber 

allows for separate fuels to be injected in pre-chamber and main chamber. 

Considering the characteristically small volume of jet ignition pre-chambers, the 
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majority of these concepts fueled the pre-chamber with a gaseous fuel such as 

natural gas, propane, or, in the case of HAJI, hydrogen. The reasoning behind the 

use of a gaseous fuel for pre-chamber combustion is stated explicitly by Watson: 

the gaseous fuels considered have wide flammability limits compared to gasoline 

and there is no danger of ñwall wettingò, i.e. having liquid fuel pool onto the surfaces 

of the pre-chamber. When pool burning occurs in the pre-chamber, there is a 

distinct danger of soot generation that damages the spark plug and fuel delivery 

device. Heavy duty stationary natural gas applications also, by definition, use a 

gaseous pre-chamber fuel. Since this is the primary, and for many decades only, 

commercial application of pre-chambers in ICEs, gaseous fuel delivery hardware, 

operating strategy, and general understanding are well established in pre-

chambers [127]. 

2.4.2.2 MAHLE Jet Ignition 

MAHLE Powertrain has been developing a jet ignition concept known as MAHLE 

Jet Ignition® (MJI) since 2007 through the research of Attard [10,128-130] and this 

author [3,4,131]. MJI was originally conceived as a non-hydrogen fueled variant of 

the HAJI concept. In an effort to make the technology more commercially viable, 

MJI research focused on developing a common fueled liquid gasoline variant for 

passenger car applications. The key differentiator between MJI and its 

antecedents is the incorporation of modern DI fuel injector technology in the pre-

chamber. The use of a micro-flow DI fuel injector allows for precise, consistent 

metering of small quantities of fuel each cycle and precise targeting of the fuel 

spray within the pre-chamber. The high pressure capabilities of modern DI fuel 

injection systems also enable relatively late fuel injection in the pre-chamber which 

in turn allows the fuel strategy to exploit the local charge motion interior to the pre-

chamber during the compression stroke. This is necessary to minimize particulate 

formation during the pre-chamber combustion event. Direct fuel injection also 

provides the opportunity for injection late in the cycle. A fuel injection event that 

occurs too early can result in ñover-mixingò, producing an overly dilute mixture near 

the spark plug, posing a risk of misfire. A fuel injection event late in the 

compression stroke is therefore desired in order to ensure an ignitable mixture 

near the spark plug and maximize the quantity of auxiliary injected fuel that 

participates in the pre-chamber combustion event. This innovation to the jet ignition 

concept is viewed as critical for 1) successful operation with a liquid pre-chamber 

fuel, and 2) efficient, judicious use of the pre-chamber fuel in order to ensure a 

strong system efficiency increase. The MJI pre-chamber prototype assembly is 

displayed in Fig. 2-12. Figure 2-13 illustrates the importance of precise control over 

pre-chamber fuel quantity by displaying the sensitivity of engine efficiency to 

minute changes in pre-chamber injected fuel quantity. Shown in Figure 2-14 is the 
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ñover-mixingò effect of early fuel injection in the pre-chamber, demonstrating why 

late injection enabled by the DI injector is optimal. 

  

Figure 2-12: Cutaway of the MJI pre-chamber (left) and MJI pre-chamber 

assembly (right) in a typical passenger car engine [3]. 

 

Figure 2-13. Brake thermal efficiency trends with pre-chamber fuel injection 

quantity, 1.5L DI3, CR = 15.1, speed = 3000 rpm, BMEP = 10 bar, ɚ = 1.7. 
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Figure 2-14: Mixture preparation with early (left) and late fuel injection (right) 

timing in the pre-chamber at time of spark with constant pre-chamber fuel 

quantity. 

Aside from the fuel injection system, MJI incorporates the characteristics of many 

jet ignition concepts developed since the early 1990s, namely a small volume pre-

chamber (< 5% of the clearance volume) and a multi-orifice nozzle with orifice 

diameters that promote a high degree of flame quenching. The quenching and re-

ignition process was confirmed through images taken from an optically accessible 

engine, and confirmed using a computational fluid dynamics (CFD) combustion 

simulation that was correlated to experimental engine test data [132]. Images from 

the optical engine are shown in Fig. 2-15. The images in this figure show luminous 

jets, with no backlighting, emerging from the pre-chamber. No intensifying was 

used for these images. The false color scale indicates relative temperatures, with 

the white color indicative of peak flame temperatures, the red band indicative of 

flame front temperatures, and yellow indicative of recently burned product 

temperatures. The flame content in these jets is minimal. The jets subsequently 

create distinct ignition sites in the main chamber, visible at the leading edges of 

the jets, particularly in the bottom row of images. These ignition sites produce 

distinct flame fronts that consume the charge, eventually joining during this 

process. More details of this study are provided in [4]. A CFD model depiction of 

the jet ignition process is displayed in Fig. 2-16. 
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Figure 2-15: Chemiluminescence high speed images of the jet ignition process 

(Speed: 1500 rpm, gross indicated mean effective pressure: 5.5 bar, ɚ = 1.2, 

CR10) [4]. 

 

a) -9 crank angle degrees (CAD) 
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b) 2 CAD 

Figure 2-16: CFD combustion model temperature visualization before (top) and 

after (bottom) TDC. Left: temperature range (0-2400K), Right: Isosurface at 

1500K [132]. 

Development of the liquid fueled pre-chamber concept did indeed prove 

challenging. Initial research was plagued by significant wall wetting resulting in 

rapid plugging of the pre-chamber fuel injector. Combustion in each cylinder also 

proved to be more sensitive to pre-chamber internal geometry and fuel injector 

nozzle variation than did that of the gaseous-fueled concept [4]. Figure 2-17, an 

image of the fuel injection event taken from the CFD model, illustrates the 

challenge associated with optimizing a liquid fuel injection concept.  
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