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ABSTRACT

Sectoral energy consumption analyses clearly indicate that building sector plays a
key role in global energy consumption, which is almost 40% in developed countries.
Among the building services; conventional heating, ventilation and air conditioning
(HVAC) systems have the greatest percentage in total energy consumption of buildings.
According to the latest research, HVAC is responsible for around 40% of total building
energy consumption and 16% of total global energy consumption. In this respect,
decisive measures need to be taken to mitigate the energy consumption due to HVAC.
The research carried out within the scope of this thesis covers innovative heating,
cooling and ventilation technologies for low-carbon buildings. The novel technologies
developed are introduced and investigated both theoretically and experimentally. The
results indicate that optimised HVAC systems with waste heat recovery have a
significant potential to mitigate energy consumed in buildings, thus to halt carbon
emissions. Especially plate-type roof waste heat recovery units are very attractive for
the said hybrid applications with a thermal efficiency greater than 88%. The said
systems are also promising in terms of overall coefficient of performance (COP). The
average COP of plate-type roof waste heat recovery unit is determined to be about 4.5,
which is incomparable with those of conventional ventilation systems. Preheating
performance of fresh air in winter season is found to be remarkable. Comprehensive in-
situ tests clearly reveal that the temperature rise in fresh air is found to be around 7 °C.
Plate-type roof waste heat recovery units also provide thermal comfort conditions for
occupants. Indoor CO; concentration is observed to be varying from 350 to 400 ppm
which is very appropriate in term of air quality. In addition, average relative humidity is
found to be 57%, which is in the desired range according to the latest building

standards. Desiccant-based evaporative cooling systems are capable of providing
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desired indoor environments for occupants as well as having considerably high COP
ranges. An average of 5.3 °C reduction is achieved in supply air temperature by utilising
those systems as well as having relative humidity distribution in thermal comfort range.
The dehumidification effectiveness is found to be 63.7%, which is desirable and
promising. The desiccant-based evaporative cooling system has a great potential to
mitigate cooling demand of buildings not only in hot arid but also in temperate humid
climates.

Keywords: Buildings, energy consumption, HVAC, waste heat recovery, efficiency.
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CHAPTER 1

An mtroduction to the research carried out

within the scope of this thesis

1.1. Imtroduction

Today, there is a growing concern about energy oriented problems as life is
directly affected by energy and its consumption. Research to resolve problems related to
energy is of vital importance due to rising trend of total world energy consumption as
well as growing significance of environmental issues [1,2]. As a consequence of rapid
technological developments and considerable population growth, energy demand of the
world increases continually, hence decisive measures need to be taken in this respect
[3.4]. Although there is a strong stimulation into clean energy generation technologies
in recent years, the latest reports from International Energy Agency (IEA) clearly
indicate that all the said attempts can meet only 14% of total world energy demand
[5,6]. Therefore, there is a consensus among scientist that efficient utilisation and
management of energy is as significant as its production. The expected exhaustion of
energy sources in the near future forces both developed and developing countries to
rechecked their energy policies regarding energy production and consumption [7.8].
Recent research of IEA reveals that building sector plays a significant role on global
energy use, and hence environmental impacts [9]. It is reported by Perez-Lombard et al.
[3] and Liu et al. [10] that buildings are responsible for about 20—40% of total energy
consumption in the world. A similar output is given by Kolokotsa et al. [11] with 40%.

In another work, Zhao and Magoules [ 12] note that 40% of total energy use in Europe is
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attributed to building sector as well as 36% of total CO, emissions. Sadineni et al. [13]
report almost the same situation for the United States. Therefore, building sector is
considered as a key solution to be able to reduce primary energy consumption of the
world [14]. Moreover, buildings have a long life span lasting for 50 years or more.
Hence, minimisation of energy consumption levels of buildings has a notable potential
to contribute in mitigating greenhouse gas concentrations for longer periods.

It is unequivocal in literature that the majority of energy consumed in buildings
belongs to heating, ventilation and air conditioning (HVAC) systems [15]. According to
Perez-Lombard et al. [16] HVAC systems are the most energy consuming devices,
accounting for about 10-20% of final energy consumption in developed countries.
Today, conventional HVAC systems still dominate the current market, and their
dramatic role in total energy consumption is expected to remain high in the near future
due to their insufficient efficiency range. Therefore, key solutions are definitely
required to develop novel HVAC systems or at least to enhance their existing
performance characteristics in a cost-effective, sustainable and environmentally friendly
manner [17]. In addition, substantial improvements in overall performance of HVAC
systems are needed to be able to meet the latest requirements of building energy codes
invoked by developed and developing countries [16,18]. Finding novel ways to reduce
energy consumption in buildings without compromising comfort and indoor air quality
is important, and as discussed previously HVAC systems are of significant relevance.
Energy efficient HVAC systems can be developed by re-configuring conventional
systems in order to make more strategic use of existing system components [19].
Alternatively, novel material and design based solutions can be provided to improve
practicality and reliability of existing HVAC systems. Furthermore, collaborative

solutions such as enhancing heating and cooling efficiency of any HVAC unit via
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constructional and operational optimisation can remarkably contribute in reducing both
energy consumption levels and greenhouse gas emissions related to buildings [20].
Within the scope of this thesis, innovative heating, cooling and ventilation
technologies are investigated both theoretically and experimentally. Unique solutions
are provided not only in design, material selection and construction but also in
optimisation of operational parameters. The accuracy of the theoretical attempts
conducted is verified by the state-of-the-art data in the relevant scope. Moreover, the
practicality and the reliability of the technologies developed are demonstrated through
several case studies which are essentially based on comprehensive experimental
research. Overall, it can be concluded from the results achieved that the technologies
presented have a considerable potential to mitigate energy consumption of buildings as

well as greenhouse gas emissions.

1.2. Aim and Objectives

HVAC accounts for one third of the total energy consumption in most of the
developed and developing conuntries, and current predictions indicate that this trend
will go on if required measures are not taken [21]. Current HVAC technologies are not
cost-effective and energy efficient resulting to large amounts of energy consumption in
buildings. In this respect, innovative heating, cooling and ventilation technologies need
to be developed to be able to meet the latest requirements of low/zero carbon buildings.
Therefore in this thesis, several unique solutions of HVAC systems are considered for
both existing buildings and new-build applications. The research firstly aims at
presenting the current status of the said technologies through a comprehensive literature
review following the definition of novel research problems. Afterwards, novel designs

of evaporative and desiccant-based heating, cooling and ventilation systems are
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evaluated both theoretically and experimentally. In addition to these, cost-effective
preheating/cooling units are devised, constructed, tested and integrated with the
aforesaid novel HVAC systems for holistic and energy efficient retrofitting purposes of
existing domestic buildings. Moreover, low-cost and easy to construct and operate
heating systems are introduced aiming to be potential alternatives to the conventional

heating systems.

1.3. Research Methodology

The research caried out within the scope of this thesis includes comprehensive
theoretical, numerical and experimental analyses of novel HVAC systems for domestic
buildings. For the theoretical and numerical assessment, a well-known commercial
software MATLARB is utilised. Independent MATLAB codes are developed for a flexible
theoretical research to be able to analyse the impact of each independent variable on the
relevant output parameters. Relevant comparisons are made through the previously
published works for accuracy verification. The experiments conducted cover both
indoor and outdoor testing of various test units. Indoor testing of the units is mainly
performed in a standardised environmental chamber located in the Marmont Laboratory
of the Department of Architecture and Built Environment at the University of
Nottingham, United Kingdom. In those tests, conditioned ambient air is utilised to
characterise the different climatic conditions and their impact on performance
parameters evaluated. The measurement systems and units are selected from those of
having high sensitivity and very short response time. For temperature measurements,
calibrated K/T types of thermocouples are utilised to get maximum accuracy. Humidity
measurements are conducted through highly sensitive and calibrated Honeywell

HIH4000-001 humidity sensors. In-situ testing of said technologies is conducted in
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several test houses from different climatic regions in the UK. The test houses are
selected from those of occupied by residents for a more realistic and scientific approach.
The in-situ tests not only cover thermal performance assessment of the said
technologies but also include comprehensive thermal comfort analyses in order to
demonstrate the effectiveness of each unique solution in real time operating conditions.
Life cycle cost analysis is also done for the feasibility assessment of the heat recovery
technology considered. Within the scope of this techno-economic analysis, the
information required for the calculations such as material and labour cost, lifetime,
durability and efficiency are achieved from the current market. For the demonstration of

the results achieved, another well-known commercial software SIGMAPLOT is used.

1.4. Scope

In the scope of this thesis, theoretical, experimental and numerical investigation of
novel heating, cooling and ventilation technologies are presented. In this section, a brief
summary of the research conducted in the following chapters is given as underlying the

objective, methodology and key outputs.

1.4.1. Chapter 2

Heat recovery systems are very promising technologies since they provide
considerable energy savings in various sectors especially in domestic and industrial
buildings. As clean energy generation becomes important day by day, efficient
utilisation of the energy appears much more significant due to the rising cost of energy
production. Therefore, heat recovery systems draw attention throughout the world for
their potential of saving energy and mitigating greenhouse gas concentrations in the

atmosphere. In this chapter, a comprehensive review on building applications of heat
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recovery systems is presented. The review is given as a clear and understandable
summary of the previous works. The review covers detailed description of heat recovery
systems with working principle and system components, current typical heat recovery
technologies including the building applications, theoretical, experimental and
simulation works carried out for different heat recovery technologies and findings from
thermodynamic performance assessment. Moreover, environmental impacts of heat
recovery systems are evaluated. Future scenarios for heat recovery technologies
including some recommendations are also considered in the study. It is concluded from
the results that the heat recovery systems are very promising to mitigate the fuel
consumption amounts of buildings. Therefore, they can remarkably contribute in
reducing greenhouse gas emissions in the atmosphere. Hybrid heat recovery
technologies draw attention in recent years. Heat pump and/or photovoltaic/thermal
collector integrated heat recovery panels become widespread for both space heating and
ventilation purposes. Current cost of the heat recovery systems is still high, but future
predictions indicate that the manufacturing costs of these systems will notably decrease

as a consequence of the developments in material science and technology.

1.4.2. Chapter 3

Fossil fuels still have the largest share in global energy consumption although
their hazardous effects on the environment are unequivocal. The carbon dioxide (CO,)
is directly released into the atmosphere when fossil fuels such as coal, gas or oil are
used. Increasing concentrations of greenhouse gases (CO,,CH,4, N,0) cause crucial
changes in global climate such as alterations in the biogeochemistry of the global
nitrogen cycle and ongoing land use/cover change. Moreover, there is a consensus

among scientists that the global warming is primarily caused by the greenhouse gas
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emissions. In this respect, minimisation or even stabilisation of CO, concentration in the
atmosphere is of vital importance for mitigating global environmental problems. Recent
researches indicate that the buildings are responsible for more than 30% of greenhouse
gas emissions in most of the developed countries. Energy consumption levels of
buildings increase as a result of economic growth, expansion of building sectors and
spread of heating, ventilation and air conditioning (HVAC) systems. Buildings have a
long life span lasting for 50 years or more and thus, minimisation of energy
consumption levels of buildings has a notable potential to contribute in mitigating
greenhouse gas concentrations for longer periods. Most of the energy losses in buildings
occur in heating, ventilation and air conditioning systems. Therefore, recovering the
waste heat from HVAC systems may considerably contribute to efficient energy
utilisation and hence, in degrading gas emissions. Heat recovery systems (HRSSs)
provide cost-effective energy as well as environmentally friendly. A significant amount
of energy can be recovered via HRSs while exchanging the exhaust air with fresh air. In
this chapter, a solar powered HRS is theoretically investigated for the climatic
conditions of Nottingham, UK. Fresh air temperature at the outlet of the HRS is
determined for different values of ambient temperature, solar intensity and mass flow
rate of air. Effects of main environmental parameters on electrical and thermal outputs
of the HRS are also evaluated in the study. In recent years, several attempts have been
made to analyse heat recovery systems (HRSs) both theoretically and experimentally.
However, a detailed thermodynamic analysis of HRSs has not been presented so far.
Therefore in this chapter, second law analysis of HRSs is also presented. The data
required for the analyses is obtained from the previous theoretical work. Unlike the
energy analysis, exergy analysis enables to take into account the qualitative effects

affecting the system performance. Exergy output and exergy efficiency of HRSs are
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determined for different types of units. The results indicate that the proposed system is
very efficient to preheat the cold fresh air from outdoor environment in winter, and
hence to mitigate the heating demand of buildings especially in colder climates. The
system can be utilised for both ventilation and heating purposes. Maximum exergy
efficiency of the system has been found to be around 60% which is very promising.
This efficiency value can be enhanced via optimization of the system parameters such
as duct geometry, mass flow rates of the fluids, packing factor for the solar powered

unit, etc.

1.4.3. Chapter 4

Energy saving and its efficient utilisation is of prime interest in today’s world due
to the limited energy resources and growing significance of environmental issues.
Despite the intensive efforts to narrow the gap between conventional energy sources
(wood, coal, gas, oil, etc.) and renewables, renewable energy resources currently supply
only about 14% of total world energy demand. In this regard, energy management and
optimization are considered compulsory as much as the clean energy generation. Recent
works indicate that the buildings play a significant role on global energy consumption.
They are responsible for about 40% of global energy demand. Among the different
building types, domestic buildings have the largest share with 63% and most of energy
is utilised for heating, ventilation and air conditioning (HVAC) systems in those
buildings. Energy consumption levels of buildings can be notably reduced through
waste heat recovery in HVAC systems. There are several attempts in literature
addressing the possibility of decreasing energy consumption of buildings via waste heat
recovery technologies. The heat recovery technologies are cost effective and user

friendly applications. The use of heat recovery systems aims at mitigating the energy
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consumption for HVAC applications as well as the greenhouse gas emissions, and hence
decreasing the adverse effects of global warming on the Earth. It is well-documented in
literature that the heat recovery systems are very promising for domestic applications. In
this chapter, experimental results of a novel heat recovery system developed for low-
carbon buildings are presented. The proposed heat recovery system consists of a plate-
type heat exchanger, blower fans and ducts. The parallel-flow arrangement is used to
run the system. The system is designed as under roof application. The aim of the system
is to recover waste heat and to preheat fresh air using stale air. The experiments of the
system are carried out in winter season in Kent, UK. The study aims to investigate the
coefficient of performance (COP) of the system as well as the heat recovery efficiency.
The results show that the heat recovery efficiency of the proposed system is around
89% while the COP is 4.5. The proposed system can be used in both winter and
summer conditions without requiring additional work. Its labour cost is extremely low,

so it is cost-effective and user friendly.

1.4.4. Chapter 5

Latest research indicates that the building sector is responsible for about 40% of
the total energy consumption. Most of the energy consumption occurs due to heating,
cooling and ventilation demand of the occupants. In addition to this figure, day by day,
the energy demand in HVAC sector rises as a result of technological development and
desire of better thermal comfort conditions. In this respect, researchers try to find
alternative solutions to minimise energy consumption and to maximise energy gained
from renewables or any other sources. A recent study reveals that energy demand of
new office buildings for heating and cooling applications decreases with use of

renewables. On the other hand, it is achieved to reduce heating or cooling demand of a
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building as using heat recovery systems. Heat recovery technology is basically utilised
to mitigate the heat loss, and hence energy consumption due to HVAC. Within the scope
of this chapter, thermal comfort analyses of a test house integrated with a novel
polycarbonate heat exchanger are conducted. At pre and post-retrofit case, temperature,
relative humidity and CO, measurements are carried out for a test period of one week.
The results indicate that the internal CO, concentration is not at desirable range due to
lack of ventilation in the test house at the pre-retrofit case. However, following the
integration of the novel ventilation system into the test house, CO, concentration is
found to be varying notably from 350 to 400 ppm which corresponds to the actual
comfort conditions for indoor environments. It is also concluded from the results that
the average relative humidity inside the test house at the post-retrofit case is found to be

57%, which is in the desired range whereas it is considerably high before retrofitting.

1.4.5. Chapter 6

Building sector accounts for about 40% of total energy consumption in the world
while the share of domestic buildings is about 20-40%. The energy consumed is mostly
utilised for heating, cooling and ventilation purposes. It is noted that energy requirement
for cooling reached 14.6% per annum between 1990 and 2000. The energy efficiency of
buildings is of prime concern for an occupant who wants to make energy saving
especially in HVAC sector. In this instance, it is essential to focus on energy efficient
technologies and solutions not only in new buildings but also in existing buildings. One
of the energy efficient technologies is evaporative cooling system which is very suitable
especially for hot and dry climatic conditions. In this chapter, a thorough review of
different types of energy-efficient evaporative cooling systems is given. Evaporative

cooling is a novel technology that supplies cool air to the occupants as well as providing
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a promising way to reduce carbon emissions and energy consumption. Evaporative
cooling is a concept that is defined as making air cool via increasing its water vapour
content. In other words, air becomes cooler while its humidity level increases. The
results show that the evaporative cooling systems have a great potential to save energy
in hot and arid climatic zones. It also seems that this novel solution is a very cost
effective way compared to the alternative air-conditioning applications. This technology

has a good efficiency/effectiveness value as well as a good COP range.

1.4.6. Chapter 7

Evaporative cooling is a cost-effective, environmentally friendly and sustainable
method for air cooling in residential, industrial and agricultural sectors. Evaporative
cooling systems are widely used especially in arid hot climates as an alternative to
conventional air-conditioning technologies. Evaporative coolers are commonly
classified as direct-contact and indirect-contact evaporative coolers. In a direct-contact
evaporative cooler, air stream is in direct-contact with a water film and cooling is
achieved by evaporation of water into the air stream which leads to a reduction in dry-
bulb temperature. However, relative humidity of the supply air stream increases in a
direct-contact evaporative cooler which is not desirable for indoor thermal comfort
conditions. In an indirect-contact evaporative cooler, supply air is not in direct contact
with the water film and the cooling is accomplished by a plate which separates the
supply air and working air. Specific humidity of the supply air stream is not affected in
indirect-contact evaporative cooling, and hence indirect type coolers are primarily
preferred in building sector. Therefore in this chapter, theoretical investigation of a
novel indirect-contact evaporative cooling system is presented. The system mainly

consists of a plate type polycarbonate heat exchanger and a water spraying unit, and it is
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placed on the roof of a test house in Southeastern UK. Within the concept of this study,
operating and environmental parameters such as indoor and outdoor temperatures, mass
flow rates and relative humidity values of supply and working air, duct geometry of the
heat exchanger are analysed in detail and their effects on overall performance of the

system are discussed.

1.4.7. Chapter 8

Buildings are responsible for about 40% of total energy consumption in the
world. They are also one of the biggest contributors to greenhouse gas emissions as a
consequence of the existing energy market dominated by fossil fuel based energy
resources. Research to mitigate energy consumed in buildings is therefore vital of
importance. Further investigations related to buildings reveal that almost 60% of total
energy consumption in building sector is attributed to heating, ventilation and air
conditioning (HVAC). From this point of view, HVAC is considered as a key solution
for remarkable energy savings in buildings. Therefore in this chapter, a novel
ventilation and air conditioning system is introduced. The system basically consists of a
combination of dehumidification and humidification processes. First, humid air from
outside is dehumidified as passing through a desiccant filled channel, then evaporative
cooling is performed to dehumidified air, and it is cooled by humidification. The
humidification process is performed in a direct contact via a secondary channel
equipped with absorber fibre material. Within the concept of this research, performance
evaluation of the evaporative cooling part of this novel system is presented. For
different temperatures of inlet fresh air, outlet temperatures are measured time-
dependently and the level of cooling achieved is determined. Proper temperature and

relative humidity measurements are performed for a reliable performance assessment.
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The results indicate that the efficiency of evaporative cooling is very promising. Even if
extreme weather conditions are considered for air at the inlet, more than 10 °C
temperature difference can be obtained with a remarkably high range of COP. In this
respect, it can be easily concluded that the system provides very promising results for

hot and arid climates.

1.4.8. Chapter 9

The demand for cooling increases day by day as a consequence of the growing
demand for better thermal comfort conditions in buildings. Several researchers note that
the evaporative cooling is a good alternative to mechanical vapour compression for air
conditioning applications since it requires about four times less electric power than
vapour-compression refrigeration. The challenging point of evaporative cooling systems
is that they are not able to provide the desired conditions in hot and humid areas.
Therefore, additional systems such as desiccant-based cooling are required. Liquid
desiccant-based evaporative cooling system is a good alternative to conventional vapour
compression cooling systems to be able to control both temperature and relative
humidity, especially in hot and humid environmental conditions. In this chapter, a
simple mathematical model for the preliminary design of a liquid desiccant-based
evaporative cooling system is presented. The modeling work is split into two sections as
dehumidification process and humidification process, and for each section, governing
equations of the system are given in detail. For different operating parameters such as
air temperature, desiccant temperature, mass flow rates of incoming air and desiccant,
humidity ratio and desiccant concentration, humidity ratio and temperature of air at the

outlet, cooling level and overall system performance are predicted. The model
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predictions are compared with a previously published experimental work and an

excellent agreement is observed between the results.

1.4.9. Chapter 10

Clean energy generation and its efficient use are significant due to growing
significance of environmental issues especially over the last four decades. Sharp
increases in energy consumption as a consequence of the population growth and
economic development dominate the greenhouse gas concentrations in the atmosphere.
Despite intensive efforts to narrow the gap between conventional energy sources and
renewables, only about 14% of total world energy demand is supplied by renewable
energy technologies at the moment. In this regard, there is a consensus among scientists
that research on energy management and efficient minimisation of energy consumption
is compulsory. It is well-documented in literature that evaporative cooling provides
efficient cooling in a cost-effective way. However, it is expected to be inappropriate for
using in humid climates since the air is already close to the state of adiabatic saturation.
In this respect, it is required to dehumidify the outside air before humidification. In
order to meet this requirement in a cost-effective way, a novel desiccant-based
evaporative cooling system (DECS) is devised, constructed and tested. DECS is able to
be utilised for both cooling and air conditioning purposes with a higher range of
coefficient of performance compared to alternative systems. Within the scope of this
research, experimental results of desiccant-based evaporative cooling system are
introduced. In this chapter, dehumidification and humidification effectiveness of a novel
desiccant-based evaporative cooling system is presented. For different values of inlet
supply air temperature and relative humidity provided by a standard environmental

chamber, temperature and relative humidity values are measured experimentally at the
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inlet and outlet of dehumidification and humidification unit, respectively. Since the
main purpose of the system developed is to provide cost-effective thermal comfort
conditions especially in humid climates, dehumidification effectiveness is calculated for
each case tested. The results indicate that the system provides attractive findings for
temperate and humid climatic conditions, where stand-alone evaporative cooling
systems are inconclusive. It is concluded from the results that the dehumidification
efficiency of the system is highly dependent on the air velocity. For the air velocity of
0.3 m/s, the average outlet relative humidity and air temperature are determined to be
65.5% and 29.3 °C, respectively where the average inlet relative humidity is 94.7% and
the average inlet air temperature is 38.6 °C. The decrease in air temperature is found to
be 5.3 °C for the whole system whereas it is 6.7 °C for the evaporative cooling part. On
the other hand, the dehumidification effectiveness drops from 63.7 to 56.1% when air
velocity increases from 0.3 to 0.5 m/s. The humidification effectiveness of the system
is calculated for two velocity ranges of air. The values are 37.3 and 30.2% for the air
velocities of 0.3 and 0.5 m/s, respectively. In addition to these analyses, the time-
dependant COP changes of the whole system are also specified with respect to the
different air velocities given above. The average COP values of the system for the inlet

air velocities of 0.3 and 0.5 m/s are determined to be 5.5 and 4.8, respectively.

1.4.10. Chapter 11

Buildings are responsible for a significant part of the total world energy
consumption, and cost-effective solutions to mitigate their role in energy use are
therefore important. Due to poor thermal insulation characteristics of the existing
conventional building elements, heating demand of current building stock worldwide is

remarkable. Intensive efforts are made to reduce heating demand of buildings through
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low-cost and environmentally friendly applications. However, there is a consensus
among scientists that further improvements are required to meet the latest low carbon
targets released by the developed countries. Therefore in this chapter, a unique heating
system called moist airflow system (MAS) is introduced. Thermal performance
assessment of the MAS is given through a theoretical approach based on thermodynamic
optimisation, heat transfer analysis and duct diameter analysis. The results show that
thermal performance of the moist airflow system is highly affected by the moist-air
temperature, fan power and the working time. Furthermore, duct diameter exponentially
increases with final moist-air temperature. Within the scope of this research, the duct
diameter analysis of a novel heating system is also presented for three different working
fluids, which are mainly air, moist-air and water. The calculations are based on a
constant power input (1 kW) to the reference system and conducted for a temperature
difference in the range of 50-75 °C. It is concluded from the results that the duct
diameter of water based system is considerably lower than that of air based system
depending on the difference in the density values. A similar tendency is observed for the
duct diameter ratio of water and moist-air based heating system. For the same
temperature difference, the greatest duct diameter is required by air based heating
system whereas the lowest one by the water based system as a consequence of the
variations in density and specific heat capacity. The cost effectiveness of the MAS is
incomparable with conventional heating systems as the system is powered by a fan

only, and uses the moist air as the working fluid.

1.4.11. Chapter 12

In this chapter, bullet points from the works conducted and future prospects are

presented. For each technology considered, overall system efficiency has been
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determined for different constructional and operational conditions. In addition to these,
in-situ performance assessment of the said technologies has been done through research
conducted in different test houses. The works carried out so far have mainly been based
on residential buildings, thus further works are expected to focus on different types of
buildings such as commercial, industrial and public buildings. In this respect, more
complicated monitoring analyses are planned to conduct at whole building scale. In
order to improve the waste heat recovery efficiency in ventilation systems, novel cost-
effective and highly thermally conductive materials will be developed and utilised. The
units fabricated by these materials will be both theoretically and experimentally
investigated prior to retrofit to target buildings. The accuracy of the results will be
verified by CFD simulations performed via reliable commercial software such as
ANSYS FLUENT. Further experimental attempts will be made for an accurate
performance assessment of solar powered waste heat recovery systems. Different
configurations of evaporative cooling systems such as direct-contact, indirect-contact or
combination of both will be evaluated in terms of different techno-economic aspects.
Different fibre materials such as membrane fibres and polymer fibres will be considered
to use in desiccant-based evaporative cooling systems for better liquid absorption and
greater mass transfer rates. Different desiccant solutions as well as potassium formate

will be used for better dehumidification performance.
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CHAPTER 2

A comprehensive review of heat recovery

systems for building applications

2.1. Introduction

Carbon dioxide (CO,) is naturally absorbed by trees and plants. However, the
CO0, is directly released into the atmosphere when fossil fuels such as coal, gas or oil are
used. While that is happening quickly, the plants and trees have no enough time to soak
up the €O, dioxide and remove it from the atmosphere. Therefore, the CO, emissions
notably rise day by day. The continued increase of the CO, emissions into the
atmosphere is predicted to lead to crucial changes in climate [1]. Three of the well-
documented global changes can be ordered as increasing carbon dioxide concentrations
in the atmosphere, alterations in the biogeochemistry of the global nitrogen cycle and
ongoing land use/cover change [22]. A continuous increase of the CO, concentrations
affects the Earth’s ecosystems. For instance, approximately half of the existing
emissions are being absorbed by the ocean and the land ecosystems [1,23]. On the other
hand, certain gases in the atmosphere such as CO,, methane (CH,) and nitrous oxide
(N,0) absorb some of the energy radiated from the Earth and trap that energy in the
atmosphere. Those gases which are commonly called as greenhouse gasses make the
surface of the Earth warmer because of behaving like a blanket. Since the early 20th
century, the surface temperature of the Earth has risen by roughly 0.8 °C, with about
two thirds of that aforementioned rise happening since 1980 [24]. It is a fact that

deforestation for agricultural use, directly affects the greenhouse gas concentration in
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the atmosphere so, it causes rising in the surface temperature of the Earth which is
known as global warming. In this respect, stabilisation of gas concentrations in the
atmosphere is considered as a first goal to achieve in developed and developing
countries. Then, broad societal needs have focused attention on technologies that can
reduce ozone depletion, greenhouse gas emissions and fossil fuel usage [25]. In other
words, it is necessary to incline new alternative energy technologies in order to
overcome or mitigate hazardous effects of global warming.

There is a growing concern about energy use and its impacts on the environment.
The latest reports of the Intergovernmental Panel on Climate Change (IPCC) have
enhanced the public awareness of energy use and its environmental impacts [26-28].
Furthermore, intensive efforts are made in recent years to expand the proportion of
alternative energy resources in global energy production. However, fossil fuel based
energy consumption still predominate with a lion’s share and hence, renewable energy
sources are not able to supply the global energy demand. From this point of view,
minimisation of energy consumption levels in all sectors has become significant in the
last decades. In the early 21st century, energy consumption levels were specified by
sector and the results interestingly indicated that buildings play an important role on
global energy consumption. Moreover, buildings are responsible for a 20-40% of the
total annual energy consumption of the world [3,10]. It is also reported that buildings
account for more than 30% greenhouse gas emissions in most of the developed
countries. On the other hand, energy consumption levels of buildings increase as a result
of economic growth, expansion of building sectors and spread of heating, ventilation
and air conditioning (HVAC) systems. It is reported that electricity consumption of
heating, ventilation and air conditioning (HVAC) typically accounts for around 40% of

the total building energy consumption [29]. Buildings have a long life span lasting for



Chapter 2 22

50 years or more and hence, minimisation of energy consumption levels of buildings
has a notable potential to contribute in mitigating greenhouse gas concentrations for
longer periods. Most of the energy losses in buildings occurs due to heating, cooling
and ventilation. Therefore, recovering the waste heat from HVAC systems may
considerably contribute to efficient energy utilisation and hence, in degrading gas

emissions.

2.2. Heat Recovery System

Heat recovery system (HRS) provides cost-effective and environmentally friendly
energy. Buildings consume energy mainly for cooling, heating and ventilation [30]. In
this regard, the aim of heat recovery systems is to mitigate the energy consumption and
cost of operating a building by transferring heat between two fluids [31]. Therefore, it
saves significant amount of energy while exchanging the exhaust air with fresh air for
domestic use. For Sweden and Germany, the first use of heat recovery from ventilation
air in dwellings began in 1979 and 1976, respectively [32]. This was due to 1970s
energy crisis and new building codes. The rapid rise in energy costs has followed that
energy crisis. As a consequence, people develop new and more efficient appliances such
as HRSs to reduce the energy consumption of buildings. The buildings are constructed
as more tightly and well insulated to help saving energy [33]. The main aim of HVAC
design in buildings is to supply comfortable indoor environment and good indoor air
quality for occupants during different weather conditions [21,34]. Ventilation air is the
major source of moisture load in air conditioning. For instance, ventilation air
constitutes approximately 68% of the total moisture load in most commercial buildings
as seen in Figure 2.1. For this reason, HVAC system is required to remove the moisture

from the life space. It is a fact that in most of the countries, the energy consumption by
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HVAC sectors account for one third of the total energy consumption of the whole
society [21]. Therefore heating, cooling and ventilation of buildings using heat recovery

become more significant in recent years since it contributes in decreasing energy

demand for HVAC.

m Doors M Infiltration  People m Permeance © Ventilation

Figure 2.1. Sources of moisture loads in a medium size retail store [21].

Heat recovery term is commonly known as an air-to-air heat or energy recovery
system which works between two sources at different temperatures. In other words, it is
based on heating the incoming air via the recovered waste heat and hence, decreasing
the heating loads. Heat recovery systems have many types to transfer waste energy from
the exhaust air to the incoming air. However, all those heat recovery systems generally
fall into two main categories namely sensible heat recovery systems and enthalpy heat
recovery systems. A typical heat recovery system in buildings consists of channels for

incoming fresh air and outgoing stale air, a heat exchanger core and blower fans. Roof
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space is generally considered for the mounting of heat recovery systems. Current heat

recovery systems are able to recover about 60-95% of the waste heat which is very
promising. HRSs have a significant potential to reduce the heating demand of buildings
in a cost-effective way. The need of effective ventilation for the places without window

like bathrooms and toilets can also be maintained by heat recovery technologies [35].

2.2.1. Working principle

A heat recovery system is designed to supply conditioned air to the occupied
space to continue the desired level of comfort [31]. HRS keeps the house fully
ventilated by recovering the waste heat which is coming from inside environment [36]
as seen in Figure 2.2. HRS basically works as transferring the thermal energy (enthalpy)
from one fluid to another fluid, from one fluid to one solid or from a solid surface to a
fluid, at different temperatures and in thermal contact. In addition, there is no direct
interaction between fluid and fluid or fluid and solid in most of the HRSs. Some of

HRSs allow fluid leakage from one fluid to the other due to pressure differences [37].

The building code requirement is roughly 0.57 cubic meter per minute of outside
air for each individual, as it is shown in Table 2.1 for each structure. To calculate the
total fresh air demand of building, that amount is multiplied by the number of occupant
living in the aforementioned building. That figure can be increased depending on the
entire fresh air demand of building. The calculation of air required is very crucial to
provide a comfortable space for individuals. Moreover, if more air is supplied into a
room than is extracted of a room, the room gets positively pressurised. If just the
opposite of that case occurs, the room gets negatively pressurised. Therefore, there is a
necessity to have an automatic control system for HRS. On the other hand, although

HRS is designed to satisfy the maximum cooling and heating loads at design conditions,
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the system is not adjusted to work at full capacity due to changes in outside temperature
[31,34]. That’s why temperature control plays an important role to operate the HRS in
climate change. The temperature control in a space is commonly done by thermostat
which helps to set to the requested temperature value or setpoint. The automatic control
system is widely used for HRS to eliminate the need for constant human monitoring of a
process, thus, it provides more consistent and better performance whereas decreasing

the labour costs [38].
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Figure 2.2. Typical heat recovery system [36].
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Table 2.1. Fresh air requirements [33,39]

Type of building

Minimum air change CMA" per minute
per hour (minutes) per occupant

Attic spaces (for cooling)
Auditoriums

Boiler rooms

College classrooms
Dining rooms (hotel)
Engine rooms

Factory buildings (ordinary manufacturing)
Factory buildings (extreme fumes or moisture)

Foundries

Galvanizing plants
Garages (repair)
Garages (storage)
Homes (night cooling)
Hospitals (general)
Hospitals (children’s)
Hospitals (contagious diseases)
Kitchens (hotel)
Kitchens (restaurant)
Libraries (public)
Laundries

Mills (paper)

Mills (textile-general buildings)
Mills (textile-dyehouses)
Offices (public)

Offices (private)
Pickling plants

Pump rooms
Restaurants

Schools (grade)

Schools (high)

Shops (machine)

Shops (paint)

Shops (railroad)

Shops (woodworking)
Substations (electric)
Theatres

Turbine rooms (electric)
Warehouses

Waiting rooms (public)

12-15

8 0.57-0.85

15-20
0.57-0.85

5

4-6

2-4

10-15

15-20

20-30

20-30

4-6

9-17
1.13-1.42
0.99-1.13
2.27-2.55

0.42-0.71
0.85-0.99

0.28-0.42

*
Cubic meter air
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2.2.2. System components

A heat exchanger core ducts and fans are the main components of a typical heat
recovery system. One of fans is utilised to take fresh air in whereas another one is used
to exhaust the waste air. The heat exchanger core is the meeting point of the incoming
fresh air from outside and the outgoing stale air from inside. Thus, depending on the
season, the fresh air is preheated or precooled by the stale air. Although the system
typically works in this way, it is possible to make some modification without making
any changes related to the routine progression of the system. In this respect, the PV or
PV /T panels may be easily added to the building roof in order to enhance the thermal
efficiency of the HRS. Heat recovery system is usually installed in a roof or a building
facade to recover heat from the internal air before it is discharged to the outside and,

warm the incoming air [35].

2.2.3. Operation and maintenance

In most of the applications, HRSs provide reduced energy consumption and lower
annual bills while including small or no additional cost to building operations or
maintenance [31]. There are different kinds of energy saving opportunities and
minimising the maintenance costs of HRS and its subsystems. Routine checking of time
clock and other equipment is very significant for accurate operation and proper
programming of on-off setpoint. Another important point is repairing or replacing of
damaged interior shading devices. Because, closing the interior blinds and shades
decreases the heat losses in winter and solar heat gain in summer. Moreover, it is
necessary to clean the ducts and clean or replace ineffective filters regularly.

Furthermore, fans have to be controlled whether or not they are in the right direction.
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Cleaning coils and heat exchangers is indispensable for maintenance. These play an

important role on working of the system properly.

2.3. Types of Heat Recovery System

Several types of heat recovery system are used in many industries, particularly
metallurgy, chemistry, etc. Heat exchangers are an important part of the heat recovery
systems. Heat exchanger is an energy utilisation device which has a wide use in power
engineering, petroleum refineries, food industries etc. [40-42]. Heat exchangers are
split into two categories as indirect and direct contact types [37.43]. In an indirect
contact heat exchanger, there is a separating wall between hot and cold fluids
throughout the duct. Therefore, there is no direct contact between two fluids with
different initial temperatures. This type of heat exchanger is usually called as a surface
heat exchanger. In indirect contact type of heat exchanger, the extent of the process is
limited by the surface area and the heat transfer rate is possible through the surface. In a
direct contact heat exchanger, heat is directly transferred between hot and cold fluids. In
a direct contact heat exchanger both the hot and cold fluids flow into the same space
without a partitioning wall [44.,45]. Broad applications of direct contact heat exchanger
contain mass transfer in addition to heat transfer. Compared to indirect-contact
recuperators and regenerators, direct-contact heat exchangers have very high heat
transfer rates. Heat exchangers are categorised as tubular, plate-type, extended (finned)
surface and regenerators with regard to their construction properties [37,45,46] as it is

clearly shown in Figure 2.3.
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Figure 2.3. Classification of heat exchangers [37,46,47].

2.3.1. Tubular heat exchangers

Tubular heat exchangers are usually built of circular tubes despite the applications
of rectangular, elliptical or round/flat twisted tubes [37,47]. One fluid flows inside the
tubes while the other one flows on the outside of the tubes. It is also possible to make a
change on their design. Tubular heat exchangers are classified as double pipe, shell and

tube and coiled tube heat exchangers.

2.3.1.1. Double pipe

A double pipe heat exchanger basically comprises a tube or pipe fixed
concentrically inside a larger pipe or tube as it is clearly illustrated in Figure 2.4. One

fluid flows in the inner pipe while the other fluid flows in the annulus between pipes in
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a counter-flow direction for the ideal highest performance for a given surface area [37].
A number of double pipe heat exchangers can be connected in various series and
parallel arrangements to meet pressure drop and mean temperature difference
requirements. Their regular applications are suitable for small works requiring, typically

less than 30 m? because it is expensive on a cost per unit surface area basis [46-48].

Figure 2.4. A double pipe heat exchanger [49].

2.3.1.2. Shell and tube

Shell and tube type heat exchangers are usually constructed as a bundle of round
tubes mounted in a cylindrical shell with the tube axis parallel to that of the shell as it is
shown in Figure 2.5 [37,47]. One fluid runs through the tubes whereas other one flows
over the tubes to transfer the heat between two fluids. In many process based industry,

that type of heat exchangers are used by more than 90% due to their robustness and
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capacity to handle high-pressure processes [46,50,51]. Moreover several different
internal constructions are available for shell and tube type heat exchanger. In addition,
there is actually no limit on the operating temperature and pressure. However, shell and
tube construction is proposed for a small condensing unit. In medium size, for instance,

that works more effectively [33].

Figure 2.5. Shell and tube type heat exchangers [52,53].

2.3.1.3. Colled (spiral) tube

Coiled tube heat exchangers as it is seen in Figure 2.6 consist of one or more
spirally wound coils fitted in a shell [37]. The heat transfer coefficient of a coiled tube
heat exchanger is higher than that of a straight tube heat exchanger. This type of heat
exchanger is also eligible for thermal expansion and clean fluids due to impossibility of
cleaning process [47]. Aluminium alloys for cryogenics and stainless steels for high
temperature applications are generally used as a material for coiled tube heat exchangers
[46]. Therefore, they are expensive heat exchangers in terms of the material costs, high

labour input in winding the tubes and the central mandrel.
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Figure 2.6. Titanium (left) and copper (right) coiled tube heat exchangers [54,55].

2.3.2. Plate-type heat exchangers

Plate-type heat exchangers are constructed from thin plates which form flow
channels. That type of heat exchanger is used for transferring the heat for any
combination of gas, liquid and two-phase streams [47] and it uses metal plates to carry
out the heat transfer. Plate-type heat exchangers are not suitable for very high pressures,
temperatures or pressure and temperature differences [37]. These heat exchangers have
a less wide use compared to the tubular heat exchangers. Plate-type heat exchangers are

classified as gasketed plate, spiral plate, plate coil and lamella heat exchangers.

2.3.2.1. Gasketed plate

Gasketed plate heat exchanger consists of a few rectangular thin plates sealed
around the edges by gaskets and held together in a frame as seen in Figure 2.7.
Gasketed plate heat exchangers provide a relatively compact and lightweight heat
transfer surface. However, there are temperature and pressure limitations for these types
of heat exchangers due to the construction details and gasketing [47]. Opening, cleaning

and sterilisation processes of these types of heat exchangers are so easy. Gasketed plate
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heat exchangers are the most common type of heat recovery device [35] and there is a
wide range of applications for gasketed plate heat exchangers in food processing

industry.

Figure 2.7. Gasketed plate heat exchangers [56,57].

2.3.2.2. Spiral plate

Spiral plate heat exchangers comprise two long and parallel strips of sheet metal
as it is shown in Figure 2.8. These heat exchangers are generated by rolling those
parallel plates into a spiral using a mandrel and welding the edges of adjacent plates to
form channels [47] and they have large diameter because of the spiral turns [37].
Typical construction material of spiral plate heat exchangers are carbon steel, stainless
steels, nickel and nickel alloys, aluminium alloys, copper alloys and titanium. They are
compact and easy to install. In addition they need less installation and servicing space

compared to the conventional heat exchangers. For example, surface area requirement
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of spiral plate heat exchanger is approximately 20% less than that of shell and tube heat

exchanger. Mechanical cleaning is possible with removal of the end covers.

Figure 2.8. Spiral plate heat exchangers [58].

2.3.2.3. Plate coil

Plate coil heat exchangers are relatively cost-effective compared to the other types
of heat exchangers. They can be made into any desired shapes and thickness for heat
sinks and heat sources under various operating conditions. Thus, those types of heat
exchangers are used in many industrial applications. Plate coil heat exchangers also
provide the optimum method of heating and cooling process vessels in terms of control,

efficiency and product quality [46].

2.3.2.4. Lamella

Lamella heat exchanger consists of a set of parallel, welded, thin plate channels
placed longitudinally in a shell [47]. A kind of detailed illustrative schematic of shell
and tube heat exchangers is seen in Figure 2.9. However its weight is considerable less

than that of shell and tube heat exchanger while they have the same duty [37]. Lamella
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heat exchangers can be manufactured from carbon steel, stainless steel and titanium
[46]. Although they are inexpensive than plate heat exchangers and shell and tube heat
exchangers, lamella heat exchangers are less capable of them for the same work. That
type of heat exchanger is generally used for heat recovery in the pulp and paper

industry, chemical process industry, etc.

Figure 2.9. Lamella heat exchangers [59].

2.3.3. Extended (finned) surface heat exchangers

Extended or finned surface heat exchangers are constructed by modifying the
plate or tubular heat exchangers with additional fins and hence, the heat transfer area
increases. It is fact that the heat transfer coefficient on the gas side is quite lower than
on the liquid side [47]. That’s why; extended surface heat exchangers are usually used

on the gas side to enhance the heat transfer by increasing heat transfer surface area.
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Additional fins can improve the surface area by 5 to 12 times depending on the design
[37]. Extended surface heat exchangers are classified as tube-fin, plate-fin and heat pipe

heat exchangers.

2.3.3.1. Tube-fin

Tube-fin heat exchangers (as seen in Figure 2.10a) are used in gas to liquid
exchanges. There is a notable difference between heat transfer coefficient of gas and
liquid. Therefore, tube-fin heat exchanger is utilised to increase the heat transfer surface
area for gas and hence, thermal conductance is balanced on both sides. In that type of
heat exchanger, although round and rectangular tubes are most common, elliptical tubes
are also preferred [37]. There are some of inside applications of fins whereas they are
normally fixed on the outside of the tubes. Extended surfaces on the insides of the tubes

are commonly used in the condensers and evaporators of refrigeration system [47].

2.3.3.2. Plate-fin

Plate-fin heat exchangers consist of fins or spacers that are inserted between
parallel plates as shown in Figure 2.10b. Triangular and rectangular shapes of fins are
commonly used for those types of heat exchangers to increase the heat transfer surface
area. Use of fins is available for both sides in gas to gas heat exchangers while it is
generally useful for gas side in gas to liquid applications. Fins are also used for pressure
containment and rigidity [37]. The thickness of plates and fins usually ranges from 0.5
to 1mm and 0.15 to 0.75mm, respectively. The mass velocity of plate-fin heat
exchangers has to be arranged as an optimum range to prevent heavy pressure drops

[47]. Those types of heat exchangers have a wide range of use in various industrial
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applications because of their compactness. However they are not so cheaper due to the

construction process and manufacturing cost.

Figure 2.10. Tube-fin (a) and plate-fin (b) heat exchangers [64.,65].

2.3.3.3. Heat pipe

A heat pipe concept was first defined by Gaugler in 1942 [60,61]. A heat pipe is a
simple device which allows heat transfer from one point to another point without
needing an external power supply. The heat pipe (as it is illustrated in Figure 2.11)
transfers large amounts of heat via small cross-sectional area with small temperature
differences [45]. It consists of an individual closed tube at both ends that partially
contains a working fluid [62]. That aforementioned fluid works as refrigerant in HVAC
applications of heat pipe. The heat pipe heat exchanger is used for gas to gas heat
recovery applications. The heat pipe promises higher capacity because of its higher
thermal conductance than conventional heat exchangers [63]. The heat pipe unit
comprises two parts which are evaporator and condenser [35]. Heat is transferred from

the hot gas to the evaporation part of the heat pipe through convective heat transfer.
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Then the thermal energy is carried away by the vapour to the condensation part of the
heat pipe where it transfers heat to the cold gas via convection [37]. Today, heat pipes

are used in several industrial applications [60]. Heat pipe heat exchangers require very

little maintenance and have low pay back period.
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Figure 2.11. Working principle of a heat pipe [66].

2.3.4. Regenerators

The heat exchanger used to preheat combustion air is called a regenerator. The
regenerator is a thermal energy storage device in which the heat storage and the heat
retrieval processes are repeated periodically [60]. A regenerator comprises a matrix
through which the hot stream and cold stream run periodically and alternatively [46]. In
a regenerator the hot and cold streams alternately occupy the same space in the heat

exchanger core [45]. Regenerators cover counter-flow, parallel-flow and cross-flow
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patterns. Depending on the application, regenerators are produced from metals, plastics,
nylon, ceramics and paper. Their compact surface area and the counter-flow
arrangement make them fit for gas to gas applications demanding high exchanger
effectiveness (at least 85% or more). Furthermore, regenerators are only used for gas to
gas heat transfer for waste heat recovery applications. That means they are not used
with liquid or phase-changing fluids [37]. Regenerators are split into two categories as

fixed matrix and rotary.

2.3.4.1. Fixed matrix

Fixed matrix regenerator (as shown in Figure 2.12a) is referred as a periodic flow
heat transfer device. It has a fixed matrix in a disk shape and streams of fluid are ducted
through rotating hoods. It consists of at two or more parallel matrices. The form of
matrix used varies with regard to type of the application. It has also two types of heat
transfer elements called checker-work and pebble beds [37,46]. The fixed matrix heat
exchangers generally utilise for too large applications up to 50 m height. Those
regenerators have a wide use in the glassmaking, metallurgical and chemical processing
industries [60]. They can be easily cleaned, removed or replaced. Fouling and

contamination do not affect the capability of regenerator but resistance of flow.

2.3.4.2. Rotary

A rotary regenerator (as seen in Figure 2.12b) is a unit in which the storage
material periodically runs from one fluid to another fluid [60]. Thus, a rotary
regenerator comprises a rotating matrix driven by a motor through which the hot stream
and cold stream continually flow. The performance of the rotor mainly depends on its

single channels parameters and the type of flow material combinations [67]. A notable
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advantage of rotary regenerators is their capability of transferring both sensible and
latent heat. Both parallel-flow and counter-flow configurations can be used for this type
of regenerators. Rotary regenerators are designed for high operating temperature up to
2000 °C and low pressure application 615 kPa or lower, depending on the construction
material [46]. Gas turbine engines are typical application areas of such ultrahigh
temperature rotary regenerators as reported by Shah and Sekulic [37]. They have an
excessive use, especially in electrical power generating stations for air preheating [60],
because of their considerable temperature efficiency mostly 80% [35]. A major

disadvantage of rotary regenerator is the intermixing of two gas streams [68].
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Figure 2.12. Fixed matrix (a) and rotary (b) regenerators [45].

2.4. Applications of Heat Recovery Systems in Buildings

Heating, ventilation and air conditioning (HVAC) systems are an indispensable
necessity for comfortable and healthy indoor environment for residents of a building.

However, energy saving in buildings becomes more significant due to the high energy
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demand of buildings for HVAC systems. Recent efforts are made by researchers to
reduce energy consumption used by HRSs and to improve the thermal efficiency of
HRSs. Recently, Mardiana-Idayu and Riffat [69] develop an enthalpy recovery system
and the performance of the system is analysed. The sensible energy efficiency is found
to be roughly 66% whereas it is 59% for latent energy. Abd El-Baky and Mohamed
[70] design a horizontal staggered heat pipe as it is seen in Figure 2.13. They use heat
pipe heat exchanger to cool fresh air in air conditioning application. The aim of the
study is to investigate the thermal performance and effectiveness of HRS by connecting
the fresh air and stale air with heat pipe heat exchanger. The results indicate that the
temperature changes of fresh and exhaust air increase with increasing fresh air
temperature. The heat recovery also reaches about 85% with increasing fresh air
temperature. In addition to those results, the thermal effectiveness rises with increasing

fresh air temperature.
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A sensible polymer plate type heat exchanger arranged as parallel triangular ducts
is used for balanced ventilation systems in residential buildings [71]. The results show
that the relative humidity decreases from 95% to 34%. Under the steady-state
operation, the thermal efficiency of the plate type heat exchanger and the heat transfer
rate in the plate type heat exchanger (as it is illustrated in Figure 2.14) are calculated as
80% and 672 W, respectively. Buildings are getting less ventilated due to the
insufficient natural ventilation and high ventilation demand of today’s buildings. Lu et
al. [72] develop a new type film heat recovery ventilator using a plastic film. The study
aims to enhance the performance of heat recovery ventilator under cross-flow mode.
The results underline that the effectiveness of the heat exchanger varies from 0.65 to
0.85 with airflow rate. The study also shows that the film vibration improves heat
transfer. Pressure drop increases with air flow rate and decreases with film thickness.
The quality of thermal insulation of a building and official energy saving requirements
become more strict regulated [73]. However, higher indoor air quality demand of
today’s buildings causes increasing ventilation loss in buildings. In this regard, building
designers work to construct buildings having low energy consumption and good indoor
environment. Hviid and Svendsen [74] develop a heat recovery concept for innovative
passive ventilation systems. The system is also devised to provide cooling for temperate
climates. An illustrative schematic of the system is clearly seen in Figure 2.15. The
pressure drop and heat transfer efficiency of heat recovery system are calculated as
0.37 Pa and 75.6% for a given airflow rate of 560 L/s, respectively. Persily [75] also
works on air to air heat exchanger concept. The heat recovery efficiency is found to be
55 to 60%, depending on the fan speed. However, it is underlined that this efficiency
range is for without considering losses in fan power and heat conduction through the

metal case of the heat exchanger. Riffat and Gan [76] test the performance of three
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types of heat pipe heat recovery unit. The results indicate that the effectiveness
decreases with increasing air velocity. In addition to this, the effectiveness is affected by
the shape of fins and pipe arrangement. Thus, poor thermal contact between fins and
pipes substantially deteriorates the effectiveness of heat pipes. Air tightness of heat
recovery system is so important since it directly affects system performance. Numerical
calculations indicate that unintentional air flow (leakage) has an adverse effect on the
performance of ventilation units since it decreases the efficiency of ventilation and heat
recovery [77,78]. Another study is carried out by Hemzal [79] to identify the impacts of
air leakage on thermal effectiveness of rotary heat exchangers. It is understood from the
study that the heat recovery effectiveness of a rotary heat exchanger under higher
pressure changes is lower than that of the well tight one. The results from one study on
rotary heat exchanger show that the effectiveness increases when the time is constant

and wheel speed increases [80,81].

1000 1100
S 80 L g { &0
: 600 [ A 1 60 a..
4..;_':] i__ e
% 400 } dHeat transfer rate F 140 ‘%
b [ @Condensate Y : E
o M Efficiency o
o 200} & {20
T ' ® o & ‘
ﬂ I & 3 .. . ] . |:|
0 50 10 15 20 25
Temperature (°C)

Figure 2.14. Heat transfer rate and thermal efficiency of plate type heat exchanger

provided [71].
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Energy consumption of buildings increases with a rapid rising in urbanisation.
Therefore, it is a necessity to save this energy. It is possible to save considerable
amounts of HVAC energy using heat recovery system. Zhong and Kang [82] carry out a
study in order to estimate the applicability of energy recovery ventilators by selecting
eight cities in four different climates in China. It is stressed in the study that the single
heat exchanger cannot meet the energy demand in the aforementioned climate zones.
Therefore, the double heat exchanger should be used in ventilation systems to adapt the
requirement of energy recovering in ventilation systems. An air source heat pump
system with none, single and double heat recovery capabilities is built and tested by
Nguyen et al. [83]. The analyses indicate that a heat pump system with double heat
recovery mechanism is the most efficient one in terms of energy saving performance

compared to the other variations.
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Martinez et al. [84] develop a mixed air recovery system including two heat pipes
and indirect evaporative recuperators. Yau [85] investigates the performance
characteristics of an eight-row thermosyphon-based heat pipe heat exchanger for
building HVAC systems in Malaysia. It is recommended that, in tropical climates,
HVAC systems should be integrated with heat pipe to enhance the dehumidification
performance. Nasif et al. [86] study the thermal performance of a membrane heat
exchanger in hot and humid climates. The analyses of the study indicate that an air
conditioning system combined with a membrane heat exchanger consumes less energy
than a conventional one as it is shown in Figure 2.16. Liang et al. [87] also present in
their study that a membrane based total heat exchanger is more powerful than
conventional air dehumidification systems. Zhang [88] perform a study proposing four
systems in mechanical dehumidification like a heat pump, membrane enthalpy
exchanger, sensible heat exchanger and desiccant wheel. According to results, the
mechanical dehumidification with a membrane enthalpy exchanger spends the least
energy while a sensible one consumes the most energy. A novel run-around membrane
heat exchanger system is developed and tested by Mahmud et al. [89]. During the
summer, the total effectiveness of a new system increases with the increasing desiccant
flow rate while it decreases with growing air flow rate. The total effectiveness of the
system is calculated between 50 to 55%.

A heat pipe heat exchanger is designed and tested for heat recovery in hospital
and laboratories where the ventilation is crucially needed [90]. The tests are carried out
using three working fluids which are acetone, methanol and water. The rotary heat
pump is environmentally friendly as it uses water as the refrigerant and a gas engine to
drive the system [91]. Riffat and Gillott [92] propose a novel mechanical ventilation

heat recovery heat pump system for the domestic market as it is shown in Figure 2.17.
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The system consists of environmentally friendly refrigerant with zero ozone depletion
and low global warming potential. The system is also found to be compact and energy
efficient since it saves £200 a year. Kragh et al. [93] develop a new counter-flow heat
exchanger for extreme climatic conditions. That high effective mechanical ventilation
system is successfully capable of defrosting itself at outside temperatures below the
freezing point. The system efficiency is calculated to be about 85% and the temperature
efficiency at freezing condition is 88%. In another study carried out by Manz et al. [94],
the thermal efficiency is found as 78% at low electric energy input. Manz and Huber
[95] achieve an experimental study for building ventilation using a duct/heat exchanger.
It is observed that the concept presented in that study reaches temperature efficiency of
70%. An experimental study proposed by Nazaroff et al. [96] shows that the use of

mechanical ventilation systems offers a practical, cost-effective and energy efficient

indoor air quality.
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Figure 2.16. Monthly energy consumption of different air conditioners in Sydney [86].
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Figure 2.17. Mechanical ventilation heat recovery heat pump system [92].

In recent years, the air source air-conditioner/heat pump (AC/HP) system is one
of the most common used heating and cooling equipment in buildings in China. The
outdoor air is used as a heating or cooling thermal source by aforementioned system. A
new heat recovery technique for the AC/HP system is urged by Gong et al. [97]. The
technique uses a compound air cooling and water cooling condensing module to replace
the sole air-cooling system in the conventional AC/HP system. The results of the
experiments lasting four seasons represent that the new heat pump system works
steadily and efficiently. Gu et al. [98] describe a heat recovery system using phase
change materials (PCMs) to store the sensible and latent heat. It is observed from the
analyses that the integrative energy efficiency ratio (IEER) of the system has an
effective improvement when all exhaust heat is recovered. Besides its contribution to
halt the carbon dioxide emission, PV systems are very promising in the upcoming future
due to limited energy reserves and rapidly growing importance of environmental issues

[99-108]. Sukamongkol et al. [109] carry out an experimental tests conducting
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condenser heat recovery integrated with a PV /T air heating collector. The results show

that energy saving of 18% is possible by using aforementioned system.

2.4.1. Practical applications from the Umnversity of Nottingham

Numerous works are done to date on innovative heat recovery technologies for
low-carbon buildings by Sustainable Energy Technologies Research Group at the
University of Nottingham. In this part of research, an overview of the previous
experiences is given with the remarkable findings obtained and illustrative figures and
plots. Mardiana-Idayu and Riffat [35] evaluate different opportunities of heat recovery
systems for building applications. They provide a comparative analysis for system type,

efficiency range and potential advantages as it is given in Table 2.2.

Table 2.2. A comparison of the types of heat recovery systems by their efficiency

ranges and potential advantages [35]

System type System efficiency Advantages

Fixed-plate 50-80% Compact, highly efficient due to high heat
transfer coefficient, no cross contamination,
can be coupled with counter-current flow
which enabling to produce close end-
temperature differences

Heat pipe 45-55% No moving parts, no external power
requirements, high reliability, no cross
contamination, compact, suitable for
naturally  ventilated  building, fully
reversible, easy cleaning

Rotary-wheel above 80% High efficiency, capability of recovering
sensible and latent heat

Run-around 45-65% Does not require the supply and exhaust air
ducts to be located side by side, supply and
exhaust duct can be physically separated,
no cross contamination
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In another study, a novel enthalpy recovery system is developed by the same
researchers. Throughout the research, the performance of sensible and latent energy is
experimentally investigated. The photos of heat exchanger core and the test results are
clearly shown in Figure 2.18 Sensible energy efficiency and latent energy efficiency of
the system are found to be 66% and 59%, respectively. Energy recovered is calculated
to be 167 W at 3.0 m/s of air velocity with 4.3 °C temperature difference.

Liu [110] develops a novel heat recovery/desiccant cooling system as illustrated
in Figure 2.19 utilising plate type air-to-air heat exchanger. Several parameters are
analysed in terms of their impacts on heat recovery efficiency. The results indicate that
the heat recovery efficiency exponentially increases with heat exchanger length and the
ratio of exchanger width to length. On the other hand, the efficiency remarkably
decreases with the mass flow rate of fresh air. Cuce et al. [15,111] present a
mathematical model for performance assessment of a novel indirect-contact evaporative
cooling system installed under the roof of a test house. A unique polycarbonate heat
exchanger is utilised and analysed in the study as shown in Figure 2.20. It is understood
from the results that the heat exchanger efficiency is dominantly affected by the system
geometry such as the hydraulic diameter and module length, and also the operating
parameters such as mass flow rates, relative humidity and temperatures of fresh and

stale air.
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2.5. Theoretical Studies on Heat Recovery Systems

Several numerical studies are carried out by researchers to examine the
performance, effectiveness and efficiency of the heat recovery systems. Golubovic et al.
[112] present a theoretical study to evaluate the performance of rotary dehumidifier
with and without heated purge. Dallaire et al. [1 13] numerically investigate the thermal
performance of a rotary heat exchanger where its internal structure is modelled as a
porous medium. Results illustrate that the performance of rotary heat exchanger
severely develops by choosing proper thickness and the porosity of the internal thermal
mass. In another study, the performance of desiccant wheels for air dehumidification
and enthalpy recovery is compared each other [114]. Ghodsipour et al. [115]
theoretically study the effect of the dimensionless parameters on the effectiveness of
rotary heat exchangers, and the theoretical results are validated by comparing the
experimental and theoretic results of the study. Simonson and Besant [116] improve the
governing dimensionless groups for simultaneous heat and moisture transfer in energy
wheels. Nobrega and Brum [117] develop a mathematical model to investigate the heat
and mass transfer in rotary heat exchangers. The enthalpy wheels are found to be more
efficient compared to the heat wheels. Liu et al. [118] perform an analytical study for
the air and desiccant parameters inside parallel, counter and cross-flow
dehumidifiers/regenerators.

Zhang et al. [119] thermodynamically model a novel air dehumidification system
combined with a membrane-based heat exchanger. The study divulges that the proposed
novel system saves 33% of energy. Similarly, heat and moisture transfer in membrane-
based enthalpy exchangers are numerically studied by Niu and Zhang [120]. In that
study, the performance of different membrane materials is compared each other.

Another study is carried out by Liang et al. [121] to investigate the performance of air
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dehumidification system integrated with a membrane-based heat exchanger. Min and Su
[122] represent a mathematical model to analyse the performance of a membrane based
energy recovery ventilator. Zhang and Jiang [123] define that the sensible, moisture and
the enthalpy effectiveness find to be higher using a membrane-based energy recovery
ventilator with counter-flow arrangement. A performance evaluation of building
integrated photovoltaic heat recovery system is numerically performed by Bazillan and
Prasad [124]. Similarly, Maffezzoni et al. [125] present a hybrid photovoltaic module
combined with a heat recovery system. The energy payback period analysis of building
integrated photovoltaic systems with heat recovery unit is carried out by Crawford et al.
[126]. A numerical model is developed for a run-around heat and moisture exchanger
system by Sayed-Ahmadi et al. [127]. Another numerical study for a run-around heat
recovery system is carried out by Vali et al. [128] in order to define the effectiveness
correlations of different flow arrangements. Xia et al. [43] present a modelling work for
a heat exchanger under parallel-flow arrangement. Roulet et al. [78] theoretically study

to predict global heat recovery efficiency using air handling unit.

2.6. Simulation Works on Heat Recovery Systems

Lin et al. [129] carry out a simulation work of dehumidification process with heat
pipe heat exchangers. The results illustrate that the computational fluid dynamics
(CFD) analyses provide rational results to predict the thermal performance of the
system combined with a heat pipe. Another CFD study performed by Gan and Riffat
[130] underlines that a heat pipe heat recovery system generates sufficient thermal
comfort with minimum energy consumption in naturally ventilated buildings. Similarly,
the thermal performance of heat pipe exchangers in naturally ventilated buildings is

simulated by Yau [131]. On the other hand, Shao et al. [132] work on a low pressure
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loss heat recovery device combined with heat pipes. The results show that the heat
recovery efficiency and the pressure loss coefficient decrease with increasing air
velocity.

Energy recovery ventilators (ERVs) transfer the energy between the stale and
fresh air to mitigate the energy consumption. Recently, Rasouli et al. [133] study the
effects of the ERVs on annual cooling and heating energy consumption. The ERV
achieves 40% of energy saving for annual heating, depending on the climate and system
effectiveness. On the other hand, the energy performance of ERV's is examined by Zhou
et al. [134] for different climatic conditions of Shanghai and Beijing in China. The
availability of ERV in Shanghai is found to be better than that of Beijing during the
weather conditions in winter. Arias and Lundqvist [135] use a computer model to
compare the potential of the heat recovery and floating condensing in supermarkets in
Sweden. Results show that it is possible to save highest amount of energy using both
heat recovery and floating condensing. Simonson and Besant [136] study the
effectiveness correlations to predict the sensible, latent and total effectiveness of energy
wheels. Sayed-Ahmadi et al. [137] similarly present the transient effectiveness of run-
around membrane energy exchanger system. Jokisalo et al. [ 138] carry out a simulation
study to investigate the performance of different mechanical ventilation systems for
residential buildings in Finland. It is found that the energy efficiency of ventilation heat

recovery system significantly increases in extreme climatic conditions.

2.7. Performance Assessment of Heat Recovery Systems

In literature, many attempts are made to date for performance assessment of heat
recovery systems. Those works can be split into two categories as theoretical and

experimental researches. In terms of theoretical approach, it can be easily said that a
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heat recovery system is a particular application of the first law of thermodynamics. In
this respect, governing equations characterising the energy transfer in a heat recovery
system are given in this section in order to investigate the performance parameters in an
analytical approach. In Figure 2.21, a schematic is illustrated for a typical heat recovery

panel.

Insulation ——

stale air out

* fresh air out
=

Heat recovery plate

fresh air in ' ' stale air in

Figure 2.21. Schematic for a typical heat recovery panel [17].

The heat recovery panel can be thought of as two straight ducts with fluid flow,
which are thermally connected. Let the ducts be of equal length L, carrying streams with
heat capacity ¢; and let mass flow rate of the streams 771;, where the subscript j applies
to stale air (sa) or fresh air (fa). The temperature profiles for the streams are Ty, (x)
and Tr,(x) where x is the distance along the duct. The analyses are carried out for the

steady-state conditions so that the temperature profiles are not functions of time. It is
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also assumed that the only transfer of heat from a small volume of fluid in one duct is to
the fluid element in the other duct at the same position. The amount of heat transfer
along a duct due to temperature differences is neglected. Through the Newton’s law of
cooling, the rate of change in energy of a small volume of the stream is proportional to

the difference in temperatures between it and the corresponding element in the other

duct:
Jdu

a;a = E(Tfa - Tsa) (2'1)
du

aia = E(Tsa - Tfa) (2'2)

where u;(x) is the thermal energy per unit length and ¢ is the thermal connection
constant per unit length between the two ducts. This change in internal energy results in
a change in the temperature of the stream element. The time rate of change for the

stream element being carried along by the flow is:

Ousq _ dTsq

at - lljsa dx (2'3)
a'LLfa dea

5 = Vre g (2.4)

where yi; = ¢;mh; is the thermal mass flow rate. The differential equations governing the

parallel-flow heat exchanger in the first part of the system can now be written as:

dTs,

wsaﬁ = f(Tfa - Tsa) (2.5)
dTs,

L|Jfa d; = E(Tsa - Tfa) (2.6)



Chapter 2 58

As it is seen from the equations that there are no partial derivatives of temperature
with respect to time since the system is in a steady state. In addition, there are no second
derivatives in x as is found in the heat equation since there is no heat transfer along the

pipe. These two coupled first-order differential equations can be solved as follows:

Tea = Q1 — Q, %exp(—ax) (2.7)
Trg = Q1 + 0, %ex'p(—ax) (2.8)
where

1= wia @9
o, = L;;a (2.10)
0 =01+0, (2.11)

where (; and (), are the constants of integration. Let Ts, o and Tr, o be the temperatures
at x = 0 and let Ty, ;, and Ty, be the temperatures at the end of the duct at x = L. In

this regard, the average temperatures in each duct can be given by:

L

_ 1

Teq = Zf T,, dx (2.12)
0

L

— 1
0

The temperatures for the inlet and the outlet conditions are calculated as follows:
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01

Tsa’o = Ql —_ Qz ; (214‘)
0>

Trao = Q1 + o (2.15)
01

Tsqr =01 — O, ;exp(—aL) (2.16)
0>

Trar = Qg +Q; ?exp(—aL) (2.17)

—_ 0'1

Teqg = — Qzﬁ(l — exp(—al)) (2.18)

— 0'2

Tra =0+ Q7 (1 - exp(—oal)) (2.19)

In equations, (2.14 — 2.19) choosing any two of the temperatures eliminates the
constants of integration and enables to find the other four temperatures. Total energy
transferred can be determined by integrating the expressions for the time rate of change

of internal energy per unit length:

L
dy, du _ —
d;a = f d;a dx = Lpsa(Tsa,L - Tsa,O) = fL(Tfa - Tsa) (2.20)

0

L
dY]-ca dufa

at ) dt
0

dx = l~|Jfa(Tfa,L - Tfa,O) = fL(Tsa - Tfa) (2.21)

It can be clearly noted from the equations above that the sum of the energy

changes is zero as a consequence of the conservation of energy. The quantity Tfa —Tsa

is known as the logarithmic mean temperature difference, and it is a measure of the

effectiveness of the heat exchanger.
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2.7.1. Energy analysis

El-Baky and Mohamed [70] carry out the energy analysis of heat pipe heat
exchanger. The optimum effectiveness at low fresh air temperature is found to be close
the experimental effectiveness as it is illustrated in Figure 2.22. The energy efficiency
also reaches approximately 85% [70,93]. Similarly, it is calculated as about 80% by
Fernandez-Seara et al. [71]. In another study, the efficiency is similarly found to be
75.6% [74]. A study shows that the performance could be reached 85% by modifying
the heat exchanger components [113]. In contrast to these results, the efficiency is found
to be between 55 and 60% depending on the fan speed [75]. A study presented by Lu et
al. [72] shows that the heat exchanger effectiveness changes from 65 to 85% depending
on the airflow rate. The effectiveness of heat exchangers is also studied by researchers
[79-81]. In another study, the total effectiveness of system is studied. The results

indicate that the total effectiveness varies from 50 to 55% [89].
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Figure 2.22. Optimum effectiveness and experimental effectiveness [70,139].
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2.7.2. Exergy analysis

The second law performance of waste heat recovery based on power generation
system is investigated by researchers [140,141]. It is understood from the analysis that
the gas inlet temperature improves second law efficiency of the system. Exergy analysis
of a ground coupled heat pump system combined with two horizontal heat exchangers is
carried out by Esen et al. [142]. The results stress that the exergy efficiency mitigates
with increasing outside temperature. Similarly, exergy analysis of transcritical CO, heat
pump is achieved by Sarkar et al. [143]. Recently, exergy analysis of a cross-flow heat
exchanger is performed by Kotcioglu et al. [144]. The heat exchanger efficiency
decreases with the increasing air flow velocity. Yilmaz et al. [40] also present exergy
based performance assessment for heat exchangers. On the other hand, the exergy
transfer effectiveness for heat exchanger is described by Wu et al. [145]. Hepbasli and
Akdemir [146] achieve the exergy analysis of a ground source heat pump system. Pulat
et al. [147] conclude that the exergy efficiency of proposed system decreases with

increasing waste fluid inlet temperature.

2.8. Environmental Impacts of Heat Recovery Systems

Energy saving is one of the key issues for both fossil fuel consumption and
protection of global environment [115]. The rising cost of energy and the global
warming address that development of the improved energy systems is necessary to
increase the energy efficiency while reducing greenhouse gas emissions. The most
effective way to reduce energy demand is to use energy more efficiently [40].
Therefore, waste heat recovery is becoming popular in recent years since it improves
energy efficiency. About 26% of industrial energy is still wasted as hot gas or fluid in

many countries [ 148]. However, during last two decades there is remarkable attention to
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recover waste heat from various industries and to optimise the units which are used to
absorb heat from waste gases [140,141]. Thus, these attempts enhance reducing of

global warming as well as of energy demand.

2.8.1. Energy consumption

In most industrialised countries, HVAC is responsible for one third of the total
energy consumption. Moreover, cooling and dehumidifying fresh ventilation air
composes 20-40% of the total energy load for HVAC in hot and humid climatic regions.
However, that percentage can be higher where 100% fresh air ventilation is required
[21,149]. This means more energy is needed to meet the fresh air requirements of the
occupants. The heat recovery is getting a necessity due to an increasing energy cost for
treatment of fresh air. The main purpose of heat recovery systems is to mitigate the
energy consumption of buildings for heating, cooling and ventilation by recovering the
waste heat. In this regard, stand alone or combined heat recovery systems can be
incorporated into the residential or commercial buildings for energy saving. Reduction
in energy consumption levels can also notably contribute in reducing greenhouse gas

emissions for a sustainable world.

2.8.2. Greenhouse gasses

C0,, N,0 and CH, are common greenhouse gasses and CO, is the most
deleterious one in terms of environmental issues. Therefore the greenhouse gas
emissions are frequently denoted as CO, equivalent emissions [150]. Total global
greenhouse gas emissions increased 12.7% between 2000 and 2005 [151]. In 2005,
around 8.3 Gt CO, was released by building sector. Moreover buildings are responsible

for more than 30% of greenhouse gas emissions each year in most of developed
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countries [152]. According to another study, buildings in European Union countries
cause about 50% of the CO, emissions in the atmosphere [153,154]. It is possible to
mitigate the greenhouse gas emissions by 70% compared to the levels expected to be
seen in 2030 if the proper measures are taken [155-157]. The increase in greenhouse
gas emissions due to high demand of energy use results to heavy environmental effects
notably global warming [158]. In this regard, mitigating gas emissions in the
atmosphere stands out as one of the most crucial problems of the world today that
should be resolved. Heat recovery systems have a remarkable potential to contribute in
decreasing greenhouse gas emissions. The Scotch Whisky Association carries out a
project at Glenmorangie distillery to recover latent heat from new wash stills to heat
other process waters. It is found that 175 tonnes a year of CO, will be saved with a
payback period of under one year [159]. In another report, it is underlined that 10 MW
of recovered heat can be utilised for saving €350,000 per year in emission costs [ 160].
UK Climate Change Act of 2008 is targeting a 34% reduction in greenhouse gas
emissions by 2020 compared with 1990 levels and an 80% reduction by 2050. They
emphasize the notable potential and importance of heat recovery technologies to

achieve this goal [161].

2.9. Future Potential of Heat Recovery Systems

Heat recovery systems are very promising technologies since they provide
considerable energy savings in various sectors especially in domestic and industrial
buildings. As clean energy generation becomes important day by day, efficient
utilisation of the energy appears much more significant due to the rising cost of energy
production. Therefore, heat recovery systems draw attention throughout the world for

their potential of saving energy and mitigating greenhouse gas concentrations in the
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atmosphere. The current cost of the heat recovery systems completely depends on the
technology that they have. The payback period of them varies from a couple of years to
15 years with respect to the heat recovery technology [35]. As reported by Crawford et
al. [126] for a building integrated photovoltaic system with heat recovery unit, heat
recovery systems have a dominant impact on reducing the payback period of the energy
supplying system. Future predictions indicate that the heat recovery systems will play
an important role in the energy sector as a consequence of the developments in material

sciences and growing significance of environmental issues [162-165].

2.10. Recommendations for Heat Recovery Systems

As previously reported by Perez-Lombard et al. [3], heating, ventilation and air
conditioning systems play a significant role in energy consumption levels of buildings.
Therefore, efficient utilisation of these systems is compulsory for mitigating fuel
consumption amounts, and thus the greenhouse gas emissions. Heat recovery
technologies have a notable potential to reduce the energy demand of buildings
especially for the colder climates such as Germany and Sweden [32,166]. Among the
various heat recovery technologies, mechanical ventilation with heat recovery can be
considered the most common type that enables a heat recovery efficiency of the
outgoing ventilation air of about 75% [167]. However, it is well-documented in
literature that the operational costs of the air-to-air heat recovery systems are quite high
due to the electrical energy demand to run the fans in the system [168]. The notably
high energy consumption by the fans is a consequence of the pressure drop occurring
during the energy transfer from stale air to fresh air. In order to avoid this pressure drop,
air treatment components, such as aftercoolers, moisture separators, dryers, and filters

should be selected with the lowest possible pressure drop at specified maximum



Chapter 2 65

operating conditions as recommended by McGuire [169]. Another problem for the air-
to-air heat recovery systems is the disturbing noise due to the fans of the ventilation
unit. Recent works indicate that heat recovery panels can be modified to work in natural
or hybrid ventilation systems in order to eliminate the noise effect [74,170]. Heat
recovery systems can be integrated with different systems such heat pumps,

photovoltaic panels or photovoltaic/thermal collectors.

2.11. Conclusions

Heat recovery technologies are commercially available in different types, and
utilised in building sector for different purposes. The previous attempts are essentially
based on determining the overall performance of any heat recovery system as function
of constructional and operational parameters. However, it can be easily noted that no
research has been conducted so far for a thorough assessment of existing heat recovery
technologies in a holistic and comparative way as mainly focusing on heat recovery
efficiency, cost and application areas.

In this chapter, a detailed review on building applications of heat recovery
technologies is presented. It is noted from the results that there are many different heat
recovery systems in the market today. However, as previously reported by Mardiana-
Idayu and Riffat [35], fixed plate, heat pipe, rotary wheel and run-around heat
exchangers are the most common types, and rotary wheel heat recovery systems still
have the highest efficiency levels as it is clearly illustrated in Table 2.2. The results
from the literature analysis indicate that heat recovery systems have a remarkable
potential to mitigate the energy demand of buildings, and thus the greenhouse gas
emissions in the atmosphere. Hybrid heat recovery technologies draw attention in recent

years. Heat pump and/or photovoltaic/thermal collector integrated heat recovery panels
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become widespread for both space heating and ventilation purposes. Current cost of the
heat recovery systems is still high, but future predictions indicate that the manufacturing
costs of these systems will notably decrease as a consequence of the developments in

material science and technology.
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Theoretical iInvestigation and
thermodynamic assessment of a solar

powered heat recovery panel in buildings

3.1. Introduction

Energy is simply defined as the ability or the capacity to do work. It is of vital
importance for our relations with the environment [99,101,162]. Efforts to sort out the
problems related to energy are therefore important [2]. Current scenarios indicate that the
energy-based problems continue to threaten the world. Especially global warming and its
dramatic environmental impacts are unequivocal. As presented in a recent report [24],
Earth’s average surface temperature has increased by about 0.8 °C and approximately
two thirds of this increment has occurred over just the past three decades. The
predictions for global warming clearly show that the urgent global measures need to be
taken to stabilise greenhouse gas concentrations in the atmosphere and thus to minimise
the adverse environmental effects associated with the gas emissions such as acid
precipitation and stratospheric ozone depletion [171]. On the other hand, greenhouse
gases are dominated by human activities like fossil fuel consumption and deforestation
[27,28,172]. As a consequence of the global population growth and economic
development, world energy consumption per capita dramatically increases as
contributing to the pollution, environmental deterioration and global greenhouse gas

emissions [173].
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In recent years, intensive works have been done in order to create public awareness
on some key concepts such as the trend of greenhouse gas concentrations in the
atmosphere [174] and its influences on global climate [1,175]. Developed countries have
offered sharp measures to achieve a notable mitigation in fossil fuel consumption levels.
In addition, a strong stimulation of research into renewable energy technologies has been
commenced throughout the world especially in the last decade [99,104] in order to
narrow the gap between conventional and renewable energy resources due to the
growing significance of environmental issues [163,176,177]. Currently, renewable
energy resources supply about 14% of total world energy demand and their future
potential is notable [5,6]. However, this notahle progress is not still sufficient for the
urgent stabilisation of greenhouse gas concentration in the atmosphere. Therefore,
research on energy management as well as efficient minimisation of energy consumption
has become vital more than ever in recent years.

As reported by Riffat and Cuce [ 106], buildings are responsible for more than 30%
of greenhouse gas emissions in most of the developed countries. Buildings have a long
life span lasting for 50 years or more and thus, minimisation of energy consumption
levels of buildings has a notable potential to contribute in mitigating greenhouse gas
concentrations for longer periods. Most of the energy losses in buildings are associated
with heating, ventilation and air conditioning (HVAC) systems. Therefore, recovering
the waste heat for HVAC purpose may considerably contribute to the efficient energy
utilisation and hence, in degrading greenhouse gas emissions. Heat recovery systems
(HRSs) are very promising devices in order to reduce energy consumption in buildings
and thus, to mitigate the greenhouse gas emissions. The aim of HRSs is to mitigate the
energy consumption and cost of operating a building by transferring heat between two

fluids [31]. A significant amount of energy can be recovered in HRSs while exchanging
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the exhaust air with fresh air for domestic use. Therefore heating, cooling and ventilation
of buildings using heat recovery have become more significant in recent years since it
has notable potential to contribute in decreasing energy demand for HVAC.

Heat recovery term basically corresponds to an air-to-air heat or energy recovery
system which works between two streams at different temperatures. In other words, it is
defined as heating the incoming air via the recovered waste heat and hence, decreasing
the heating loads. Heat recovery systems include many different types to transfer waste
energy from the exhaust air to the incoming air. However, all those heat recovery
systems generally fall into two main categories namely sensible heat recovery systems
and enthalpy heat recovery systems. A typical heat recovery system in buildings consists
of channels for incoming fresh air and outgoing stale air, a heat exchanger core and
blower fans. The heat recovery devices are often installed in a roof space or within the
building interior. Current heat recovery systems are able to recover about 60-95% of the
waste heat [35]. HRSs have significant potential to reduce the heating demand of
buildings in a cost-effective way. The need of effective ventilation for the places without
window like bathrooms and toilets can also be maintained by heat recovery technologies.

Efficient ventilation is an indispensable necessity for residents in buildings for a
comfortable and healthy indoor environment. In recent years, many attempts have been
made to use HRSs in buildings for ventilation purposes. In this respect, several
experimental studies have been conducted to investigate performance assessment of
HRSs primarily designed for ventilation. Abd El-Baky and Mohamed [70] design a
horizontal staggered heat pipe to cool fresh air in air conditioning application. The aim of
the study is to investigate the thermal performance and effectiveness of HRS by
connecting the fresh air and stale air with heat pipe heat exchanger. The results indicate

that the temperature changes of fresh and exhaust air increase with increasing fresh air
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temperature. The heat recovery also reaches about 85% with increasing fresh air
temperature. In addition to those results, the thermal effectiveness rises with increasing
fresh air temperature. A sensible polymer plate type heat exchanger arranged as parallel
triangular ducts is used for balanced ventilation systems in residential buildings by
Fernandez-Seara et al. [71]. The results show that the relative humidity decreases from
95% to 34%. Under the steady-state condition, the thermal efficiency of plate type heat
exchanger and the heat transfer rate in the plate type heat exchanger are calculated as
80% and 672 W, respectively. Lu et al. [72] develop a new type film heat recovery
ventilator using a plastic film to enhance the performance under cross-flow mode. The
results reveal that the effectiveness of the heat exchanger varies from 0.65 to 0.85 with
airflow rate. The study also shows that the film vibration improves heat transfer. Pressure
drop increases with air flow rate and decreases with film thickness. Hviid and Svendsen
[74] develop a heat recovery concept for innovative passive ventilation systems with heat
recovery. The system is also devised to provide cooling for temperate climates. The
pressure drop and heat transfer efficiency of heat recovery system are calculated as
0.37 Pa and 75.6% for a given airflow rate of 560 L/s, respectively. Persily [75]
similarly conducts a performance analysis of an air to air heat exchanger. The heat
recovery efficiency is found to be 55 to 60%, depending on the fan speed. However, it is
underlined that this efficiency range is for without considering losses in fan power and
heat conduction through the metal case of the heat exchanger. Riffat and Gan [76] test
the performance of three types of heat pipe heat recovery unit. They observe that the
effectiveness decreases with increasing air velocity. In addition, the shape of fins and
pipe arrangement affect the effectiveness. Thus, poor thermal contact between fins and
pipes substantially deteriorates the effectiveness of heat pipes. Air tightness of heat

recovery system is so important since it directly affects system performance. Numerical
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calculations indicate that unintentional air flow (leakage) adversely affects the
performance of ventilation units [77]. Zhong and Kang [82] carry out a study in order to
estimate the applicability of energy recovery ventilators by selecting eight cities in four
different climates in China. It is found that the single heat exchanger cannot meet the
energy demand in the aforementioned climate zones. Therefore, it is recommended that
the double heat exchanger should be used to meet the requirement of energy recovering
in ventilation systems. An air source heat pump system with none, single and double heat
recovery capabilities is built and tested by Nguyen et al. [83]. The analyses indicate that
a heat pump system with double heat recovery mechanism is found to be the most
efficient one in terms of energy saving performance compared to the other variations.
Besides the above-mentioned experimental works, some theoretical studies are
conducted for analysis of HRSs based on ventilation purposes. Zhang et al. [119] present
a thermodynamic model for a novel air dehumidification system. The system devised
incorporates a membrane-based total heat exchanger into a mechanical air
dehumidification system, where the fresh air flows through the enthalpy exchanger, the
evaporator and the condenser subsequently. The theoretical results indicate that the
system provides 33% energy saving. Zhang and Jiang [123] investigate the heat and
mass transfer in a membrane-based energy recovery ventilator. Through the finite
difference simulations, the temperature, and humidity fields in the unit are measured.
The results show that heat and humidity would be recovered from the exhaust stream
(sweep) in winter and excess heat and moisture would be transferred to the sweep in
order to cool and dehumidify the incoming air (feed) in the summer. Xia et al. [43]
present a mathematical model to analyse a parallel flow heat exchanger. Vali et al. [128]
develop a two-dimensional steady-state numerical model to analyse the heat transfer in a

run-around heat recovery system with two exchangers each with a combination of
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counter and cross flow between parallel plates or membranes. It is observed that the
highest overall sensible effectiveness is achieved with exchangers that have a small
exchanger aspect ratio and relatively small solution flow inlet and outlet lengths. A
mathematical model for the adiabatic adsorption within a hygroscopic material (silica-
gel) is developed and solved by Nobrega and Brum [117]. It is revealed that even for a
small mass transfer potential between exhaust and ventilation air streams, enthalpy
wheels can be significantly more efficient than heat wheels, as an energy saving
technique. A mathematical model is developed by Min and Su [122] to predict the
thermal-hydraulic performance of a membrane-based energy recovery ventilator. The
results indicate that for a fixed fan power, as the channel height increases, the total heat
transfer rate initially increases, after reaching a maximum at a certain channel height,
turns to decrease. Lin et al. [129] numerically investigate a heat pipe application in heat
recovery systems.

Comprehensive literature review indicates that no attempt has been made to date to
incorporate solar photovoltaic systems into HRSs for ventilation purposes in order to
increase thermal energy content of the fresh air while keeping the temperature of
photovoltaic cells as low as possible for better electrical output. Therefore in this study, a
novel solar powered heat recovery system (SPHRS) is theoretically investigated for the
climatic conditions of Nottingham, UK. As illustrated in Figure 3.1, the SPHRS consists
of two parts namely heat recovery unit and solar powered unit. In the heat recovery duct,
incoming fresh air is preheated via stale air coming from the indoor environment. In the
solar powered duct, the preheated air is utilised to cool the photovoltaic cells while its
thermal energy increases. The system presented in this chapter is offered for the winter
season in order to decrease the HVAC cost of the buildings and increase the electrical

power output of photovoltaic systems.
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Figure 3.1. Schematic of the solar powered heat recovery system [15,111].

3.2. Methodology

The methodology adopted in this chapter is a theoretical investigation of a solar
powered heat recovery system. Through the conservation principle of energy, energy
equilibrium is written for air flowing through a duct which is integrated with solar
panels. As it is a well-known design of air type hybrid photovoltaic thermal collectors, it
is very easy to prove the reliability of the methodology. In this respect, a recent research
on the said field is utilised for accuracy justification. Outlet temperature of fresh air is
theoretically determined by demonstrating the waste heat recovery effectiveness from
back side of PV panels to incoming fresh air. At this time of the research, the
methodology is entirely based on theoretical approach.

Although the objective of this chapter is to determine the practicality and
applicability of the proposed solar powered heat recovery system to be utilised in
buildings, the independent variables of the research are painstakingly selected to cover

various climatic conditions. For instance, inlet fresh air temperature is varied from
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—5 to 5 °C to have an understanding about the feasibility of the technology developed
under both severe and temperate environmental parameters. Hence, it can be easily
asserted that the data collection in the research methodology is satisfactory in terms of a

realistic approach.

3.3. Theoretical Investigation of a Solar Powered Heat Recovery System

A heat exchanger is a device that is used to change the thermal energy contents of
two streams when they are in direct or indirect contact. A heat exchanger can be
classified into two types in terms of flow directions of the streams, namely, parallel flow
and counter flow. The SPHRS presented in this chapter is a parallel flow heat exchanger
as it is understood from the flow directions in Figure 3.1. Rectangular duct shape is
considered in the theoretical research. Either parallel or counter flow can be preferred in
the research depending on the operational requirements. The theoretical analysis of the
system can be split into two categories: heat recovery from stale air and heat recovery
from photovoltaic cells. In the first part, fresh air from outside is preheated via the stale
air from indoor environment. Afterwards, the preheated air is used to recover the waste
heat from photovoltaic cells. The proposed system aims at keeping photovoltaic cell
temperature as low as possible for better electrical efficiency as well as providing heated
fresh air to the indoor environment for various uses.

The first part of the SPHRS might be thought of as two straight ducts with fluid
flow, which are thermally connected. Let the ducts be of equal length L, carrying streams
with heat capacity ¢; and let mass flow rate of the streams m;, where the subscript
J applies to stale air (sa) or fresh air (fa). The temperature profiles for the streams are
Tsq(x) and Ty, (x) where x is the distance along the duct. The analyses are carried out

for the steady-state conditions so that the temperature profiles are not functions of time.
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It is also assumed that the only transfer of heat from a small volume of fluid in one duct
is to the fluid element in the other duct at the same position. The amount of heat transfer
along a duct due to temperature differences is neglected. Through the Newton’s law of
cooling, the rate of change in energy of a small volume of the stream is proportional to

the difference in temperatures between it and the corresponding element in the other

duct:
Jdu

a;a = E(Tfa - Tsa) 3.1
du

aia = E(Tsa - Tfa) (3.2)

where u;(x) is the thermal energy per unit length and ¢ is the thermal connection
constant per unit length between the two ducts. This change in internal energy results in
a change in the temperature of the stream element. The time rate of change for the

stream element being carried along by the flow is:

Ousq dTs,
at - lljsa dx (3'3)
Jdu daT
fa fa

where yi; = ¢;mh; is the thermal mass flow rate. The differential equations governing the

parallel flow heat exchanger in the first part of the system can now be written as:

dTsq
wsaﬁ = E(Tfa - Tsa) (3.5)

T

dTrq
d; = E(Tsa - Tfa) (3.6)

L|"fa
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As it is seen from the equations that there are no partial derivatives of temperature
with respect to time since the system is in a steady state. In addition, there are no second
derivatives in x as is found in the heat equation since there is no heat transfer along the

pipe. These two coupled first-order differential equations can be solved as follows:

o
Tea = Q1 — Q, ?exp(—ax) 3.7)
03
Tre =01 +Q, ;exp(—ax) (3.8)
where
§
01 = (3.9
b W
§
o, = (3.10)
g Lpfa
o=o0,+ 0, (3.11)

where 6, and o, are the constants of integration. Let T, o and Trq o be the temperatures
atx = 0 and let T, , and Tfg ), be the temperatures at the end of the duct at x = L. In

this regard, the average temperatures in each duct can be given by:
L
— 1
Tsq = Zf Tyq dx (3.12)
0

— 1
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The temperatures for the inlet and the outlet conditions are calculated as follows:

2]
Tsa,O =0, —Q, ;
02
Tfa‘o = Ql + Qz ;
2]
Tsa,L =0, —Q, ;exp(_O-L)
o
Trar = Q1 +Q ;zexp(—aL)
— 0'1
Ty =0 —Q, ﬁ(l — ex'p(—aL))

— O
Tra=Q +Q, J—ZZL (1 - exp(—olL))

(3.14)

(3.15)

(3.16)

(3.17)

(3.18)

(3.19)

In equations, (3.14 — 3.19) choosing any two of the temperatures eliminates the

constants of integration and enables to find the other four temperatures. Total energy

transferred can be determined by integrating the expressions for the time rate of change

of internal energy per unit length:

du _ —
f L dx = L|"sa(Tsa,L - Tsa,O) = fL(Tfa - Tsa)
0

ay; du L
ﬂ f fa dx = LlJfa(Tfa,L - Tfa,O) = SL(TSa — Tfa)
0

(3.20)

(3.21)

It can be clearly noted from the equations above that the sum of the energy

changes is zero as a consequence of the conservation of energy. The quantity T, — T,
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is known as the logarithmic mean temperature difference, and it is a measure of the
effectiveness of the heat exchanger.

The second part of the system is simply an air type hybrid photovoltaic/thermal
(PV/T) collector. In recent years, numerous attempts have been made to investigate the
performance characteristics of both air and water type PV /T collectors [178-189]. In
theoretical studies, several assumptions have been incorporated into the governing
equations which significantly affect the results. In this chapter, a thermodynamic model
is introduced to minimise the aforementioned errors arising from the assumptions. The
model analyses one dimensional heat transfer which is usually considered as a good
approximation for this study as previously reported by Dubey et al. [188]. The results
are for the steady-state conditions. The ohmic losses in the photovoltaic cells are
negligible and the glass cover has a uniform temperature.

The theoretical analysis of the second part is required to write the energy balance
equations for each system component. First of all, the governing equation for

photovoltaic cells is given by:

UpeTyePpeGIAx = [Upeamp(Toe = Tamp) + Upe.far (Tpe — Tra+) |9dx
N TgePpcGIAx (3.22)

where a,., By and T,. are the absorptivity coefficient, the packing factor and the
temperature of photovoltaic cells, respectively, 7,4 is the transmissivity coefficient of
the glass cover, G is the solar intensity, 9 is the width of solar powered duct, T, is the
ambient temperature, Trq+ is the preheated fresh air temperature and 7 is the electrical
efficiency of the photovoltaic cells. Up¢qmp and Uy fq+ are the overall heat transfer
coefficients from photovoltaic cells to ambient, and from photovoltaic cells to preheated

fresh air, respectively and they are expressed as follows:



Chapter 3 80

wge 1 -
Upcamp = kgc +h_0 (3.23)
-1
_|wge | 1
Upc,fa* - Ik_gc + h_ll (3.24)

where wg, kg¢, by and h; are the thickness of glass cover, thermal conductivity of glass
cover, external heat transfer coefficient and internal heat transfer coefficient,
respectively. Photovoltaic cell temperature can be obtained through equation (3.22) as

follows:

T = (1 - n)apcfgcﬁpcG + Upc,ambTamb + Upc,fa*Tfa*

pc —
Upc,amb + Upc,fa*

(3.25)

Evans [190], and Skoplaki and Palyvos [191] develop an expression for
temperature dependent electrical efficiency of photovoltaic cells which is given by the

following equation:

G

1n =10 |1~ 6¢(Tpc —To) (3.26)

Gre f

where 8, is the temperature coefficient, T, is the cell temperature at standard conditions

and Gy is the solar intensity at standard test conditions.

1
By = 3.27

In equation (3.27), where T}, is the (high) temperature at which the photovoltaic

cells’ electrical efficiency drops to zero. For crystalline silicon solar cells, this
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temperature is 270 °C. The next energy balance equation should be written for the

blackened plate as follows:

[(ch(l - ﬁpC)Tgch]ﬁdx = [hbp,fa* (pr - Tfa*) + pr,amb (pr - Tamb)]ﬁdx (328)

where hpy, 4+ s the heat transfer coefficient from blackened plate to the preheated fresh
air, Ty, is the blackened plate temperature and Upy gmp s the heat loss coefficient
between blackened plate and the ambient. T}, can be obtained via equation (3.28) as

follows:

_ apc(l - ﬂpc)Tgch + hbp,fa*Tfa* + pr,ambTamb

T, (3.29)
br hbp,fa* + pr,amb
where
hppfar = hi =28+ 3v, v=2m/s (3.30)
w; 17171
pr,amb = [ﬁ + h_l] (3.31)

In equation (3.31), w;,, and k;;,, are the thickness and the thermal conductivity of
the insulation material, respectively. Final energy balance equation is written for the
preheated fresh air flowing through the second duct:

) dTsq-
MyarCpa» — —dx = [Rop.far (Top — Tra*) + Uperar(Tpe — Trar)|9dx (3.32)
where 14+ and csq+ are the mass flow rate and specific heat capacity of the preheated

fresh air, respectively. By involving equations (3.25) and (3.29) into (3.32) under the

initial conditions namely:



Chapter 3 82

Tfa* x=0 = Tfa*,in (3.33)
Tfa* x=L = Tfa*,out (3.34)
one gets:
T = (a0)G 1—ex —LﬁL + Trgt in €X —LﬁL
fa*,out U. p MqrCra fa*,in €XP Mrq Crar
U.
- Tambexp - WﬁL + Tamb (335)

where (at) is the product of effective absorptivity and transmissivity and U, is the
overall heat transfer coefficient for the second part of the system. (at) and U, are given

by the following equations:

(0(7.') = hpl(af)l + hpz (aT)Z (3.36)
where
U *
h,, = pefa (3.37)
P Upc,amb + Upc,fa*
hbp fa*
W= : (3.38)
p2 pr,amb + hbp,fa*
(af)l =(1- n)apcfgcﬁpc (3.39)
(at), = ap.(1 - ﬁpc)rgcz (3.40)
U c,am, U C, a* U am h a*
U, = pc,amb ™ pe,f bp,amb"*bp,f (3.41)

Upc,amb+Upc,fa* pr,amb+hbp,fa*
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The average preheated air temperature over the length of the second duct can be

determined via the following equation:

_ 1 (L

Tfa* = —j Tfa*dx (34‘2)
LJy

_ (a1)G 1—exp(—0) 1—exp(—0)

Teor = [T + Tomp | |1 — — 9 + Trqari — 9 (3.43)

where
U,

0 =- IL (3.44)

Mea*Cfa*

For the solution of combined system in terms of both thermal and electrical
performance, Trq+ i 1 set equal to Ty, and the average preheated air temperature is
numerically determined. For the temperature dependent electrical efficiency of the

system, the expression of Dubey et al. [ 188] can be utilised.

3.4. Thermodynamic Assessment of Heat Recovery Systems

In the last decades, increasing demand of air conditioning has resulted in growing
trend on energy consumption and demand. Around 80% of energy consumed is based
on non-renewable energy resources such as fossil fuels [192]. Energy consumed due to
HVAC is responsible for more than 20% of total energy consumption in the world.
Therefore, it is important to find proper solutions to diminish the utilisation of non-
renewables as to be primary energy sources. Several attempts are made by researchers
to mitigate the energy consumption and thus carbon emissions during HVAC. Besides
the minimisation of energy consumption, effective use of available energy plays a

significant role in increasing the system performance. Moreover, effective evaluation of
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heating, cooling and ventilation performance of heat recovery system is of vital
importance to improve the utilisation of the energy and desired thermal comfort
conditions of indoor environment [193]. In order to identify the energy performance of
residential HVAC systems, first law of thermodynamics is applied to the system which
overcomes the quantity of energy [194]. Sometimes energy analysis is not enough alone
to define the effective use of energy in a process. In other words, exergy analysis helps
to find location of inefficiencies accurately. Moreover, second law analysis can be used
for performance optimisation of HVAC systems. In literature, exergy efficiency is
studied by almost few researchers to make the analyses of building services in buildings
such as space heating system, thermal energy storage, solar assisted domestic hot water
systems etc [195]. In this study, second law analysis of thermodynamics is applied to a
novel solar powered heat recovery system, and the results are analysed and discussed

thermodynamically.

3.4.1. Exergy analysis of a solar powered heat recovery system

As reported by McGovern and Smyth [196], exergy analysis of a heat exchanger
is straightforward if a fluid enters and leaves a heat exchanger at known states (with
negligible values of specific kinetic and potential energy) and the temperature of the
environment is also known. Net exergy interaction in a heat exchanger can be defined as
the difference between the flow exergy function at inlet and at the outlet. In this respect,
exergy efficiency of a HRS is determined as the ratio of the net exergy output to the net
exergy input. Previously developed solar-powered heat recovery system (SPHRS) will
be investigated within the concept of this study, and the data required for the analyses

will be obtained from the mathematical model developed for the aforementioned
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system. The schematic of the proposed SPHRS is illustrated in Figure 3.1. Through the

explanations above, exergy efficiency of the SPHRS can be written as follows:

_ mfa,in[(hfa,out - hfa,in) - Tamb (Sfa,out - Sfa,in)]

- msa,in[(hsa,in - hsa,out) - Tamb (Ssa,in - Ssa,out)]

Nex (3.45)

where g i is the mass flow rate of the fresh air, 1gg ;, is the mass flow rate of the
stale air, hfa,l-n is the enthalpy of fresh air at the inlet, hfa‘out is the enthalpy of fresh air
at the outlet, hsa,in is the enthalpy of stale air at the inlet, hsa,out is the enthalpy of stale
air at the outlet, Sfq;, 1s the entropy of fresh air at the inlet, Sfq 0y 1S the entropy of
fresh air at the outlet, sg4 i, 1s the entropy of stale air at the inlet, Sg4 ¢ 1S the entropy
of stale air at the outlet, and Ty,,,;, is the ambient temperature.

The overall rate of entropy creation (Syer) is expressed as the ratio of total exergy

destruction rate (EX ) to the T,y as given below:

. _ Exdes
Sgen =

(3.46)
Tamb

The ratio of total exergy destruction rate can be expressed as the difference

between the net rates of exergy input and output as follows:

Exdes = msa,in[(hsa,in - hsa,out) - Tamb (Ssa,in - Ssa,out)]

- mfa,in[(hfa,out - hfa,in) - Tamb (Sfa,out - Sfa,in)] (3-47)

If equation (3.46) is substituted into equation (3.47), one gets:

Sgen = mfa,in(sfa,out - Sfa,in) + msa,in(ssa,out - Ssa,in) (3-48)
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As a consequence of the energy conservation requires:

msa,in(hsa,in - hsa,out) = mfa,in(hfa,out - hfa,in) (3-49)

Total exergy destruction rate (Ex e ) 1s calculated by:

Exdes,tot = Tamb [mfa,in(sfa,out - Sfa,in) + msa,in(ssa,out - Ssa,in)] (3-50)

3.5. Results and Discussion

In this part of the research, key results of theoretical investigation and

thermodynamic assessment of solar powered heat recovery panels is given.

3.5.1. Results from theoretical investigation

The SPHRS is devised to preheat the fresh air from outdoor environment in order
to reduce the heating load of the buildings in winter conditions. Also, the system aims at
keeping the surface temperature of photovoltaic modules as low as possible to improve
the electrical output of the system. The theoretical analyses are carried out by
considering the environmental conditions of Nottingham, UK. In this respect, the
temperature of stale from indoor environment is taken to be 25 °C due to the thermal
comfort conditions. The results are obtained for six solar intensity levels in the range of
0-500 W /m?, and for three fresh air temperature values from outdoor environment from
—5 to 5 °C. For different temperature values of the incoming fresh air, outlet
temperatures of fresh air and stale air are illustrated in Figure 3.2, Figure 3.3 and
Figure 3.4. The length of the SPHRS is selected to be 2 m; 1 m for the heat recovery
unit and 1 m for the solar powered unit. It is found from the results that the fresh air

temperature increases exponentially along the heat recovery unit while the stale air
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temperature decreases. In the solar powered unit, stale air temperature remains constant
as a consequence of the perfect insulation. On the other hand, fresh air temperature
increases linearly along the solar powered unit. It is also observed from the results that
the solar intensity has a linear impact on the outlet fresh air temperature of the solar
powered unit. Trg- , is found to be 8.18, 12.18, 16.21, 20.26, 24.32 and 28.40 °C for
the solar intensity of 0, 100, 200, 300, 400 and 500 W /m?, respectively for
Tfq0 = —5 °C. Maximum values of T4+ , have been found to be 31.21 and 34.01 °C for

Trq0 = 0 and 5 °C, respectively.
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Figure 3.2. Solar intensity dependencies of outlet fresh air and stale air temperatures for

Tfa‘o = _5 OC.
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Figure 3.3. Solar intensity dependencies of outlet fresh air and stale air temperatures for

Trqo = 0 °C.
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In the second part of analyses, outlet fresh air and stale temperatures are
determined for different values of ambient temperature as shown in Figure 3.5,
Figure 3.6 and Figure 3.7. A different demonstration of the previous results is given in
terms of changes in ambient temperature. The results indicate that it is possible to
preheat the fresh air temperature from —5 °C to 12.18, 20.26 and 28.40 °C for the solar
intensity of 100, 300 and 500 W /m?, respectively. It can be noted from the results that
the SPHRS is quite appropriate for both heating and ventilation purposes in colder

climates. Heating load of the buildings can be considerably reduced in winter by utilising

the SPHRS.
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Figure 3.6.

Figure 3.7.
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Finally, ambient temperature and solar intensity dependencies of the electrical
efficiency of the SPHRS are evaluated as illustrated in Figure 3.8. It is understood from
the results that the electrical efficiency increases linearly with increasing solar intensity
level for constant ambient temperature. On the other hand, the electrical efficiency
decreases with increasing values of ambient temperature. It can be concluded that the
surface temperature of photovoltaic modules increases with increasing ambient
temperature and solar intensity level. As a consequence of that, electrical efficiency of
the solar powered unit decreases. In this regard, passive or active cooling techniques can

be performed to enhance the electrical output of the SPHRS.

n (%)
S = N W N~ N N
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Figure 3.8. Variation of electrical efficiency of the SPHRS by ambient temperature and

solar intensity.
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3.5.2. Results from thermodynamic assessment

In previous work, a novel heat recovery system for heating and ventilation
purposes (SPHRS) is developed. The SPHRS 1is devised to preheat the fresh air from
outdoor environment in order to reduce the heating load of the buildings in winter
conditions. Also, the system aims at keeping the surface temperature of photovoltaic
modules as low as possible to improve the electrical output of the system. The theoretical
analyses are carried out by considering the environmental conditions of Nottingham,
UK. In this respect, the temperature of stale from indoor environment is taken to be
25 °C due to the thermal comfort conditions. The results are obtained for six solar
intensity levels in the range of 0-500 W /m?, and for three fresh air temperature values
from outdoor environment from —5 to 5 °C. For different temperature values of the
incoming fresh air, outlet temperatures of fresh air and stale air are obtained as given in
Figure 3.2, Figure 3.3 and Figure 3.4, and this data is used in the second law analysis of
the aforementioned system. The length of the SPHRS is selected to be 2 m; 1 m for the
heat recovery unit and 1 m for the solar powered unit. The ratio of mass flow rates
(Myq /M) is selected to be 0.1 for a realistic approach. The reason of selecting such a
figure can be attributed to maximising the time of fresh air as it is passing through the
heat recovery channel. Finally, exergy efficiency of the SPHRS is determined as shown
in Figure 3.9. The results indicate that both ambient temperature and solar intensity have
a positive effect on exergy efficiency. For higher values of ambient temperature and
solar intensity, second law efficiency of the SPHRS shows a remarkable increase as it is
unequivocal from the results. For the best case of the analyses (T, =5 °C and
G = 500 W /m?), ,, is found to be 60.7%, whereas it is 4.3% for the worst case. It can

be easily concluded from the results that the SPHRS is a very promising technology, and
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it can be utilised especially in colder climates to reduce the energy consumption levels of

buildings.

Figure 3.9. Exergy efficiency of the SPHRS with respect to the changes in ambient

temperature and solar intensity.

3.6. Conclusions

In this chapter, theoretical investigation of a novel heat recovery system is
presented. The results indicate that the proposed system is very efficient to preheat the
cold fresh air from outdoor environment in winter, and hence to mitigate the heating
demand of buildings especially in colder climates. The system can be utilised for both
ventilation and heating purposes. In the second part of this research, the aforementioned

system will be investigated experimentally. Second law analysis of a novel heat recovery
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system is also presented in this research. The results indicate that the proposed system is
very efficient to preheat the cold fresh air from outdoor environment in winter, and hence
to mitigate the heating demand of buildings especially in colder climates. The system can
be utilised for both ventilation and heating purposes. Maximum exergy efficiency of the
system is found to be around 60% which is very promising. This efficiency value can be
enhanced via optimisation of the system parameters such as duct geometry, mass flow
rates of the fluids, packing factor for the solar powered unit, etc. In the second part of

this research, the aforementioned system will be investigated experimentally.
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CHAPTER 4

An experimental investigation of
a novel roof type heat recovery panel

for low-carbon buildings

4.1. Introduction

Ventilation constitutes a significant part of total energy consumed in buildings as
a consequence of rising thermal comfort levels of occupants. In this point, good
insulation of building envelope is crucial to reduce heating and cooling loads. It is
reported in literature that even well insulated and tight buildings consume about 60% of
total annual energy demand for HVAC [32,166,197]. However, roughly 20-40% of the
overall energy consumption of HVAC system is utilised for the ventilation air
conditioning purposes in most of the commercial building sector [128]. That’s why the
building sector is responsible for the major energy depletion worldwide and this issue is
rising continually [10]. It is clearly underlined in literature that it is possible to make a
significant contribution to mitigate the energy consumption of buildings by using heat
recovery technologies along with the insulation. Heat recovery technologies are in fact
user friendly and cost effective for buildings with insignificant maintenance issues.
Besides, the heat recovery technologies are up-and-coming for further developments.
Energy is used to cover the heat losses due to the ventilation air and to move the
ventilation air for mechanical ventilation [198]. It is reported that the ventilation heat
losses can reach 35-40 kWh/m? a year in residential buildings, and 80-90% of this

can be recovered [199]. Mechanical ventilation systems can meet the energy
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requirement for ventilation via recovering waste heat to mitigate heat losses and energy
use [198,200]. Space heating requirement before and after renovation is illustrated in
Table 4.1.

Heat recovery systems are widely studied by numerous researchers both
theoretically and experimentally. For instance, Hviid and Svendsen [74] investigate the
heat recovery efficiency of a liquid coupled heat exchanger. Their results indicate that,
the heat exchanger efficiency changes between 64.5-75.4%. Another empiric study
reveals that it is possible to achieve 8% of energy saving when membrane based heat
recovery system is used rather than conventional HVAC in humid climatic conditions
[86]. In another study, Zhang et al. [119] use an air dehumidification system combined
with membrane based enthalpy heat exchanger and the simulation results demonstrated
that 33% of primary energy saving is achieved. Table 4.2 shows the total economic
savings after implementation of a mechanical ventilation system. Gong et al. [97]
experimentally investigate a new heat recovery technique and the test results indicate
that the system has relatively large coefficient of performance (COP) around 6.

Use of passive and low energy systems in residential buildings provides to
maintain the thermal comfort of the dwelling with the cheapest way [202]. In this paper,
an experimental study of a novel heat recovery unit is presented in detail. The

efficiency, practicality, reliability and sustainability of the system are discussed.

Table 4.1. Space heating requirements in multi-family building [201]

Case Heating requirement* (KkWh/m?)
Before renovation 80
After renovation 46
After renovation, assuming 90% heat recovery 19

«
20 °C indoor set-point temperature, internal gains of 5 W /m? normal Danish climate conditions are assumed.
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Table 4.2. Total economic savings after implementing a mechanical ventilation system
with 90% heat recovery, air changer rate of 0.5 h™! and an electricity

consumption of 3 kWh/m?/a [201]

Reference system Construction expenses (€/m”) Predicted savings over 30 years (€/m?)
1 12’ BI’ B2
Energy price (€/kWh) 0.08 0.16 0.08 0.16
Real interest rate (%/a) 2.5 2.5 0 0
Natural (single-family house) 40 -26 19 3 67
Natural (residential block) 18 13 57 35 98
Exhaust only (residential block) 7 40 91 63 137
: Scenario.

4.2. Description of the System

The system that is presented here aims at cooling or heating the stale air from
indoor environment to be able to reduce or increase the temperature of intake fresh air
in the counter-flow heat exchanger as it is seen in Figure 4.1. Moreover, polycarbonate
shows good chemical resistance to mineral acids, organic acids, greases and oils [203].
Its service temperature is the range of —4 to 135 °C which is suitable for HVAC
applications. In the proposed heat recovery system, polycarbonate sheet has been used
to generate an air to air heat exchanger because of its lightweightiness and cost
effectiveness [204]. A multi-channel heat recovery plate internally places under the roof
of the test house as seen in Figure 4.2. The system is well insulated both internally and
externally to prevent the unwanted heat loss. The test house externally has 7 m length,
3 m width and 4.3 m height. It has two windows plus a velux window on the roof and a
double door all double glazed. The walls, the roof and the floor have 150 mm mineral

wool insulation.
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incoming ' stale air to incoming ' ‘ fresh air to
fresh air the outdeor stale air the indoor

Figure 4.1. Schematic of the proposed heat recovery system [204].

Figure 4.2. Multi-channel ducts of the heat recovery system.

Four polycarbonate heat exchanger sheets have been constructed. Two of them
have been placed at the front of the building while the rest two at the back as shown in

Figure 4.3. The end of each polycarbonate sheet within the building is followed by an
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extract duct connected to the upper channels and an inlet duct connected to the lower
channels. The extract and the inlet ducts are square with internal dimensions of
60 mm X 60 mm. Both the extract and inlet ducts are then integrated into rectangular
ducts with internal dimensions of 105 mm X 50 mm. Finally, the rectangular ducts are

connected to fans which can be operated at different velocities of air.

4.3. Experimental Investigation of the System

The proposed system is experimentally investigated in terms of the heat recovery
efficiency and coefficient of performance (COP). The test of the system is carried out in
winter season to measure the pre-heating performance of the unit. Similar results are
expected for the cooling performance of the system because of the independency of the
heat recovery efficiency from the season. Inlet fresh air temperature, inlet fresh air
relative humidity, inlet stale air temperature, inlet stale air relative humidity, mass flow
rate, and fan speed are measured as input data. Through the data obtained, the heat
recovery efficiency, COP value, outlet fresh air temperature, outlet fresh air relative
humidity, outlet stale air temperature and outlet stale air relative humidity are

calculated.

4.3.1. Experimental setup

The polycarbonate heat recovery system is integrated to a small test house, as it is
shown in Figure 4.4, which is located in Southeastern UK. The test house consists of a
small living space, a bathroom and an under roof resting place. A temperature-
controlled convective heater is used to keep the room temperature constant. Following
providing steady-state conditions in the test house, thermocouples are placed at

particular locations. 12 points are determined for this purpose as illustrated in
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Figure 4.5. Standardized co-heating methodology is conducted for performance
evaluation of the polycarbonate heat recovery system. Time-dependent electricity
consumption through fans is measured for a timeframe of 24 hours as well as relative
humidity and temperature measurements of fresh and stale air. Through the data
obtained, heat recovery efficiency and coefficient of performance of the system are

calculated.

Figure 4.4. A test house located in Southeastern UK.
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Figure 4.5. Implementation of the thermocouples and humidity sensors to the different

locations of the test house.

4.4. Economic Analysis of the System

The economic analysis of such a heat recovery system requires some particular
assumptions as the cost structure can be different from one user to another user.
Therefore, it is difficult to generalise the results [ 166]. The costs related to the materials
for manufacturing of the heat recovery panel are given in European Union Economic
Area joint currency of Euro (€) to make the financial figures easy to understand, even if
the original calculation is made in Great Britain Pound (£). The exchange rate is
obtained to be actual rate at the time of the research. At that time, £1 equals around
€1.36. In this research, an economic analysis of the proposed innovation is also carried
out. The results are compared with those of commercial alternative of the system in
terms of costing. The related investment and running costs are shown in Table 4.3. The
total annual HVAC cost of a typical UK building is taken to be around €10.7255/m?

[204], and total external surface area of a typical UK building is considered to be
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80 m?. In this respect, to be able to calculate the payback period of the innovation, the
energy saving coefficient is needed to be figured out with respect to the COP of the

proposed system.

Table 4.3. Total investment cost of the proposed heat recovery system

System element Unit Unit cost (€) Total cost (€)
Polycarbonate sheet 4 27.28 109.11
Centrifugal fan 2 75.58 151.16
Labour cost 5 136.11 680.55

Other 1 204.16 204.16

Total 1144.98

The energy saving coefficient of the proposed heat recovery system is calculated

by using the following equation:

1
COPhrs

Aprs =1 (4.1)

where A, 1s the energy saving coefficient and COPy,s is the coefficient of the
performance of the heat recovery system. After the calculation of the energy saving
coefficient of the system, it is multiplied by the annual HVAC cost of the total external
surface area of 80 m?. Finally, the total investment cost of the heat recovery system is
divided by the result of the calculation above to find out the payback period of proposed
innovation. In next step, the aforementioned system is compared with the commercial

alternative to make it understandable in terms of reliability and affordability.
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4.5. Results and Discussion

In this study, a novel heat recovery system implemented to a test house in Kent is
experimentally investigated. Relative humidity and temperature values of the air are
measured for both inlet and outlet lines of the test house. The variation of the relative
humidity and temperature values for stale air and fresh air are shown in Figure 4.6-4.9.
It is easy to understand from the results that the outlet stale air temperature decreases
from 16.17 °C to 4.75 °C whereas outlet fresh air temperature increases from 4.26 °C to

14.81 °C.

5 17.0
_ 0
s T =16.170°C
(D]
—
S 165
=y
=
—
o
2
S 160
=
!
=
(D]
p—
< 155
+~
/5]
+~
5}
=
= 150
0 2000 4000 6000 8000 10000

Time (s)

Figure 4.6. Temperature variation of the inlet stale air.
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Figure 4.9. Temperature variation of the outlet fresh air.

In the proposed system, the fresh air from outdoor is preheated by the waste air
from indoor environment. Here, the stale air is collected from bathroom of the test
house by using a small fan, and it is directed to the plate type heat exchanger. Then, the
fresh air and the stale air are welcomed in a multi-channel heat exchanger unit. In this
system, the fresh air outlet temperature increases as its relative humidity decreases at a
level which is good for desired comfort conditions as it is seen in Figure 4.10 and
Figure 4.11. The average relative humidity of inlet fresh air is calculated roughly 76%
which is not so suitable for healthy indoor environment. After the heat exchange
process in the heat exchanger unit, the relative humidity is measured as 54%
approximately which is good for the occupants. In this experimental study, the thermal
efficiency of the heat exchanger is measured depending on the temperature change

during the test.
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The heat exchanger efficiency is calculated by using the following equation:

T, —Trgi

fa,out fa,in

Nhex = (4.2)
hex Tsa,in - Tfa,in

where 1. i heat exchanger efficiency, Trq i, is inlet fresh air temperature, Trg oy 1S
outlet fresh air temperature and T, ;,, 1s inlet stale air temperature.

The following equation is used to figure out the coefficient of performance of the

proposed system:

cop =" (4.3)

where COP is the coefficient of performance, m, is mass flow rate, c is specific heat

capacity, AT is temperature difference and Pwy,,, is power output of the fan.
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Figure 4.10. Relative humidity variation of the inlet fresh air.



Chapter 4 108

57

D, =54.366 %

52

Outlet fresh air relative humidity (%)

(=]

2000 4000 6000 8000 10000
Time (s)

Figure 4.11. Relative humidity variation of the outlet fresh air.

Within the scope of this research, an economic analysis of the system is also
carried out, and the details of the capital cost of the system are given in Table 4.3. For
the analysis, the total annual HVAC cost of a typical UK building is assumed to be
€858.04 [204] as considering a total external surface area of 80 m?. Through the COP
calculation, energy saving coefficient of the system is found to be 0.77 which yields a
payback period of around 1.7 years. Comparison of the roof type heat recovery system

with commercial alternative is made, and related metric costs are shown in Table 4.4.
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Table 4.4. Comparison of the proposed system with a commercial alternative

Related | Commercial | Related

Component Cost/m? | Alternative | Cost/m? Justification for choice
Although the cost of
polycarbonate sheet based roof
type heat recovery panel is
higher than its commercial
alternative (Split Air

Polycarbonate Conditioning Systems), it has

sheet based some characteristic features.
roof type heat €14.31/m’ | Conventional | €11.65/m” | Eirt of all, the payback period
recovery air conditioner of polycarbonate sheet based
panel roof type heat recovery panel is

very short as the system is only
powered by centrifugal fans.
Secondly, the system is easy to
fabricate and environmentally
friendly. Moreover, the system
does not require any periodic
maintenance.

4.6. Conclusions

In this research, a novel heat recovery system is installed to a small test house
which is located in Southeastern UK. The system is designed as under roof application.
The aim of the system is to recover waste heat and to preheat fresh air using stale air. It
can be noted that the proposed system aims at mitigating the heating or cooling load
depending on the season while providing ventilation as well. Thermal performance
characteristics of the system are experimentally investigated. Heat recovery efficiency is
affected by many parameters. One of those parameters is fan speed. In this study, the
fan speed is determined to be 0.4 m/s which is reasonable for the thermal comfort
conditions. It is concluded from the results that the system efficiency is high enough as

well as good COP range. Considering the experimental results, the heat recovery
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efficiency of the system is found to be around 89% as seen in Figure 4.12. On the other
hand, the coefficient of performance of the system is calculated to be around 4.5 as it is
shown in Figure 4.13. The system is found to be reasonable in terms of investment and
payback time. The payback period of the proposed innovation is calculated to be around
1.7 years. The proposed system can be used in both winter and summer conditions
without requiring additional work. Its labour cost is extremely low, so it is cost-effective

and user friendly.
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Figure 4.12. Heat recovery efficiency of the system.
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CHAPTER 5

Thermal performance monitoring of
a novel heat recovery unit integrated to

a residential house

5.1. Introduction

Total energy consumption of the world, and hence energy demand increases due
to rapid growth of the world. Current predictions and data gathered by International
Energy Agency (IEA) show that the growing trend will continue [3]. Latest research
indicates that the building sector is responsible for 20-40% of the total energy
consumption. Most of the energy consumption occurs due to heating, cooling and
ventilation demand of the occupants. In addition to this figure, day by day, the energy
demand in HVAC sector rises as a result of technological development and desire of
better thermal comfort conditions. In this respect, researchers try to find alternative
solutions to minimise energy consumption and to maximise energy gained from
renewables or any other sources. A recent study reveals that energy demand of new
office buildings for heating and cooling applications decreases with use of renewables
[205]. On the other hand, it is achieved to reduce heating or cooling demand of a
building as using heat recovery systems. Heat recovery technology is basically utilised
to mitigate the heat loss, and hence energy consumption due to HVAC. A basic heat
recovery system is simply defined as heat exchange between two streams at different
temperatures. It provides an effective pre-heating or pre-cooling of inlet fresh air

depending on the season. The system slightly decreases the space heating cost in winter
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as supplying pre-heated fresh air. Main advantages of such a system are its high pre-
heating and pre-cooling potential, its simplicity and cost-effectiveness. Additionally it
requires almost no maintenance and low operational cost. Moreover, the system
presented here contributes in reducing CO, emissions. Despite having remarkable
efficiency, effectiveness and COP values, these performance figures depend on the sort
of stream, material type, target area of the application etc. Previous test results which
are performed within the concept of the HERB (Holistic Energy-Efficient Retrofitting
of Residential Buildings) Project indicate that it is possible to get around 90% of
thermal efficiency via a proper heat recovery system [17]. In this study, pre and after-
retrofitting details of a novel heat recovery system integrated to a residential house in
United Kingdom is presented in detail. Standardized thermal comfort analyses [206] are
conducted before and after the integration of novel ventilation system and the

enhancements achieved are evaluated.

5.2. Pre-retrofiting Strategy

In this section, the fabrication details of the product and installation plan are
presented. A multi-channel polycarbonate sheet is used to produce a plate type air to air
heat exchanger. The dimensions of the heat exchanger are 1000 mm X 2000 mm
X 50 mm. The system consists of two separate sections. One is for inlet or outlet fresh
air while the other one belongs to outlet or inlet stale air. 40 ducts are used for each
section, and thus the system consists of 80 ducts in total as seen in Figure 5.1. Each
channel is a square and has a 625 mm? of total area. The heat recovery system is
powered by two centrifuge fans with 35 W power output each. Stale air from indoor
environment and fresh air from outdoor environment are welcomed in the heat

exchanger interface of the unit via the said centrifuge fans. Air velocities in each
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channel are determined complying with the thermal comfort conditions for indoor

environment which is in the range of 0.3-0.5 m/s.

2000 mm

1000 mm

25 mm

25 mm

Figure 5.1. Dimensions of the plate type air to air heat exchanger.

Effective constructional parameters on thermal performance of the heat recovery
unit can be summarised as thickness of the polycarbonate sheet, thermal conductivity of
the material and dimensions of the system. There are also some operational parameters
such as mass flow rate of fresh and stale air, thermophysical properties of the streams
etc. which can affect the overall thermal efficiency of the system. Agrawal et al. [207]
present an experimental work on polycarbonate based heat exchanger covering various
effective independent parameters on the heat recovery efficiency. The same
constructional and operational parameters are addressed for thermal performance

evaluation of polycarbonate heat exchangers.

5.3. Retrofitting Plan
The aforesaid polycarbonate waste heat recovery system is retrofitted to a semi-
detached residential building in UK. The most convenient place for retrofitting is

considered to be the loft space due to the existence of glass wool insulation as shown in
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Figure 5.2. The unit is fixed beneath the 10 mm glass wool insulation in the loft space
for proper thermal insulation. Upper surface of the heat recovery unit is insulated by
additional thermally resistive materials. For the reference test bedroom in the ground
floor, two vents are provided at two different corners for the air streams. Stale from
indoor environment is collected via a 100 mm diameter flexible duct powered by 35 W
centrifuged fan, whereas the fresh air from outside environment is taken into the unit
through a secondary flexible duct. The centrifuged fans utilised in the system have two
different speed rates. Regular operational power of fans is 25 W while it is 35 W for the
cases of instant ventilation. The heat recovery unit is fixed under the glass wool
insulation horizontally. Due to the highly thermally conductive interface between air
streams, 100 mm mineral wool insulation is assumed to provide sufficient thermal

resistance to prevent undesired heat loss.

5.4. Monitoring Plan

The polycarbonate heat exchanger unit is monitored time dependently. The
monitoring stage is based on triggering relevant operational parameters over a
timeframe. These parameters can be expressed as temperature of air streams at the inlet
and outlet, relative humidity of air streams at the inlet and outlet, air velocities and
power consumption of centrifuged fans. Each operational parameter is tracked by a data
logging system and monitored at the same time. A GSM monitoring system is used for
data collection. Temperature and humidity measurements are performed via highly
sensitive sensors at the inlet and outlet of each channel. A 3D schematic of the

monitoring system is given in Figure 5.3.
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Figure 5.2. 100 mm glass wool insulation in the loft space of the residential house.

inlet fresh air

outlet fresh air

. heat exchanger unit

inlet stale air

Figure 5.3. A 3D schematic for integration plan of the heat recovery system.



Chapter 5 118

5.5. Details of the Test House

For the thermal comfort analyses of the test house which is integrated with the
novel polycarbonate based heat exchanger, a particular summer time is considered and
the monitoring takes a whole week for a reliable and realistic assessment. The external
view of the test house is shown in Figure 5.4. The test house is constructed by the PV C
based materials on the facade and wooden structures on the roof, and represents
conventional farm houses in the rural areas of the UK. The heat recovery system is
fixed just beneath the roof for an easy and effective retrofitting. The ducts and control
units are placed in the loft space as shown in Figure 5.5. The separate fans are utilised to
circulate the fresh and stale air in the system simultaneously. The separate ducts are also
illustrated in Figure 5.5. Flexible duct materials are utilised in the retrofitting for easier

connection.

Figure 5.4. The test house which is integrated with a novel heat recovery system.

The stale air from indoor and the fresh air from outdoor are welcomed in the

polycarbonate based novel heat recovery system and their thermal energy content is
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exchanged as a consequence of the temperature difference. The ducts where the stale air
collected and where the fresh air supplied to the system are depicted in Figure 5.6.
Relevant temperature, relative humidity and CO, measurements are conducted in the
test house for the thermal comfort analyses. The test rig set in the test house is shown in

Figure 5.7.

Figure 5.5. Detailed photos of the novel heat recovery system which is fixed beneath

the roof (left), and flexible ducts (right).

Figure 5.6. Inlet and outlet ventilation ducts in the test house.
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Figure 5.7. Data-logging system utilised in the test house.

5.6. Results and Discussion

Thermal comfort analysis of the test house has been carried out for typical
summer days in Kent, UK. Within the scope of the research, three main parameters in
the thermal comfort analysis, which are basically CO, concentration, relative humidity
and internal air temperature are monitored and the results are analysed time-
dependently. The most significant parameter for internal comfort conditions can be
considered to be CO, concentration as it directly affects the human health. The results
from the pre-retrofitting case indicate that the CO, concentration level inside the test
house varies from 1600 to 1720 ppm which corresponds to a level where complaints
regarding air quality and headaches start. The tests are repeated at the post-retrofit case
and it is observed that the CO, concentration drops to a level ranging from 350 to

480 ppm which addresses the thermal comfort range for occupants. The second
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important parameter is of course the relative humidity which totally affects the comfort
level of the occupants in internal environments. Relative humidity measurements are
carried out at both pre and post-retrofit case. The results are shown that although the
relative humidity is notably high before the retrofitting of the ventilation system,
thermal comfort range for relative humidity is achieved at the post-retrofit.

The temperatures of fresh air and stale at the inlet and outlet are illustrated in
Figure 5.8 and Figure 5.9, respectively whereas the relative humidity variation of indoor
environment at pre and post-retrofit is shown in Figure 5.10. In terms of numerical
assessment, the relative humidity is in a range of 61 to 72% before retrofitting, whereas
it is 53 to 62% after retrofitting. Variation of fresh and stale air temperatures with time
are also analysed through the data obtained from the thermal comfort tests. It is
understood from the results that the ventilation system notably affects the thermal
energy exchange between fresh and stale air. Throughout the test time, a sensible
increment is observed in the temperature of fresh air. Maximum temperature rise in
fresh air temperature is noted to be about 7 °C. Similarly, a considerable change is
observed in the temperature of stale air at inlet and outlet. An average 4 °C temperature
decrease of stale air is achieved within the test period. It is clearly understood from the
results that the good thermal energy exchange between fresh and stale air results to a
cost-effective ventilation system for a typical residential building as well as efficient

thermal comfort levels for the occupants.
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Figure 5.10. Indoor relative humidity variation at pre and post-retrofit cases.

5.7. Conclusions

Within the scope of this experimental research, thermal comfort analyses of a
residential house integrated with a novel roof type polycarbonate heat exchanger are
conducted. At pre and post-retrofit case, temperature, relative humidity and CO,
measurements are carried out for a test period of one week. The results indicate that the
internal CO, concentration is not at desirable range due to lack of ventilation in the test
house at the pre-retrofit case as shown in Figure 5.11. However, following the
integration of the novel ventilation system into the test house, CO, concentration is
found to be varying notably from 350 to 400 ppm as illustrated in Figure 5.12, which
corresponds to the actual comfort conditions for indoor environments. It is also
concluded from the results that the average relative humidity inside the test house at the
post-retrofit case is found to be 57%, which is in the desired range whereas it is

considerably high before retrofitting.
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CHAPTER 6

Evaporative cooling systems for building

applications: A review

6.1. Introduction

The rapidly growing world and rising technological advances increase the energy
consumption, and hence the energy demand of the world. The rapid growth of energy
use worldwide has increased attentions over the difficulties of energy providing,
insufficient primary energy resources and adverse effects such as global warming,
climate change, ozone depletion, etc [3.4]. According to data of International Energy
Agency (IEA), the primary energy consumption showed an upward trend during the last
two decades (1984-2004). The average energy use growth 10% per person while world
population continued to increase of 27%. Thus the primary energy consumption and
CO, emissions risen by 49% and 43%, respectively, with an average annual increase of
2% and 1.8%, respectively [3,208]. According to data of International Energy Agency,
the total primary energy supply was calculated 13,113 Mtoe (as seen in Figure 6.1)
while the total energy consumption and CO, emissions were 8,918 Mtoe and 31,342
Mt, respectively, for the year of 2011 as it is illustrated in Figure 6.2. In current
scenario for 2035, it is predicted by the experts that the total final consumption will
reach to 11,750 Mtoe and CO, emissions will be 37,037 Mt as it is clearly shown in
Figure 6.3a and Figure 6.3b, respectively. Recent statistics also reveal that there was an
increment of 2.78% in total final energy consumption from 2010 to 2011, and hence a

3.35% rise in CO, emissions [209,210].



Chapter 6

127

2.3%

1.0%

13 113 Mtoe

Total Primary Energy Supply by Fuel

m Oil

m Hydro
M Other

H Natural gas

m Coal/peat
M Biofuels and waste

M Nuclear

Figure 6.1. Total primary energy supply by fuel in 2011 [209].
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Building sector accounts for more than 60% of total energy consumption in the
world while the share of domestic buildings is 20-40%. Most of the energy consumed is
essentially utilised for heating and cooling applications in domestic buildings. It is noted
that energy requirement for cooling reached 14.6% per annum between 1990 and 2000
[211]. In EU residential building sector is responsible for about 57% of the total energy
consumption for space heating, 25% for domestic hot water and 11% for electricity.

Energy demand of buildings will continue to rise in near future owing to long-
term use of buildings, increasing comfort demand of occupants and growth in
population. In literature, energy saving for HVAC is achieved using alternative
technologies instead of traditional one. The energy efficiency of buildings is of prime
concern for an occupant who wants to make energy saving especially in HVAC sector
[199,212]. In this instance, it is essential to focus on energy efficient technologies and
solutions not only in new buildings but also in existing buildings. There are many
technologies to mitigate the energy consumption used for cooling in hot climatic
conditions. One of these technologies is evaporative cooling system which is a very
effective technology for hot and dry climates. In this paper, a thorough review of

evaporative cooling technologies and their building applications is presented.

6.2. Evaporative Cooling System

There are many types of cooling systems that provide cool fresh air for domestic
or commercial use. The choice of any system directly affects the amount of energy
consumed along with the amount of the carbon dioxide emission released to the
atmosphere. Evaporative cooling is a novel technology that supplies cool air to the
occupants as well as providing a promising way to reduce carbon emissions and energy

consumption. Evaporative cooling is a concept that is defined as making air cool via
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increasing its water vapour content. In other words, air becomes cooler while its
humidity level increases. An evaporative cooling system is mainly attractive in hot and
arid climatic conditions in terms of thermal performance owing to the notable potential
of humidity increment of air which results in significant reductions of temperature. On
the contrary, humid climates are not appropriate for the said system since the air is
almost saturated, hence the cooling capacity of the system is limited. In terms of
thermal comfort, stand-alone evaporative cooling systems can address the needs of
occupants in hot and arid conditions as the final relative humidity stays in the range of
60-70%. However, it is very difficult to get the same results for humid climates since
almost saturated conditions are required for the desired temperature drop. In such
circumstances, hybrid systems such as desiccant based evaporative cooling are

preferred.

a) Total Final Energy Consumption by b) CO, Emissions by Region in 2035
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Figure 6.3. Total final energy consumption by sector (a) and CO, emissions by

region (b) in 2035 [209].

6.2.1. Working principle of an evaporative cooling system

An evaporative cooling system simply works as increasing the moisture contents

of the air with use of water. When a hot and dry air welcomes water, the water starts to
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evaporate with help of energy taken from the air. Thus the air becomes cooler whereas
its relative humidity ratio goes up. The evaporative cooling system can be categorised
as direct contact or indirect contact with respect to interaction between the streams as

illustrated in Figure 6.4.
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Figure 6.4. Direct evaporative cooling (a) and indirect evaporative cooling (b) [213].

The direct contact evaporative cooling systems are utilised to cool the intake air in
hot and dry climatic conditions. It is possible to get adequate cooling by use of this
system, but the increasing level of the air humidity might make the occupants
uncomfortable. On contrary to direct contact system, an indirect contact evaporative
cooling system can deal with undesired living conditions for the occupants owing to its
characteristic configuration. In an indirect contact evaporative cooling system, however,
the cooling performance is well below compared to the direct contact one. In this
respect, a new system called M-cycle has been introduced to get a better cooling

performance as well as reasonable relative humidity ratio. A simple working principle
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of the M-cycle is shown in Figure 6.5. A typical M-cycle uses a cross-flow heat
exchanger (as seen in Figure 6.6) and indirect evaporative coolers. This cycle allows
any liquid or vapour to be cooled below the wet bulb temperature and towards the dew
point temperature to increase the cooling performance of the system, hence achieving

the maximum cooling of incoming air [214].
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Figure 6.5. Working principle of an M-cycle [214].

6.3. Building Applications

Evaporative cooling systems are widely used in building sector nowadays as an
alternative to conventional air conditioners. Energy consumed in HVAC systems
accounts for about 20% of the total world energy consumption [193], and hence novel
solution to mitigate this figure is of vital importance due to growing significance of
environmental issues [101]. Evaporative cooling technology offers a wide range of
opportunities for buildings to fulfil this purpose owing to low retrofit costs, high
efficiency ranges, insignificant maintenance and attractive payback periods [215]. In
this respect, numerous attempts are made worldwide especially in recent years for

energy-efficient retrofitting of building sector. Belarbi et al. [216] develop a novel water
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spraying evaporation system for passive cooling of buildings. A test building illustrated
in Figure 6.7a 1s constructed in Catania, Italy, and integrated with a shower tower within
the scope of a European project PDEC/JOULE. For different orientations of nozzles,
evaporative cooling performance is determined as shown in Figure 6.7b. The results
indicate that the system developed provides thermal comfort conditions with a minimal
water use. For the outside temperature of 33 °C, the temperature in the tower does not
exceed 27 °C with a water consumption of 10 L/h. Ghosal et al. [217] theoretically and
experimentally investigate the thermal performance of a novel evaporative cooling unit
with moving water film as shown in Figure 6.8. Parametric analyses including the
effects of flow rate of water, length of roof, relative humidity of ambient air and
absorptivity of shading material on the cooling performance of greenhouse room air
temperature are carried out. The results reveal that the air temperature of the test house
is reduced by 6 and 2 °C in shaded with water flow and shaded conditions, respectively

compared to without shading conditions.

Figure 6.6. Wet and dry channels of a cross-flow heat exchanger in M-cycle [214].



Chapter 6 133

0.75,m _I 02m

A [
L r
4m 40°
150 i
m trajectory 5

- trajectory |
L o Isothermal wall
axis T=40"C

Evaporated droplet
percentage (%)

Figure 6.7. Water spraying evaporative unit for passive cooling of buildings [216].

Wanphen and Nagano [218] investigate the impact of several porous materials on
the performance of evaporative cooling system. The measurement results indicate that
the porous materials can satisfactorily reduce surface temperature of the roof. Among
the tested samples, siliceous shale of both small and large particle diameter is found to
decrease the daily average surface temperature by up to 6.8 and 8.6 °C, respectively.
Cheikh and Bouchair [219] develop an evapo-reflective roof for hot dry climates as
shown in Figure 6.9a. The roof sample is composed of a concrete ceiling and a flat
aluminium plate separated by an air space partially filled with high thermal capacity
rocks placed in a small amount of water. The system is adequately closed to prevent
water vapour escaping outside. The results indicate that the most significant factors

affecting the cooling power of the passive cooling roof are the rocks, water volume,
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aluminium roof thickness and roof air space width. Air temperature changes in the test

room for ventilated and non-ventilated room case are illustrated in Figure 6.9b.

W
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Water distribution pipe
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Figure 6.8. A test house covered with shade cloth and water flow arrangement [217].
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He and Hoyano [220] develop a novel passive evaporative cooling wall including
porous ceramics with high water soaking-up ability. The passive cooling strategy aims
at controlling the increased surface temperatures and creating cooler environments
especially during summer. The ceramic pipes enable the pipe’s vertical surface to be
wet to a level higher than 1 m in an outdoor location exposed to the sunlight when the
lower end of the pipe is placed in water. Wet surface conditions can be maintained
throughout a period of sunny days in summer. Surface temperatures can also be kept
below outside temperature. As a consequence of several successful applications of
evaporative cooling systems in buildings, novel designs of evaporative cooling
technology are constructed, retrofitted to different types of buildings and tested for
various climatic conditions. Table 6.1 provides a comprehensive overview of pioneer
works on the scope. It can be easily concluded from the previous works that evaporative
cooling systems can successfully be an alternative to traditional air conditioners and

provide large amounts of energy saving with attractive payback periods.
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room case [219].



Table 6.1. Pioneer works on building applications of evaporative cooling systems

Authors System type Building type ~ Region Climate Key findings
Bowman et al. [221] Passive downdraught Non-domestic Southern Europe Hot dry A new CFD code is presented to simulate the
evaporative cooling system buildings injection of cold water
Costelloe and Finn [222]  Indirect contact Office buildings ~ Dublin and Milan ~ Temperate ~ As a consequence of 16 °C cooling water from
evaporative cooling system October to May, the office buildings in Dublin
can be cooled throughout the year without use
of conventional cooling. In Milan, a similar
performance can be achieved from November
to March.
Heidarinejad et al. [223]  Two-stage indirect-direct Public buildings  Tehran Multi Two-stage indirect/direct evaporative cooling
evaporative cooling system system can be preferred to mechanical vapour
compression systems in regions with higher
wet bulb temperatures to minimise energy
consumption. However, water consumption of
the two stage system is 55% greater than that
of traditional direct evaporative cooling
systems.
Ibrahim et al. [224] Direct evaporative cooling Residential Nottingham Multi Direct evaporative cooling system supported
system equipped with buildings with porous ceramic evaporators can provide

porous ceramic evaporators

6-8 °C in dry bulb temperature with a 30% rise
in relative humidity. Maximum cooling
achieved of the system is 224 W/m”.



Hajidavalloo [225]

Maheshwari et al. [226]

Riangyvilaikul and
Kumar [227]

Bruno [228]

Zhao et al. [229]

Indirect contact
evaporative cooling system

Indirect contact
evaporative cooling system

Dew point
evaporative cooling system

Dew point
evaporative cooling system

Indirect contact
evaporative cooling system

Residential
buildings

Residential
buildings

Various
buildings

Commercial
buildings

Residential
buildings

Khoozestan

Kuwait

Thailand

Australia

Nottingham

Very hot

Extreme

Multi

Temperate

Temperate

Through the indirect contact evaporative
cooling system, power consumption can be
decreased by about 16% in very hot climates,
and the COP can be enhanced by 55%
compared to conventional air conditioners.

Indirect evaporative cooling system are found
to be much more appropriate compared to
conventional air conditioners in terms of
energy consumption. It is underlined that they
are able to provide 40% reduction in peak
power demand.

Dew point effectiveness varies notable from
65 to 86% when the inlet air humidity ratio
changes from 6.9 to 26.4 g/kg at constant inlet
temperature. However, wet bulb effectiveness
is less sensitive varying from 106 to 109% for
the same inlet condition.

Dew point effectiveness varies from 57 to
74% whereas the wet bulb effectiveness
ranges from 93 to 106%. The annual energy
saving related to ventilation is between 52 to
56%.

Fibre material is cost-effective in air-
conditioning systems. Wick-equipped
aluminium sheets are more adequate for
evaporative cooling applications in buildings.
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6.4. Thermal Performance Assessment

An evaporative cooling system is an environmentally friendly, energy efficient
and cost effective application for hot and arid climates. The type of the evaporative
cooling system affects its thermal performance characteristics. In a direct contact
system, for instance, the cooling efficiency of such a system is expected to be higher
compared to the indirect contact one as seen in Figure 6.10. This is one of the
parameters that influence the thermal performance of the system. In literature, many
attempts have been made by researchers to investigate the thermal performance of
different types of the evaporative cooling systems. Heidarinejad et al. [223]
experimentally investigate the cooling performance of two-stage indirect/direct
evaporative cooling system for various climatic conditions. The effectiveness of indirect
and indirect/direct system is calculated to be in the range of 55-61% and 108-111%,
respectively. It is obtained from the results that the water consumption of hybrid system

somewhat higher than direct cooling system as illustrated in Figure 6.11.
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Figure 6.10. Thermal values of the air in psychrometric chart for a direct (a) and an

indirect (b) evaporative cooling [230].
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Figure 6.11. Water consumption of direct and indirect/direct evaporative cooling

system in different climatic conditions [223].

An experimental analysis of semi-indirect contact evaporative cooling system is
carried out by Velasco Gomez et al. [231]. The system designed consists of two
independent air flows separated by ceramic material. In this system, the partial pressure
of the water vapour in the outdoor air is the controlling factor in mass transport process.
When the relative humidity of the outdoor air is low, evaporation is achieved towards
the air flow from the external pores of the pipes. Depending on the permeability of the
wall of the porous solid separating the two air flows, greater or lower water diffusion is
observed. If outdoor humidity is high, with a dew point temperature higher than the
surface temperature, outdoor air can be dehumidified. As illustrated in Figure 6.12, a
return air is in direct contact with water in a cooling tower to make the supply air cool.
Figure 6.13 shows the heat and mass exchange in ceramic pipes. Maximum COP value
of the system is found to be 9.64, and the efficiency of the system is 70%. Thermal

performance assessment of recent papers related to evaporative cooling system is given



Chapter 6

140

in Table 6.2. In this table, effects of various climatic conditions from different regions

on thermal performance of evaporative cooling systems are investigated by researchers.

In most of the applications, efficiency/effectiveness of the system is calculated to be

above 60%.
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Figure 6.12. Semi-indirect contact evaporative cooling system [231].
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Figure 6.13. Heat and mass exchange in ceramic pipes [231].



Table 6.2. Thermal performance assessment of evaporative cooling systems

Authors System type Application Region COP Efficiency/effectiveness
Heidarinejad et al. [223] Two-stage indirect/direct Domestic and Iran e The effectiveness for indirect
evaporative cooling system non-domestic evaporative cooling unit is found to
buildings be 55-61% whereas it is 108-111%
for indirect/direct cooler.
Riangyvilaikul and Dew point evaporative Multi Thailand - The dew point and wet bulb
Kumar [227] cooling system effectiveness are in the range of
65-86% and 106-109%, respectively.
Velasco Gomez et al. [231] Semi-indirect evaporative Domestic building Spain 0.74-9.64 The efficiency of evaporative cooler
cooling system is calculated to be 70%.
Chen et al. [232] Indirect contact Domestic and USA and China ~  -—------ The effectiveness of the systems
evaporative cooling system non-domestic tested varies from 40 to 80%
buildings depending on primary air flow rate.
El-Dessouky et al. [233] Both indirect and direct =~ -----—-- Kuwait e The efficiency of indirect contact
contact evaporative evaporative cooler changes between
cooling system 20-40% while that of direct contact
cooling unit is 63-93%.
Zhang et al. [234] Direct evaporative Multi China 2.88 The direct evaporative cooling
cooling system effectiveness changes from 67-86%,
depending on the air velocity and
sprinkling density.
Kruger et al. [235] Indirect evaporative Multi Venezuela and 0.29-047  --——--

cooling system

Israel
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6.5. Thermodynamic Performance Analysis

Thermal performance investigation of evaporative cooling systems is commonly
referred to efficiency or effectiveness assessment with a COP calculation. However, as
emphasised by Kanoglu et al. [236], exergy analysis also needs to be considered for a
thorough thermodynamic performance analysis of evaporative cooling systems. Exergy
analysis is a significant tool in the design, optimisation, and performance evaluation of
energy systems including evaporative coolers. Basically, exergy analysis aims at
determining the maximum performance of the system as well as identifying exergy
destruction.

Wet bulb effectiveness, which is the ratio of temperature depression of the device
to the potential wet bulb depression [237], is commonly utilised in literature for the
energy efficiency assessment of evaporative cooling systems. It is defined as follows:

Ti - Tout

Eyp = ———— 6.1
WP Ti _wa,in ( )

where €,,;, is the wet bulb effectiveness, Tj, is the inlet temperature of supply air, Ty, 18
the outlet temperature of supply air and T, ;, is the wet bulb temperature of inlet air.
The wet bulb effectiveness simply indicates the ability to cool the inlet air below wet
bulb temperature with minimal moisture addition. The techno-economic performance
assessment of evaporative cooling systems is mostly explained by COP analysis. The
COP calculation is basically performed as determining the cost of cooling achieved
from the evaporative cooling systems as follows [238]:
MinCin(Tin — Tout)

CoP = (6.2)

PWCOTlS
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where m;, is the mass flow rate of inlet air, c¢;;, is the specific heat capacity of inlet air
and Pw,,,s total power consumption of the system through fans or water pumps.
Exergy analysis provides an exergy destruction term for a more reliable performance

assessment as follows:

hin - hout - Tin(sin - Sout)

hin - hwb,in - Tin(sin - wa,in)

Nex = (6.3)

where 1, is the exergy efficiency of the system, h;,, is enthalpy of inlet air, Ay, is the
enthalpy of outlet air, s;;,, is the entropy of inlet air, s,,, is the entropy of outlet air,
hwb,in is the wet bulb enthalpy of inlet air and s, ;, 1s the wet bulb entropy of inlet air.
Thermodynamic performance assessment of evaporative cooling systems has been
taken into consideration by several researchers as illustrated in Table 6.3. It is
understood from the pioneer works that the overall energy efficiency of evaporative
cooling systems is greater than 90%, whereas the exergy efficiency varies from 19.1 to

38.0% depending on the system type. The COP range of the said systems ranges from

0.190 to 0.345.

6.6. Techno-Economic and Environmental Aspects

Building sector has a high impact on world’s total energy consumption. Especially
in hot and arid climates, significant part of this energy is consumed due to air-
conditioning to make the occupants more comfortable. In India, for instance, air-
conditioning is responsible from about 32% of electricity consumption in a typical
building [240]. Water-cooled air-conditioning systems are energy efficient technologies
compared to the conventional one [241]. A recent study shows that 12.05% saving in

annual power consumption of a building is achieved with use of a simple evaporative
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cooling system [242]. The energy saving potential is found to be relatively higher when
a regenerative evaporative cooling system is used as seen in Table 6.4. In another study,
energy saving potential of indirect evaporative cooler (IEC) is tested [226]. It is
reported that 12,418 and 6,320 kWh seasonal energy savings are achieved for interior
and coastal areas, respectively. Figure 6.14 shows monthly energy saving of indirect
evaporative cooler for two locations in Kuwait. A passive downdraught evaporative
cooling is studied by Ford et al. [243] in Indian climatic conditions. A 10-15 °C
decrease in supply air temperature is succeeded as well as providing good air
movement. In addition to these, 64% of substantial energy saving is obtained as
supplying good thermal comfort conditions for the occupants. An energy efficient
evaporative cooling system contributes to reach global targets in energy saving, and
hence carbon reduction measures [244]. A desiccant based indirect evaporative cooling
is studied by Goldsworthy and White [245]. Similarly, the results show that the
evaporative cooling system has a high potential to save energy and to reduce

greenhouse gas emissions associated with cooling of buildings.
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Figure 6.14. Monthly energy saving of indirect contact evaporative cooling unit for

interior and coastal areas [226].
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Table 6.3. Thermodynamic performance assessment of evaporative cooling systems

Authors System type Energy Exergy COP
efficiency (%) efficiency (%)

Kanoglu et al. [236] Open cycle 93.6 36.5 0.345
desiccant-based
evaporative cooling
system

Caliskan et al. [237] Dew point 90.0 19.1 0.190
evaporative
cooling system

Taufiq et al. [239] Direct contact ~ --—-- 380 -

evaporative
cooling system

Table 6.4. Annual energy consumptions (MWHh) of three different types of air-

conditioning systems [242]

Existing Coupled Coupled
chiller evaporative regenerative
cooling evaporative
cooling
Chiller energy 320.06 140.28 85.90
Heating energy 125.13 131.62 127.35
Fan energy 340.71 340.71 340.71
Pump energy 182.52 182.52 182.52
Additional energy - 9.44 18.70
Total air-conditioning energy 968.42 804.57 755.18
Light and equipment 390.80 390.80 390.80
Total energy 1359.21 1195.36 1145.97
Percentage of air-conditioning energy 71.25 67.31 65.90
Air conditioning energy saving (%) - 16.92 22.02
Total energy saving (%) - 12.05 15.69

6.7. Conclusions

An intelligent building is defined as maximising the efficiency of the service with

a minimum cost [246]. Energy consumption of the building sector increases day by day

due to good thermal comfort demand of the occupants. That’s why, use of energy-
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efficient technologies in buildings is of prime concern for anyone wishing to save both
energy and money [212]. In this study, a thorough review of different types of energy-
efficient evaporative cooling systems is given. The results show that the evaporative
cooling systems have a great potential to save energy in hot and arid climatic zones. It
also seems that this novel solution is a very cost effective way compared to the
alternative  air-conditioning  applications. This technology has a good
efficiency/effectiveness value as well as a good COP range. In future works,
evaporative cooling systems might be integrated with liquid or solid desiccant units to
cover the requirements of different climatic regions. Thus, not only the desired
temperature range but also the expected thermal comfort conditions of occupants can be

provided for any type of climatic zone.
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Theoretical mvestigation of a novel
indirect-contact evaporative cooling system

for building applications

7.1. Introduction

Clean energy generation and its effective utilisation is of vital importance
worldwide due to growing significance of environmental issues depending on global
warming [99-104]. Fast increases in energy consumption as a result of the population
growth and economic development dominate the greenhouse gas concentrations in the
atmosphere. Despite intensive efforts to narrow the gap between conventional energy
sources and renewables, only about 14% of total world energy demand is supplied by
renewable energy technologies at the moment [5.6]. In this regard, there is a consensus
among scientists that research on energy management and efficient minimisation of
energy consumption is compulsory. Several measures are taken throughout the world
for the urgent stabilisation of greenhouse gas concentrations in the atmosphere by
reducing the energy demand in all sectors. Previous works indicate that buildings
account for a significant part of the world’s energy consumption. As an instance, a
research carried out in 1999 indicates that the total energy consumption in Europe is
1780 million tons of oil equivalent, and 35% of this amount is consumed by residential
and commercial sector [106]. In another report, total energy consumption of the United
Kingdom by sector and by building type is specified [247]. As illustrated in Figure 7.1,

building sector and domestic buildings are responsible for 46% and 63% of the total
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energy consumption, respectively. Baetens et al. [152] also report that buildings emitted
8.3 Gt CO, in 2005 accounting for more than 30% of the greenhouse gas emissions in
many developed countries. Therefore, dominant impacts of buildings on both the energy
consumption levels and the environment are unequivocal.

Cooling energy has an important part in buildings’ energy consumption levels. As
reported by Hasan [248] in a recent work, the demand for cooling increases day by day
as a consequence of the growing demand for better thermal comfort conditions in
buildings. Evaporative cooling has a high potential to meet cooling demands at low
energy costs [249]. Riangvilaikul and Kumar [213] note that the evaporative cooling is
a good alternative to mechanical vapour compression for air conditioning applications
since it requires about four times less electric power than vapour-compression
refrigeration [250].

Current available evaporative cooling systems can be classified as direct-contact
and indirect-contact evaporative coolers. In a direct evaporative cooling system,
working air to be cooled is in a direct contact with a liquid water film. Cooling is
accomplished by the adiabatic heat exchange between the working air and the liquid
water film [251]. Direct-contact evaporative cooling systems are appropriate for use
only in dry, hot environmental conditions, or in rooms needing both cooling and
humidification [252]. On the other hand, in an indirect-contact evaporative cooler, the
inlet air is cooled by so-called working (secondary) air which is cooled through
evaporation [253]. Thermodynamically, the wet passage absorbs heat from the dry
passage by evaporating water, and thus cools the dry passage, while the latent heat of
vaporizing water is dissipated into the working air. Figure 7.2 shows the schematic of
an indirect-contact evaporative cooler. The metallic sheet between product and working

air is usually an air-to-air heat exchanger, which can be plate type [254,255], tube type
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[254.256] and heat pipe type [254,257]. Indirect-contact evaporative cooling systems
have the advantage of being able to cool the product air without changing its specific
humidity [229]. Therefore, these systems are widely utilised in domestic buildings as

air-conditioning units since more than a century [253].

Total energy consumption by sector
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® Industrial process

® Industrialbuildings

B Commerdialand publicbuildings
m Domesticbuildings

» Agriculture

Total energy consumption by building
type

® Industrial buildings
m Commerdial and publicbuildings
Domestic buildings

Figure 7.1. Distribution of the total energy consumption of United Kingdom by
sector (a) and by building type (b) in 2000 [247].

Theoretical investigation of indirect-contact evaporative cooling systems is
somewhat complicated since the cooling of air involves simultaneous heat and mass

transfer at the water film-air interface. Several attempts have been made for an accurate
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understanding of thermal behaviour of these systems. Earlier theoretical works were
carried out by using one-dimensional mathematical models [258-262]. Erens and
Dreyer [263] evaluate three analytical models and their results indicate that the
optimum shape of the cooling system results in a primary to secondary air velocity ratio
of about 1.4, assuming the mass flow rates are the same. Tsay [264] numerically
investigates a counter-flow wet surface heat exchanger. It is observed that most of the
energy transportation across the water film is absorbed by the film vaporization process.
Guo and Zhao [251] present a parametric study for an indirect-contact evaporative
cooler. The effects of various parameters such as the velocities of the primary and
secondary air streams, the channel width, the inlet relative humidity and the wettability
of the plate on the thermal performance are investigated. They state that lower inlet
relative humidity of secondary air, a higher wettability of the plate, a higher velocity
ratio of the secondary air to primary air provide a higher effectiveness for the cooling
system. San Jose Alonso et al. [249] develop a heat and mass transfer model for
indirect-contact evaporative coolers. The model is based on basic principles which are
already presented in previous works, however it enables to analyse different indirect
evaporative cooler designs and conditions. Halasz [265] presents a general
mathematical model of evaporative cooling systems. The model is developed by writing
a system of four partial differential equations specifying a process of non-adiabatic
evaporation with arbitrary flow direction of water, cooled fluid and air. Riffat and Zhu
[266] present a heat and mass transfer mathematical model for their novel design of
indirect evaporative cooler using porous ceramic and heat pipe. Their results indicate
that it is possible to achieve a high cooling capacity under dry and windy conditions.
They also note that the indoor air velocity should be set properly (0.6 m/s) for higher

efficiency. Zhan et al. [267] compare the performance of counter-flow and cross-flow
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heat exchangers for indirect evaporative air coolers. Belarbi et al. [216] theoretically
investigate the water spray evaporation for passive cooling of buildings. Similar
modelling works are carried out by other researchers [268,269]. Maheshwari et al. [226]
evaluate the energy saving potential of indirect-contact evaporative coolers. They
observe that interior areas provide notably higher energy saving compared to the coastal
areas. An indirect evaporative cooler operating in the interior areas is found to be 30%

more cost-effective than a conventional air-conditioning system.

water film wet channel

ggrking air \L q

y | y

dI'y Channel metallic Sheet product air

Figure 7.2. A detailed schematic of a counter-flow indirect-contact evaporative cooling

system.

A detailed literature review clearly shows that many efforts have been made so far
for theoretical investigation of indirect-contact evaporative cooling systems. However,
it can be concluded from the previous works that a good agreement between
experimental and theoretical results could not be achieved since the process is
complicated and the assumptions are not totally accurate. Moreover, the studies
focusing on novel indirect-contact evaporative cooling systems for domestic buildings
are very limited, and hence a thorough analysis including theoretical investigation and

experimental verification is required for a better understanding of the techno-economic



Chapter 7 153

assessment of these systems. Therefore in this study, a mathematical model is presented
for a novel design of indirect-contact evaporative cooling system which has already
been installed under the roof of a test house in Southeastern UK. This chapter as the
first part of the work only includes the description of the novel cooling system, the
model and the preliminary results. In the second part of the work, experimental results

of the system will be presented in detail.

7.2. A Novel Evaporative Cooling System

This research is the first part of a research on a novel design of indirect-contact
evaporative cooling system. The goal of this part is to figure out the operating
characteristics of the system through a theoretical work. In this regard, it covers the
effects of operating and environmental parameters such as indoor and outdoor
temperatures, mass flow rates and relative humidity values of supply and working air,
and the duct geometry of the heat exchanger on overall performance of the system. The
system has been devised and constructed to ventilate and cool the residential buildings.
In this respect, a test house has been built in Southeastern UK as shown in Figure 7.3
and the system has been installed beneath the roof. The test house externally has 7 m
length, 3 m width and 4.3 m height. It has two windows plus a velux window in the
roof and a double door all double glazed. The dimensions of the test house’s
components are given in Table 7.1. The walls and the roof have 150 mm mineral wool
insulation, whereas the floor has 150 mm.

The proposed indirect-contact evaporative cooling system can be split into two
main parts as water spraying unit and heat exchanger unit. The system aims at cooling
the stale air coming from indoor environment via humidification in the water spraying

unit, then directing it to the polycarbonate heat exchanger unit when the adiabatic
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saturation condition is achieved, and thus being able to reduce the temperature of intake
fresh air in the counter-flow heat exchanger. Four polycarbonate heat exchanger sheets
have been constructed as combining 0.2 mm thick polycarbonate sheets together with a
highly thermally conductive adhesive yielding a 10 mm? cross sectional area.
Figure 7.4 illustrates the square-sectioned ducts of polycarbonate heat exchanger for
incoming and outgoing air. Two of the polycarbonate sheets have been placed at the

front of the building while the rest two at the back as it is shown in Figure 7.5.

Figure 7.3. A test house in Southeastern UK.

Table 7.1. Dimensions of the components in the test house

Test house Components
External Internal Windows  Velux window Door
Length [mm] 7000 6700 1200 750 1500
Width [mm] 3000 2700 100 100 100

Height [mm] 4300 2450 - 3300 1000 900 2050
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Figure 7.5. A polycarbonate sheets integrated to the test house.

The dimensions and the wall thicknesses of polycarbonate heat exchanger are
given in Table 7.2. The end of each polycarbonate sheet within the building is followed
by an extract duct connected to the upper channels and an inlet duct connected to the

lower channels. The extract and the inlet ducts are square with internal dimensions of
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60 mm X 60 mm. Both the extract and inlet ducts are then integrated into rectangular
ducts with internal dimensions of 105 mm X 50 mm. Finally, the rectangular ducts are
connected to fans which can be operated at different velocities of air. The external ends
of the polycarbonate heat exchanger terminate beneath the roof slates to let the
condensed water run to the gutters. On the other hand, the fresh air is driven from
beneath the eaves through air filters. The spraying unit is operated by a valve which
adjusts the mass flow rate of the spraying water. The spraying is performed by tap water
flowing inside a copper pipe with internal dimensions of 8 mm diameter and 1 m length
which is placed at the centre of the extract duct just before the heat exchanger unit. A

simplified schematic of the whole system is illustrated in Figure 7.6.

Table 7.2. Dimensions of the proposed polycarbonate heat exchanger

Heat exchanger sheet Wall thickness [mm]
Length [mm] Width [mm]  Depth [mm] Top Middle Bottom
1700 425 10 0.8 0.2 0.8

poly-carbonate
heat exchanger

stale air from

fresh air inlet s :
(warm air) indoor environment
stale air outlet
fresh air to the
indoor environment
(cooled air)

Figure 7.6. Schematic of the proposed indirect-contact evaporative cooling system.
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7.3. Mathematical Model of the System

In this section, an accurate mathematical model of the novel indirect-contact
evaporative cooling system is presented. The model consists of two parts: theoretical
investigation of the water spraying unit and numerical analysis of the polycarbonate
heat exchanger unit. First of all, the evaporation rate from the water film to the working
air (exhaust air from indoor environment) is determined for different operating
conditions, and the thermophysical properties of the working air are determined at the
outlet of the water spraying unit. A heat transfer analogy for flow in ducts is employed
to estimate the evaporation rate. The evaporation rate is a function of the mass transfer
coefficient which is characterised by Sherwood number. The Sherwood number
represents the ratio of convective to diffusive mass transport, and it is calculated by
correlations of Reynolds and Schmidt numbers. To determine the aforementioned
dimensionless numbers, thermophysical properties of air at the film temperature are
utilised. The film temperature (Tf) is given as follows:

_ lef + Twa,in

" . (7.1)

where Ty, and Ty i, are the liquid water film temperature and working air temperature
at the inlet, respectively. The characteristic of the flow is then determined by Reynolds
number. Reynolds number is a dimensionless number that gives a measure of the ratio
of inertial forces to viscous forces and thus, quantifies the relative importance of these
two types of forces for given flow conditions [270]. For flow through noncircular tubes,

Reynolds number is based on the hydraulic diameter (D) and given as follows:

__vpDy
U

Re (7.2)



Chapter 7 158

where Re is the Reynolds number, Dy, is the hydraulic diameter, v is the velocity, p is

the density and y is the dynamic viscosity.

D= (7.3)

In equation (7.3), A is the cross sectional area of the duct and p is the wetted

perimeter. As a second step, Schmidt number is determined by the following equation:

Sc =— (7.4)

where Sc is the Schmidt number, VU is the kinematic viscosity and Dm is the mass
diffusivity. Schmidt number is a dimensionless number which is defined as the ratio of
momentum diffusivity and mass diffusivity, and is utilised to characterise fluid flows in
which there are simultaneous momentum and mass diffusion convection processes

[271]. After determining Re and Sc numbers, Sherwood number (Sh) is calculated as

follows:
KD,
Sh = D (7.5)

where K is the mass transfer coefficient. Sherwood number is a dimensionless number
which represents the ratio of convective to diffusive mass transport. The average mass

transfer coefficient is computed by the average Sherwood number as follows:

ShDm
Dy,

K= (7.6)

where K is the average mass transfer coefficient and Sh is the average Sherwood

number.
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To determine the Sherwood number, the following semi-theoretical equation

developed by Frossling [272] can be used:

1 1
Sh = 2 + 0.552Re25¢3 (7.7)

For the mass diffusion coefficient of water vapour, the regression curve fit

obtained from the data of Bolz and Tuve [273] can be utilised:
Dm = —2775x107%+4.479 x 1078T + 1.656 x 1071072 (7.8)

The mass transfer rate is driven by the difference between the concentration of
water vapour at the water spraying unit and in the working air. The partial pressure of
the water vapour at the water spraying is the saturation pressure of water at T, . The
concentration of water vapour (C,,) at the water spraying unit is the density of water
vapour evaluated at the partial pressure and temperature. The mass fraction of water

vapour (mf,,) at the water spraying unit is given by:

C

mf, = — (7.9)
p

The partial pressure of water in the working air (B, ,4) is the product of the

relative humidity (¢) and the saturation pressure of water vapour (Pgq ) at Ty, ¢ as

given below:

Pw,wa = ¢Psat,w (7.10)

The concentration of water vapour in the working air (C,, ) 1s the density of
water vapour evaluated at the partial pressure and temperature. The mass fraction of

water vapour in the working air (mf,, ,4) 1s determined by:
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Cw,wa

p

Mfywwa = (7.11)

Blowing factor (BF) is defined as follows to calculate the corrected mass transfer

coefficient (K,,,):

l1+ow
BF =In (7.12)
where
mf, —m
mfw,wa -1
The corrected mass transfer coefficient is given as follows:
K..r = KBF (7.14)

Finally, the mass flow rate of water due to evaporation is calculated by the

following equation:

my,, = KcorAtot,wsu(Cw - Cw,wa) (7.15)

where Agorwsy 18 the total heat transfer surface area of the water spraying unit.
Determining the mass flow rate of water due to evaporation enables to specify the
temperature and the relative humidity of the working air at the outlet of the spraying
unit. The working air leaving the spraying duct as being cooled and humidified is
directed to the polycarbonate counter-flow heat exchanger to cool the incoming warm
fresh air. In this regard, the second part of the modelling work aims at investigating the

heat transfer in the novel plate type polycarbonate heat exchanger.
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The polycarbonate heat exchanger might be thought of as two straight ducts with
fluid flow, which are thermally connected. Let the ducts be of equal length L, carrying

streams with heat capacity ¢; and let mass flow rate of the streams 71;, where the

subscript j applies to stale air (sa) or fresh air (fa). The temperature profiles for the
streams are Ty, (x) and Ty, (x) where x is the distance along the duct. The analyses are
carried out for the steady-state conditions so that the temperature profiles are not
functions of time. It is also assumed that the only transfer of heat from a small volume
of fluid in one duct is to the fluid element in the other duct at the same position. The
amount of heat transfer along a duct due to temperature differences is neglected.
Through the Newton’s law of cooling, the rate of change in energy of a small volume of
the stream is proportional to the difference in temperatures between it and the

corresponding element in the other duct:

ou

a;“ =&(Tra — Tsa) (7.16)
ou

a’; % = &(Toq — Tra) (7.17)

where u;(x) is the thermal energy per unit length and ¢ is the thermal connection
constant per unit length between the two ducts. This change in internal energy results in
a change in the temperature of the stream element. The time rate of change for the

stream element being carried along by the flow is:

0uUg, dT,,
ot - Wsa g (7.18)
u dT
12—y, L2 (7.19)
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where yi; = ¢;m; is the thermal mass flow rate. The differential equations governing the

parallel flow heat exchanger in the first part of the system can now be written as:

ATsq

wsaW = S;(Tfa - Tsa) (7.20)
dTs,

Lpfa d; = f(Tsa - Tfa) (7.21)

As it is seen from the equations that there are no partial derivatives of temperature
with respect to time since the system is in a steady state. In addition, there are no second
derivatives in x as is found in the heat equation since there is no heat transfer along the

pipe. These two coupled first-order differential equations can be solved as follows:

o
Ty = Oy — Q, ?exp(—ax) (7.22)
03
Tre = Q1 +Q, ;exp(—ax) (7.23)
where
§
o, = (7.24)
b W
§
0, = (7.25)
2 lija
0 =01+0, (7.26)

where (); and Q, are the constants of integration. Let Ty, ¢ and Tfq o be the temperatures
at x = 0 and let Ty, ;, and Ty, be the temperatures at the end of the duct at x = L. In

this regard, the average temperatures in each duct can be given by:
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L

— 1
Tsa = Z_]- Tsa dx
0

L

— 1

Tfa = Zfoa dx
0
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(7.27)

(7.28)

The temperatures for the inlet and the outlet conditions are calculated as follows:

Tsa,O =0 —Q,—
03

Tfa'o = Ql + QZ ?
2]

Tsa,L =0, —Q, ;exp(_O-L)
03

Tror = Qq +Q, ;ex'p(—aL)

o
Ty =0 —Q, 0_211,(1 — ex'p(—aL))

— 0'2
Tra = Q1 + 0, =T (1 - ex'p(—aL))

(7.29)

(7.30)

(7.31)

(7.32)

(7.33)

(7.34)

In equations (7.30-7.34), choosing any two of the temperatures eliminates the

constants of integration and enables to find the other four temperatures. Total energy

transferred can be determined by integrating the expressions for the time rate of change

of internal energy per unit length:

L

dYsq _fdusa

dt | dt
0

dx = Ygq (Tsa,L - Tsa,O) =L (Tfa - Tsa)

(7.35)



Chapter 7 164

dx = l~|Jfa(Tfa,L - Tfa,O) = fL(Tsa - Tfa) (7.36)

where Yy, is the total energy transferred for stale air, Yz, is the total energy transferred
for fresh air, uy, is the internal energy of stale air and uy, is the internal energy of fresh

air. It can be clearly noted from the equations above that the sum of the energy changes

is zero as a consequence of the conservation of energy. The quantity Tfa —Tgq 1S
known as the logarithmic mean temperature difference, and it is a measure of the

effectiveness of the heat exchanger.

7.4. Results and Discussion

In the first part of the analyses, combined effects of the length of spraying unit,
velocity of working air and hydraulic diameter on the amount of evaporated water
vapour are evaluated theoretically as shown in Figure 7.7, 7.8 and 7.9. The final water
vapour content of air is of vital importance as it remarkably affects the evaporative
cooling performance. It is understood from the results that the hydraulic diameter and
the length of spraying unit have positive impact on the evaporation as expected and the
amount of water evaporated is found to be increasing with the said independent
variables. On the contrary, the amount of evaporated water vapour reduces with
increasing velocity of working air as the air is not able to find the sufficient time inside

the system to increase its moisture content.
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Figure 7.7. Combined effects of length of the spraying unit and hydraulic diameter on

the amount of evaporated water vapour.

D, =60 mm
Twa’in =17°C
T,=13 °C

m,, . (gr)

0.5
Figure 7.8. Combined effects of length of the spraying unit and velocity of working air

on the amount of evaporated water vapour.
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Figure 7.9. Combined effects of hydraulic diameter and velocity of working air on the

amount of evaporated water vapour.

In the second part of the analyses, dry-bulb temperature and relative humidity of
working air at the outlet of the water spraying unit are determined theoretically for
different values of inlet working air temperature and as a function of the length of
spraying unit as shown in Figure 7.10-14. For this part of the research, the hydraulic
diameter and the air velocity are assumed to be 60 mm and 0.1 m/s, respectively
whereas the temperature of working air is varied from 17 to 29 °C. It is well-
documented in literature that temperature and relative humidity of working air are
significant for the cooling capacity of evaporative cooling system. The first output of
the results is the decreasing trend of outlet temperature of working air with spraying
unit length. On the other hand, relative humidity of working air reaches adiabatic
saturation condition after a particular value of spraying unit length which corresponds to
maximum cooling condition for any case. Through the further optimisation works, it is

concluded that the spraying unit length needs to be at least 8 m to be able to reach the
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adiabatic saturation condition which represents the maximum cooling point that can be
achieved. The results also indicate that both temperature and relative humidity of

working air at the outlet rises with increasing inlet relative humidity of working air.

60 mm
=17°C
Vya = 0.1m/s
100
D, = 60 mm
80 T .=17°C

wa,in

V.= 0.1 m/s

60
40
20

q)wa,out (%)

20

8
L

s,

6
0(172)

30

60 .
5\'(\
2770 e

Figure 7.10. Dry-bulb temperature and relative humidity of working air at the outlet of
the water spraying unit for T,,4 ;, = 17 °C, and as a function of the length of spraying

unit.
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V. = 0.1 m/s

Twa,out (OC)
o o

&~ o0

70

10 20 ® o

100
D, =60 mm
~ 80 T =20°C
O\o wa,f .
\: 60 Via = 0.1 m/s
2
e§ 40
20
0 20

Figure 7.11. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for Ty, ; = 20 °C, and as a function of the length

of spraying unit.
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Figure 7.12. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for Ty, = 23 °C, and as a function of the length

of spraying unit.
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Figure 7.13. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for Ty, ; = 26 °C, and as a function of the length

of spraying unit.
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Figure 7.14. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for Ty, ; = 29 °C, and as a function of the length

of spraying unit.
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In the second part of the results, outlet temperature and relative humidity of
working air are calculated theoretically for constant spraying unit length and mass flow
rate of air (L, = 6m, v, = 0.1 m/s). The temperature of working air at the inlet
is varied from 17 to 29 °C, and the analyses are repeated for different temperatures.
Combined effects of hydraulic diameter and relative humidity are assessed as shown in
Figure 7.15, 7.16, 7.17, 7.18 and 7.19. It is understood from the data that the hydraulic
diameter has a considerable influence on outlet temperature of working air. For a
hydraulic diameter of 300 mm, T,,4 oyt is expected to drop below 10 °C which is very
noticeable. It is also concluded from the results that the relative humidity of working air
at the inlet does not exceed 50% for the best case. The working air temperature at the
outlet is remarkable affected by the relative humidity of working air at the inlet. For
instance, for the inlet working air temperature of 17 °C, the outlet working air
temperature can drop only to 13 °C when the inlet relative humidity of working air is
taken to be 70%. On the other hand, the working air temperature at the outlet can be
reduced below 10 °C if the relative humidity of the working air at the inlet is 20%.

As illustrated in Figure 7.20, 7.21, 7.22, 7.23 and 7.24, combined effects of mass
flow rate and relative humidity of working air on outlet temperature are also evaluated
within the scope of this research. It is obtained from the results that the air velocity
needs to be as low as possible for lower working air temperature at the outlet which can
be explained with the greater water vapour penetration into the working air with longer
time. Another output from the analyses is the fresh air temperature to the indoor
environment increases linearly with fresh air temperature from outdoor and working air
temperature as depicted in Figure 7.25.

As the final attempt, the influence of temperature of fresh air from outdoor

environment on the relative humidity of fresh air to the indoor environment is analysed
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as shown in Figure 7.26, 7.27, 7.28 and 7.29. For a case of ¢rqoutaoor = 40%,

®raindoor does not meet the thermal comfort range if outdoor fresh air temperature is

greater than 35 °C.

stu =6m
Twa,in =17 OC
V.= 0.1 m/s
70
100
stu =6m
T, . =17°C

wa,in

V.= 0.1 m/s

70

50
40 Q’Ia

30 .
5\'(\
300 20 O«

Figure 7.15. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for Ty, ;, = 17 °C, and as a function of hydraulic

diameter.
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Figure 7.16. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for Ty, ; = 20 °C, and as a function of hydraulic

diameter.
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Figure 7.17. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for Ty, ;, = 23 °C, and as a function of hydraulic

diameter.
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Figure 7.18. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for Ty, ; = 26 °C, and as a function of hydraulic

diameter.
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Figure 7.19. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for Ty, ; = 29 °C, and as a function of hydraulic

diameter.
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Figure 7.20. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for T,,, ;, = 17 °C, and as a function of velocity of

working air.



Chapter 7 179

stu = 6 m

Twa,in =20°C

D, =60 mm
70

100
e
é 80
2 60
<
3
ST
20

Figure 7.21. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for T,,, ;, = 20 °C, and as a function of velocity of

working air.
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Figure 7.22. Dry-bulb temperature and relative humidity of working air at the outlet of
the water spraying unit for T,,, ;, = 23 °C, and as a function of velocity of

working air.
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Figure 7.23. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for T,,, ;, = 26 °C, and as a function of velocity of

working air.
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Figure 7.24. Dry-bulb temperature and relative humidity of working air at the outlet of

the water spraying unit for T,,, ;, = 29 °C, and as a function of velocity of

working air.
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Figure 7.25. Indoor temperature of fresh air by outdoor temperature of fresh air and

working air temperature at the inlet of polycarbonate heat exchanger.

7.5. Conclusions

Conclusive remarks can be summarized as follows:

» The amount of evaporated water vapour increases with increasing hydraulic diameter

and length of spraying unit as seen in Figure 7.7.

» Water evaporation reduces with increasing velocity of working air as it is seen in
Figure 7.8 and 7.9.

» Temperature and relative humidity of working air are important parameters in terms
of cooling capacity of the evaporative cooling system. The results indicate that the
outlet temperature of working air decreases with increasing values of spraying unit

length. On the other hand, relative humidity of working air reaches adiabatic saturation
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condition after a specific value of spraying unit length which is the desired condition as
it is illustrated in Figure 7.10.

» For various temperatures of working air at the inlet, an optimisation procedure is
performed, and it is found that the spraying unit length should be at least 8 m to be able
to reach the adiabatic saturation condition which corresponds to the best case that can
be achieved for the system as seen Figure 7.11.

» Similarly, the analysis is carried out for various relative humidity of working air at
the inlet. The results show that both temperature and relative humidity of working air at
the outlet increases with increasing inlet relative humidity of working air. In this regard,
an optimum value should be selected considering indoor thermal comfort conditions as
shown in Figure 7.12-7.14.

» In the second part of the analyses, outlet temperature and relative humidity of
working air are determined for constant spraying unit length and mass flow rate of air
(Lysy = 6m, v,, = 0.1m/s), and for various temperatures of working air at the
inlet. Combined effects of hydraulic diameter and relative humidity are evaluated. It is
concluded from the results that the hydraulic diameter has a notable impact on outlet
temperature of working air. For a hydraulic diameter of 300 mm, T,,, oy falls below
10 °C which is very promising as shown in Figure 7.15-7.19.

» For the most desired conditions, relative humidity of working air at the inlet should
not be greater than 50%.

» Combined effects of mass flow rate and relative humidity of working air on outlet
temperature are also investigated in this study. It is understood from the results that the
air velocity should be as low as possible for lower working air temperature at the outlet

as it is shown in Figure 7.20-7.24.
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» Fresh air temperature to the indoor environment increases linearly with working air
temperature and fresh air temperature from outdoor as illustrated in Figure 7.25.
» Temperature of fresh air from outdoor environment has a dominant impact on

relative humidity of fresh air to the indoor environment. For ¢rg outaoor = 40%,

®raindoor falls out of the thermal comfort range if outdoor fresh air temperature is

greater than 35 °C as it is seen in Figure 7.26-7.29.
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Figure 7.26. Indoor relative humidity of fresh air by outdoor temperature of fresh air
and working air temperature at the inlet of polycarbonate heat exchanger

for ®raoutdoor = 10%.
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Figure 7.27. Indoor relative humidity of fresh air by outdoor temperature of fresh air
and working air temperature at the inlet of polycarbonate heat exchanger

for ®raoutdoor = 20%.
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Figure 7.28. Indoor relative humidity of fresh air by outdoor temperature of fresh air
and working air temperature at the inlet of polycarbonate heat exchanger

for ¢fa,outdoor = 30%.
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Figure 7.29. Indoor relative humidity of fresh air by outdoor temperature of fresh air
and working air temperature at the inlet of polycarbonate heat exchanger

for ¢fa,outdoor = 40%.
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CHAPTER 8

Comprehensive thermal performance
investigation of a novel direct-contact

evaporative cooling system

8.1. Introduction

Buildings have a higher energy consumption rate compared to the other relevant
sectors [274]. Buildings are responsible for about 40% of total energy consumption in
the world. They are also one of the biggest contributors to greenhouse gas emissions as
a consequence of the existing energy market dominated by fossil fuel based energy
resources. Research to mitigate energy consumed in buildings is therefore of vital
importance. Further investigations related to buildings reveal that almost 60% of total
energy consumption in building sector is attributed to heating, ventilation and air
conditioning. HVAC is an indispensable part of a building and causes a significant
amount of energy loss. Therefore, HVAC is considered as a key solution for remarkable
energy savings in buildings. As reported by Hasan [248] in a recent work, the demand
for cooling increases day by day as a consequence of the growing demand for better
thermal comfort conditions in buildings. It is underlined that the use of air conditioning
in building sector is rapidly increasing [275]. On the other hand, increased use of air
conditioning creates a serious peak electricity load problem to utilities and increases the
cost of electricity [276].

Cooling can be performed in several ways, and one of those is evaporative

cooling. Evaporative cooling has a high potential to meet cooling demands at low
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energy costs [249]. Riangvilaikul and Kumar [213] note that the evaporative cooling is
a good alternative to mechanical vapour compression for air conditioning applications
since it requires about four times less electric power than vapour-compression
refrigeration [250]. An evaporative cooling system simply works as increasing the
moisture contents of the air with use of water. When hot and dry air welcomes water,
the water starts to evaporate with help of energy taken from the air. Thus, the air
becomes cooler whereas its relative humidity goes up. Current available evaporative
cooling systems can be classified as direct-contact and indirect-contact evaporative
coolers with respect to interaction between the streams. In a direct evaporative cooling
system, working air to be cooled is in a direct contact with a liquid water film. Cooling
is accomplished by the adiabatic heat exchange between the working air and the liquid
water film [251]. The direct contact evaporative cooling systems are utilised to cool the
intake air in hot and dry climatic conditions. It is possible to get adequate cooling by use
of this system, but the increasing level of the air humidity might make the occupants
uncomfortable. On contrary to direct contact system, an indirect contact evaporative
cooling system can deal with undesired living conditions for the occupants owing to its
characteristic configuration. As it is mentioned above, direct-contact evaporative
cooling systems are appropriate for use only in dry, hot environmental conditions, or in
rooms needing both cooling and humidification [252]. On the other hand, in an indirect-
contact evaporative cooler, the inlet air is cooled by so-called working (secondary) air
which is cooled through evaporation [253]. Thermodynamically, the wet passage
absorbs heat from the dry passage by evaporating water, and thus cools the dry passage,
while the latent heat of vaporizing water is dissipated into the working air. Within the

scope of this research, only the evaporative cooling test and its results are introduced.
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Evaporative cooling systems are widely used in building sector nowadays as an
alternative to conventional air conditioners. Energy consumed in HVAC systems
accounts for about 20% of the total world energy consumption [193], and hence novel
solution to mitigate this figure is of vital importance due to growing significance of
environmental issues [100-105]. Evaporative cooling technology offers a wide range of
opportunities for buildings to fulfil this purpose owing to low retrofit costs, high

efficiency ranges, insignificant maintenance and attractive payback periods [215].

8.2. Description of a Novel Evaporative Cooling System (ECS)

An evaporative cooling system (ECS), which has been recently developed, is a
novel system that can be used for both ventilation and air conditioning purposes. A
schematic of the system is illustrated in Figure 8.1. The system is capable of meeting
cooling demand at hot and arid climatic conditions. The working principle is definitely
the same with a standard humidifier. First, outside air at any temperature is welcomed at
the humidifying channel via a low power circulating fan with 12 W. Humidification is
achieved via adiabatically saturated fibre material (cloth) which are specially designed
and filled with water. In the system proposed here, fresh air is exposed to
humidification, and its temperature reduces to the thermal comfort level. Drained water
is collected at the bottom of the humidification channel and pumped to the water tank,
which is fixed at the top of ECS. The proposed evaporative cooling system is devised to
be used as a roof application. In this respect, its design is compatible with the roof pitch
of existing UK building stock. External dimensions of the wooden structure of ECS are
1 m width, 1.5 m length and 1.5 m height. Dimension optimisation of ECS is expected
to yield a slimmer and lighter construction. At this stage, the focal point is to investigate

the thermal performance efficiency of ECS for different climatic conditions.



Chapter 8 192

Evaporative cooling unit_
=

T
& &e"a
& &
o & Fibre material
i bz'
B
‘6‘

Figure 8.1. Description of the proposed evaporative cooling system.

8.3. Experimental Setup and Analysis

The test rig of a novel evaporative cooling system is built in the Department of
Architecture and Built Environment at the University of Nottingham as it is illustrated
in Figure 8.2. Real indoor and outdoor thermal conditions are assumed during the
experiments. A multi-functional digital environmental chamber is used to adjust the
temperature and the relative humidity of incoming fresh air. Two water tanks, a pump
and a blower fan are utilised to run the system properly. The system is simulated and
designed as to be a roof application of a real house. For a real house case of the
proposed system, rain water will be collected to a tank and will be delivered to the

system to use it for cooling purposes instead of tap water. Thus, it is achieved to save
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large amount of tap water. As it is underlined here, the aforementioned system helps to

save both energy and water, and contributes to reduce greenhouse gas emissions.

Figure 8.2. Detailed photos of a novel roof type evaporative cooling system.

In this chapter, evaporative cooling performance of a novel ECS is experimentally
investigated. The mass flow rate for the inlet velocity of 0.3 m/s is calculated to be
0.0042 kg /s whereas it is found to be 0.0070 kg/s for 0.5 m/s. In this respect, for
different conditions of fresh air from environmental chamber, time-dependent outlet
temperature and outlet relative humidity of air are measured. Following the relevant
measurements, humidification effectiveness, wet bulb effectiveness and coefficient of
performance of the proposed cooling system are determined for each case. The results

are comprehensively analysed for a reliable evaluation and easier understanding.
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8.4. Results and Discussion

Evaporative cooling systems require less energy requirement than the other
cooling systems such as mechanical vapour compression systems [277]. Therefore,
evaporative cooling technologies are extensively preferred for cooling purposes in
climatic conditions with medium to low humidity [278]. In this research, a novel design
of an evaporative cooling system is experimentally investigated. This study aims to
mitigate the energy consumption due to cooling and ventilation. The system developed
achieves cooling as well as providing ventilation with a cost-effective and
environmentally friendly way. In this section, the laboratory test results of the proposed
innovation are given. Through the data obtained, welt bulb effectiveness, humidification
effectiveness and coefficient of performance of the system are calculated and the results
are discussed. The preliminary testing of evaporative cooling system (ECS) is carried
out for two different inlet conditions of fresh air supplied by environmental chamber. In
the first test, the velocity of the air is determined to be 0.3m/s. As a natural
consequence of evaporative cooling process, air temperature remarkably decreases at
the outlet. Steady-state measurements reveal that the average temperature of fresh air at
the inlet is 36.9 °C, whereas it is 26.7 °C at the outlet. The temperature difference of
10.2 °C achieved by a novel evaporative cooling unit is very promising. The outlet
relative humidity of fresh air almost reaches the adiabatic saturation condition. The
average humidity values at the inlet and outlet are measured to be 37.2 and 98.4%,
respectively. The results of the first test are unequivocally illustrated in Figure 8.3 and

Figure 8.4.
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Figure 8.4. Relative humidity measurement from the first test.
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The reliability of the system and the accuracy of the measurements are verified by
performing a second test as illustrated in Figure 8.5 and Figure 8.6. In the second test,
the air velocity is measured to be 0.5 m/s. On the other hand, fresh air enters into the
system at different temperature and relative humidity, and arid temperate climatic
conditions are considered. Temperature measurements indicate that the temperature
difference at the second test is not as high as the first test because of the lower inlet
temperature. Average inlet and outlet temperatures of fresh air are determined to be
31.1 and 23.0 °C, respectively. The temperature difference of 8.1 °C is still remarkable
since the power consumption of the system is insignificant. The results indicate that the
adiabatic saturation condition is almost achieved for the second test as well. Average

inlet and outlet relative humidity are measured to be 30.0 and 94.8%, respectively.
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Figure 8.5. Temperature measurement from the second test.
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Figure 8.6. Relative humidity measurement from the second test.

The effectiveness of the evaporative cooling unit is also evaluated for two
different inlet conditions of air. In this respect, wet bulb and humidification
effectiveness of the system are calculated. Mathematical expression of the wet bulb

effectiveness is given by using the following equation:

_ Tap,in — Tab,out

(8.1)

wb —
Tdb,in - wa,in

where ¢ is the effectiveness, Typip 1s the dry bulb temperature of the inlet fresh air,
Tyap out 1s the dry bulb temperature of the outlet fresh air and T, ;, is the wet bulb
temperature of the inlet fresh air.

The humidification effectiveness of the evaporative cooling unit is calculated as

follows [279]:

Wout — Win
£ = 8.2
fm Wsat — Vin ( )
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where );,, is the humidity ratio of the inlet fresh air and ), is the humidity ratio of
the outlet fresh air and w4, is the humidity ratio of saturated air.

The average wet bulb effectiveness of the system is found to be around 86% and
65%, respectively for the first and second tests as shown in Figure 8.7. On the other
hand, the average humidification effectiveness is determined to be 80% for the first test
whereas it is 53% for the second test.

It can be concluded from the results that the humidification effectiveness is a
strong function of the operational parameters. However, general tendency of the
humidification effectiveness in Figure 8.8 clearly reveals that there is an insignificant
erratic behaviour as a consequence of dynamic characteristics of the laboratory
environment. In this respect, it can be easily asserted that the system has almost
stagnant humidification effectiveness for any specific operating condition. Much more
stable characteristics might be obtained by enhancing thermal insulation feature of the
test rig, and maintaining steady-state conditions for the test environment. Following the
relevant measurements, the coefficient of performance (COP) of ECS is calculated for
each test as shown in Figure 8.9. For the extreme weather conditions as characterised by
the first test, COP is expected to be highly attractive, which is verified by the
experimental results. The average COP of the first test is found to be 8.7. On the other
hand, for arid temperate climates given as an example in the second test, somewhat
lower values of COP is predicted, and this is clearly seen the results of the second test.

The average COP from the second test is calculated to be 6.7.
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Figure 8.9. Coefficient of performance values for the first and second tests.

8.5. Conclusions

An intelligent building is defined as maximising the efficiency of the service with
a minimum cost [246]. Energy consumption of the building sector increases day by day
due to good thermal comfort demand of the occupants. That’s why, use of energy-
efficient technologies in buildings is of prime concern for anyone wishing to save both
energy and money [212]. In this comprehensive research, a novel evaporative cooling
system (ECS) is introduced to mitigate energy consumption in buildings arising from
cooling and air conditioning. The results indicate that the COP of the said system is
greatly affected by the air velocity. The experiments conducted for different velocities
clearly show that the COP drops from 8.7 to 6.7 when the air velocity increases from
0.3 to 0.5 m/s. This can be explained with the limited time of heat and mass transfer
inside the unit when the air velocity rises. In this respect, it can be concluded that the

determination of optimum air velocity is of vital importance for greater coefficient of



Chapter 8 201

performance of the system. The results indicate that the adiabatic saturation condition is
almost achieved for the first and second tests. For the first test, the average humidity
values at the inlet and outlet are measured to be 37.2 and 97.7%, respectively whereas
they are measured to be 30.0 and 94.8%, respectively for the second test. The
preliminary test results for the evaporative cooling system clearly reveal that the system
developed is very promising for extreme and temperate climatic conditions. This
experimental research basically aims at demonstrating the feasibility of this novel
system to reduce the cooling demand of buildings in extreme and temperate
environmental conditions. In the next stage, the system will be powered with desiccant
filled fibre cloth as well, and the experiments will be repeated for humid conditions of

incoming air.
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A simplified model for iquid

desiccant-based evaporative cooling system

9.1. Introduction

Cooling energy has an important part in buildings’ energy consumption levels. As
reported by Hasan [248] in a recent work, the demand for cooling increases day by day
as a consequence of the growing demand for better thermal comfort conditions in
buildings. Evaporative cooling has a high potential to meet cooling demands at low
energy costs [249]. Riangvilaikul and Kumar [213] note that the evaporative cooling is
a good alternative to mechanical vapour compression for air conditioning applications
since it requires about four times less electric power than vapour-compression
refrigeration [250]. Current available evaporative cooling systems can be classified as
direct-contact and indirect-contact evaporative coolers. In a direct evaporative cooling
system, working air to be cooled is in a direct contact with a liquid water film. Cooling
is accomplished by the adiabatic heat exchange between the working air and the liquid
water film [251]. Direct-contact evaporative cooling systems are appropriate for use
only in dry, hot environmental conditions, or in rooms needing both cooling and
humidification [252]. On the other hand, in an indirect-contact evaporative cooler, the
inlet air is cooled by so-called working (secondary) air which is cooled through
evaporation [253]. Thermodynamically, the wet passage absorbs heat from the dry
passage by evaporating water, and thus cools the dry passage, while the latent heat of

vaporizing water is dissipated into the working air. Figure 9.1 shows the schematic of
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an indirect-contact evaporative cooler. The metallic sheet between product and working
air is usually an air-to-air heat exchanger, which can be plate type [254,255], tube type
[254,256] and heat pipe type [254,257]. Indirect-contact evaporative cooling systems
have the advantage of being able to cool the product air without changing its specific
humidity [229]. Therefore, these systems are widely utilised in domestic buildings as
air-conditioning units since more than a century [253].

The challenging point of evaporative cooling systems is that they are not able to
provide the desired conditions in hot and humid areas. Therefore, alternative systems
such as desiccant-based cooling are required. Liquid desiccant-based evaporative
cooling system is a good alternative to conventional vapour compression cooling
systems to be able to control both temperature and relative humidity, especially in hot
and humid environmental conditions [280,281]. Chengchao and Ketao [282] also note
the advantages of these systems over vapour compression air conditioning systems in
terms of its suitability in different climatic conditions. Numerous theoretical and
experimental attempts have been made so far on desiccant-based evaporative cooling
systems. Oberg and Goswami [283,284] carry out several experimental works at the
University of Florida. It is observed that an electrical energy savings around 80% can
be achieved by desiccant-based solar cooling system. Ahmed et al. [285] perform a
simulation work, and found that the COP of the desiccant cooling system is about 50%
higher than that of a conventional vapour absorption cooling system. Performance of a
desiccant cooling system is related to the amount of water removed from the humid air
via desiccant solution. The amount of water condensed in the dehumidifier needs to be

evaporated from the desiccant solution in the regenerator.
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Figure 9.1. Schematic of a typical indirect-contact evaporative cooling system.

Besides the experimental works, several theoretical attempts have been made so
far on performance assessment of desiccant-based cooling systems. Liu et al. [286]
present a regression analysis to predict the effects of air and desiccant inlet parameters
on the regenerator performance. Fumo and Goswami [287,288] evaluate the
effectiveness of dehumidifier and regenerator under the effects of various parameters
such as air and desiccant flow rate, air and desiccant temperature, air humidity and
desiccant concentration. El-Shafei et al. [289] develop a model to estimate the
performance of the regenerator of a solar liquid desiccant dehumidification/regeneration
via artificial neural network. Abdul-Wahab et al. [290] analyse the effects of various
design parameters on the performance of liquid desiccant-based air dehumidifier. Sick
et al. [291] investigate the seasonal performance of a hybrid liquid desiccant cooling
system. Stevens et al. [292] develop an effectiveness model for liquid desiccant
systems. In this chapter, a simple mathematical model is presented for a liquid-
desiccant-based evaporative cooling system which is illustrated in Figure 9.2. For
several design parameters such as air temperature, desiccant temperature, mass flow
rates of incoming air and desiccant, relative humidity and desiccant concentration,
humidity ratio and temperature of air at the outlet, cooling level and overall system

performance are evaluated.
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Figure 9.2. Schematic of a novel liquid desiccant-based evaporative cooling system.

9.2. Mathematical Model

The liquid desiccant-based evaporative cooling system which is illustrated in
Figure 9.2 can be modelled by splitting the whole system into two main parts as
dehumidification process and humidification process. In the first part, moisture content
of the incoming fresh air is controlled via liquid desiccant solution whereas its
temperature is regulated through evaporative cooling in the second part. It is
unequivocal in literature review that the theoretical works on desiccant-based cooling

system are very limited since the behaviour of the systems in actual operating
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conditions is somewhat instable in most cases, which makes the theoretical evaluation
laborious. In a research on dehumidification, the input parameters are often the inlet air
temperature (T, ;,), the inlet solution temperature (Ts;,), the inlet air humidity ratio
(wq,in) and the inlet solution concentration (Cj ;,). From this point of view, the output
parameters are the outlet air temperature (T, ,¢), the outlet solution temperature
(Tsout), the outlet air humidity ratio (wg4y¢) and the outlet solution concentration
(Cs,out)- For this part of the modelling work, the statistical approach presented by
Mohammad et al. [293] can be utilised for a rapid and accurate evaluation. In this
respect, following simplified equations are obtained for the output parameters of the

dehumidification process:

Tooue = 11.929 4 0.743T; 1, + 0.2990) 0 1 (9.1)
Ty oue = 5.86 + 0.763Ts 1 + 0.1990q 1, (9.2)
Waout = 7.873 + 0.508T; 1, + 0.201wg in (9.3)
Csour = 1.309 + 95.7C; 1, (9.4)

Another important parameter is the condensation water rate (m.,,) which is given

as follows:

Meon = —0.079 — 0.0440)q i, + 0.028T;, — 0.3121, (9.5)

where m, is the inlet air mass flow rate. The accuracy of the proposed equations is
verified by a previously conducted experimental work of Fumo and Goswami [281]. As
it is clearly illustrated in Table 9.1 that there is a very good accordance between the
theoretical and the experimental results. The efficacy of the modelling work of the

dehumidification part is significant since the evaporative cooling analyses are
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completely based on the outputs of dehumidification process. In the second part of the
system, dried air after the dehumidification process is welcomed by the evaporative
cooling channel for proper humidification, and thus for the desired cooling. In this
regard, an accurate mathematical model of the evaporative cooling system is important.
A heat transfer analogy for flow in ducts is employed to estimate the evaporation rate.
The evaporation rate is a function of the mass transfer coefficient which is characterised
by Sherwood number. The Sherwood number represents the ratio of convective to
diffusive mass transport, and it is calculated by correlations of Reynolds and Schmidt
numbers. To determine the aforementioned dimensionless numbers, thermophysical
properties of air at the film temperature are utilised. The film temperature (T) is given
as follows:

_ lef + Ta,out

" - (9.6)

where Ty, is the liquid water film temperature. The characteristic of the flow is then
determined by Reynolds number. Reynolds number is a dimensionless number that
gives a measure of the ratio of inertial forces to viscous forces and thus, quantifies the
relative importance of these two types of forces for given flow conditions [270]. For
flow through noncircular tubes, Reynolds number is based on the hydraulic diameter

(Dy) and given as follows:

_vpDy

Re (9.7)
U
where
4A



Table 9.1. Verification of the present study through a previously published experimental work

e (kg/ §N,Q .Nank.: «e@x EFN: (kgyn/kgaa) ﬂm;.: «aﬁw Cin(%) s (kg/ Smw\ ﬂn.eﬂsw «aﬁw SQ.SR (kgyn/kgda) .Namb:n «e@x Cout(%0) 3.@%:3 (e/s)

Fumo and Goswami [281] 1.1830 40.1 0.0180 30.5 344 6.287 33.1 0.0115 329 343 0.36
1.1800 30.1 0.0181 30.3 34.7 6.227 322 0.0108 32.6 34.6 0.40
1.1890 355 0.0188 30.3 345 6.290 32.8 0.0112 32.6 33.7 0.42
1.1900 30.1 0.0180 30.2 344 5.019 322 0.0113 32.7 342 0.38
1.1820 30.2 0.0185 30.2 344 7.420 32.0 0.0110 325 343 0.39
1.1820 29.9 0.0179 30.1 33.1 6.164 324 0.0114 322 33.0 0.36
1.1760 30.0 0.0181 30.2 34.8 6.206 32.0 0.0107 325 34.7 0.41
Present work 1.1830 40.1 0.0180 30.5 34.4 6.287 332 0.0076 29.1 342 0.41
1.1800 30.1 0.0181 30.3 34.7 6.227 33.8 0.0075 29.0 345 0.40
1.1890 355 0.0188 30.3 345 6.290 334 0.0075 29.0 343 0.40
1.1900 30.1 0.0180 30.2 344 5.019 33.8 0.0075 28.9 342 0.39
1.1820 30.2 0.0185 30.2 34.4 7.420 33.7 0.0075 28.8 342 0.40
1.1820 29.9 0.0179 30.1 33.1 6.164 33.7 0.0074 28.8 33.0 0.39

1.1760 30.0 0.0181 30.2 34.8 6.206 33.7 0.0075 28.9 34.6 0.40
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In equation (9.8), A is the cross sectional area of the duct and p is the wetted

perimeter. As a second step, Schmidt number is determined by the following equation:

U
Sc=— 9.9
c=7- (9.9)

where U is the kinematic viscosity and Dm is the mass diffusivity. Schmidt number is a
dimensionless number which is defined as the ratio of momentum diffusivity and mass
diffusivity, and is utilised to characterise fluid flows in which there are simultaneous
momentum and mass diffusion convection processes [271]. After determining Re and

Sc numbers, Sherwood number (Sh) is calculated as follows:

KDy

Sh =
Dm

(9.10)

where K is the mass transfer coefficient. Sherwood number is a dimensionless number
which represents the ratio of convective to diffusive mass transport. The average mass

transfer coefficient is computed by the average Sherwood number as follows:

ShDm
Dy,

7= (9.11)

To determine the Sherwood number, the following semi-theoretical equation

developed by Frossling [272] can be used:

11
Sh =2+ 0.552Re2S5c3 (9.12)

For the mass diffusion coefficient of water vapour, the regression curve fit

obtained from the data of Bolz and Tuve [273] can be utilised:

Dm = —2.775x 107® + 4.479 x 1078T + 1.656 x 1071072 (9.13)
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The mass transfer rate is driven by the difference between the concentration of
water vapour at the water spraying unit and in the working air. The partial pressure of
the water vapour at the water spraying is the saturation pressure of water at Ty, r. The
concentration of water vapour (C,,) at the water spraying unit is the density of water
vapour evaluated at the partial pressure and temperature. The mass fraction of water

vapour (mf,,) at the water spraying unit is given by:

Cw

mf,, = — (9.14)
p

The partial pressure of water in the working air (P, ,4) is the product of the

relative humidity (¢) and the saturation pressure of water vapour (Pggey) at Ty r as

given below:
Bvwa = ®Psatw (9.15)

The concentration of water vapour in the working air (Cy,,,,) is the density of
water vapour evaluated at the partial pressure and temperature. The mass fraction of

water vapour in the working air (mf,, ,,q) is determined by:

C
Mfywa = Wl;wa (9.16)

Blowing factor (BF) is defined as follows to calculate the corrected mass transfer

coefficient (K,,,):

1+

BF =In (9.17)
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where

o = mfw - mfw,wa (9.18)

mfw,wa -1

The corrected mass transfer coefficient is given as follows:
K..r = KBF (9.19)

Finally, the mass flow rate of water due to evaporation is calculated by the

following equation:

my,, = KcorAtot,wsu(Cw - Cw,wa) (9.20)

where A;orwsy 18 the total heat transfer surface area of the water spraying unit.
Determining the mass flow rate of water due to evaporation enables to specify the
temperature and the relative humidity of the working air at the outlet of the spraying

unit.

9.3. Results and Discussion

In the first part of the results, outlet desiccant temperature is theoretically
determined as a function of inlet desiccant temperature. It is understood from Figure 9.3
that there is an almost linear relationship between the temperatures of desiccant at inlet
and outlet. This output can be attributed to the first law of thermodynamics.

Inlet desiccant temperature plays a significant role in overall dehumidification
performance. In this respect, the impact of desiccant temperature at the inlet on other
performance related parameters such as humidity ratio needs to be investigated for a

thorough assessment. Therefore in Figure 9.4, humidity ratio of fresh air at the outlet of
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the dehumidifier is given as a function of inlet desiccant temperature. Humidity ratio of
fresh air increases nearly linearly with increasing desiccant temperature at the inlet.
Desiccant concentration is of vital importance in desiccant based cooling systems as it
notably affects the thermal performance efficiency. For two different cases illustrated in
Figure 9.5, outlet fresh air temperature is determined with respect to change in inlet air
temperature and desiccant concentration. For each case, desiccant temperature at the
inlet and mass flow rate of air are taken to be 24 °C and 0.2 kg/s, respectively. The
results indicate that there is a linear relationship between desiccant concentration and
outlet fresh air temperature. The lower desiccant concentration and desiccant

temperature corresponds to the greater thermal efficiency as concluded from the graphs.
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Figure 9.3. Outlet desiccant temperature as a function of inlet desiccant temperature.
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Figure 9.4. Humidity ratio of fresh air at the outlet of the dehumidifier as a function of

inlet desiccant temperature.

9.4. Conclusions

In this chapter, a simple mathematical model for the preliminary design of a
liquid-desiccant-based evaporative cooling system is presented. The modelling work is
split into two sections as dehumidification process and humidification process, and for
each section, governing equations of the system are given in detail. For different
operating parameters such as air temperature, desiccant temperature, mass flow rates of
incoming air and desiccant, humidity ratio and desiccant concentration, humidity ratio
and temperature of air at the outlet, cooling level and overall system performance are
predicted. The model predictions are compared with a previously published
experimental work and an excellent agreement is observed between the results.

The characteristics results of the research can be summarised as follows:

» There is a linear tendency between inlet and outlet desiccant temperatures of the

system which is an unequivocal consequence of first law of thermodynamics.
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» Desiccant temperature at the inlet needs to be kept as low as possible for desired
humidity ratio ranges.
» Desiccant concentration plays a key role in outlet fresh air temperature as well as

humidity ratio and thermal comfort parameters for indoor environment.
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Figure 9.5. Air temperature at the outlet of the dehumidifier as a function of inlet

desiccant concentration.
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CHAPTER 10

Thermal performance assessment of a novel
liquid desiccant-based evaporative cooling

system: An experimental investigation

10.1. Introduction

Clean energy generation and its efficient use are significant due to growing
significance of environmental issues especially over the last four decades [162]. Sharp
increases in energy consumption as a consequence of the population growth and
economic development dominate the greenhouse gas concentrations in the atmosphere
[294]. Despite intensive efforts to narrow the gap between conventional energy sources
and renewables, only about 14% of total world energy demand is supplied by renewable
energy technologies at the moment [101]. In this regard, there is a consensus among
scientists that research on energy management and efficient minimisation of energy
consumption is compulsory. Several decisive measures are taken at global scale for the
urgent stabilisation of greenhouse gas concentrations by reducing the energy demand in
all sectors. Previous works indicate that building sector accounts for an important part
of the world’s energy consumption. For instance, buildings are responsible for about
40% of total energy use in the UK. Among the building types, domestic buildings have
the largest share with 63% of the total building energy consumption, which is quite
remarkable [295]. Baetens et al. [152] also reported that buildings emitted 8.3 Gt CO, in

2005 accounting for more than 30% of the greenhouse gas emissions in many
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developed countries. Dominant impacts of buildings on both the energy consumption
levels and the environment are unequivocal.

HVAC is an indispensable part of a building and causes a significant amount of
energy loss. Therefore it is considered as a key solution for remarkable energy savings
in buildings. Cooling constitutes an important part of heat loss due to HVAC. As
emphasised by Hasan [248] in a recent research, the cooling demand increases day by
day due to the growing demand for better thermal comfort conditions in buildings.
Cooling can be provided in different ways such as evaporative cooling. Evaporative
cooling has a remarkable potential to meet cooling demands in a cost-effective way. It is
reported that the evaporative cooling is a good alternative to mechanical vapour
compression for air conditioning applications since it consumes nearly four times less
electricity than vapour-compression refrigeration [213,250]. Current available
evaporative cooling systems can be split into two categories as direct-contact and
indirect-contact evaporative coolers. In a direct-contact evaporative cooling system,
working air to be cooled is in a direct contact with a liquid water film. Cooling is
achieved by the adiabatic heat exchange between the working air and the liquid water
film [251]. Direct-contact evaporative cooling systems are suitable for using only in dry
and hot climatic conditions, or in rooms needing both cooling and humidification [252].
On the other hand, in an indirect-contact evaporative cooler, the inlet air is cooled by
working air which is cooled via evaporation [253]. Thermodynamically, the wet passage
absorbs heat from the dry passage by evaporating water, and thus cools the dry passage,
while the latent heat of vaporising water is dissipated into the working air.

It is well-documented in literature that evaporative cooling provides efficient
cooling in a cost-effective way. However, it is expected to be inappropriate for using in

humid climates since the air is already close to the state of adiabatic saturation. In this
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respect, it is required to dehumidify the outside air before humidification. In order to
meet this requirement in a cost-effective way, a novel desiccant-based evaporative
cooling system (DECS) is devised, constructed and tested. DECS is able to be utilised
for both cooling and air conditioning purposes with a higher range of coefficient of
performance compared to alternative systems. Within the scope of this research,

experimental results of desiccant-based evaporative cooling system are introduced.

10.2. Description of Desiccant-Based Evaporative Cooling System (DECS)

DECS, which has been recently developed at the University of Nottingham, is a
novel system that can be used for both ventilation and air conditioning purposes. A
comprehensive description of the system is illustrated in Figure 10.1. The system
basically consists of two parts where dehumidification and humidification of incoming
fresh air occur, respectively. The system is capable of meeting cooling demand at any
particular climatic condition. The working principle is definitely the same with a
standard dehumidifier and humidifier. First, outside air at any temperature and relative
humidity is welcomed at the dehumidifying channel via a low power circulating fan.
Through specially designed desiccant filled fibre cloth, its relative humidity is
decreased to a desired level. At the second step, dehumidified fresh air this time is
exposed to humidification and its temperature reduces to the thermal comfort level.
Similarly, humidification is achieved via adiabatically saturated fibre cloth. Drained
water is collected at the bottom of the humidification channel and pumped to the water
tank, which is fixed at the top of DECS. Drained desiccant is similarly collected at the
bottom of dehumidification channel and it is regenerated via a regeneration unit. Then,
its temperature is reduced in a water-based heat exchanger and it is pumped to the

desiccant tank, which is fixed near the water tank at the top. To be able to dehumidify
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the incoming fresh air, potassium formate (HCOOK) solution 74% is selected as
desiccant. The reason to use this solution is its cost-effectiveness, and it provides
environmentally friendly applications compared to the alternatives. It has less corrosive
effect and lower density and viscosity than the conventional absorbents such as lithium

bromide (LiBr) solution [296].

Figure 10.1. Detailed description of DECS: a) wooden structure of DECS, b) 12 Watt
fan for circulating air, ¢) 15 Watt immersible pump, d) inlet duct to
dehumidification, e) outlet duct after humidification, f) collecting ducts
for drained water and desiccant, g) data logger, h) inlet fresh air to DECS
from conditioned environmental chamber and 1) digital and multi-

functional environmental chamber.

DECS is devised to be used as a roof application. In this respect, its design is

compatible with the roof pitch of existing UK building stock. External dimensions of
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the wooden structure of DECS are 1m width, 1.5m length and 1.5m height.
Dimension optimisation of DECS is expected to yield a slimmer and lighter
construction. At this stage, the focal point is to investigate the thermal performance

efficiency of DECS for different climatic conditions.

10.3. Experimental Setup

Desiccant-based evaporative cooling system (DECS) developed at the University
of Nottingham is a novel solution for temperate humid climates which can be used for
both ventilation and air conditioning purposes. A thorough description of the system is
given in Figure 10.1. The system essentially consists of two parts where incoming
supply air is dehumidified and humidified, respectively. As it is well-documented in
literature, stand-alone evaporative cooling systems are inconclusive in humid
environments due to the excessive moisture content of air. On the contrary, the system
presented in this work is capable of meeting the cooling demand at any particular
climatic condition. The working principle is definitely the same with a standard
dehumidifier and humidifier. First, outside air at any temperature and relative humidity
is welcomed at the dehumidifying channel via a low power circulating fan. Through
specially designed desiccant filled fibre cloth, its humidity is decreased to an
appropriate figure. At the second step, dehumidified supply air this time is exposed to
humidification and its temperature is reduced to the thermal comfort level. Similarly,
humidification is achieved via adiabatically saturated fibre cloth. Drained water is
collected at the bottom of the humidification channel and pumped to the water tank,
which is fixed at the top of DECS. Drained weak desiccant is similarly collected at the
bottom of the dehumidification channel. The collected weak desiccant is regenerated via

a solar driven 2 kW immersible electric heater at 70 °C. This process allows desiccant
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to be again strong and ready for absorption, however its temperature slightly increases
at the end of regeneration process. Therefore, regenerated desiccant is directed to a
water based heat exchanger to be able to decrease its temperature. At the end of this
process, desiccant is pumped to the second tank at the top for its natural flow into the
system. DECS is developed to be used as a roof application. In this respect, its design is
compatible with the roof pitch of existing UK building stock. External dimensions of
the wooden structure of DECS are 1m width, 1.5m length and 1.5m height.
Dimension optimisation of DECS is expected to yield a slimmer and lighter
construction. At this stage, the focal point is to investigate the dehumidification
effectiveness of DECS for different inlet conditions of supply air.

The innovative aspect of this design can be expressed as conditioning fresh air in
a cost-effective way irrespective of the change in climatic conditions. Whereas
evaporative cooling systems can only be used in hot arid climates, the desiccant-based
evaporative cooling system can meet the expectations not only hot arid but also
temperate humid environmental conditions. Power input to the system only occurs
through a 12 W centrifugal fan. 2 kW immersible electric heater and two 15 W
immersible pumps are powered by solar photovoltaics. In this respect, the system is
expected to have significantly higher COP range. However, it needs to be noted that
pumps do not need to work continuously for this system. Once a circulation is achieved,

that can provide an air conditioning for a timeframe of 2 hours.

10.4. Measurements

In this part of the research, cooling performance of desiccant based evaporative
cooling system is experimentally investigated. The system is run as considering two

different values of inlet air velocity. In this respect, for different conditions of fresh air
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from environmental chamber, time-dependent inlet temperature and relative humidity
values of air let to the dehumidification unit, outlet temperature and relative humidity
values of air from dehumidification unit, inlet temperature and relative humidity values
of air directed to the humidification unit and outlet temperature and relative humidity
values of air from humidification unit are measured, respectively. Following the
relevant measurements, dehumidification effectiveness is determined as well as final
relative humidity and temperature of supply air. The mass flow rates of two different
inlet velocities of 0.3 and 0.5m/s are calculated to be 0.0042 and 0.0070 kg/s,

respectively.

10.5. Results and Discussion

This study aims at decreasing the cooling energy consumption via using liquid
desiccant based evaporative cooling system. The system provides cooling as well as
ventilation with a cost-effective and environmentally way. In this section, deeper
thermal performance analyses of the system are carried out and the results are
discussed. Within the concept of this comprehensive research, dehumidification,
humidification and wet bulb effectiveness are determined along with the coefficient of
performance.

The dehumidification effectiveness of the desiccant part of the whole system is

calculated as follows [280]:

€dehum = w (10.1)
in eq

where ¢ is the effectiveness, ), 1s the humidity ratio at the outlet; w;;,, 1s the humidity

ratio at the inlet and a4 is the absolute humidity of the air, which is at equilibrium with
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the desiccant solution at the inlet concentration and temperature. The absolute humidity

of the air is defined as follows [280]:

0.622 Py
~ 1.013 X 10% — By,

Weq (10.2)

In the equation above, P, is the partial vapour pressure on the desiccant solution

surface in Pa. The humidification effectiveness of the evaporative cooling part of the

whole system is given by [279]:

Wout — Vin
£ = 10.3
fum Wsat — Din ( )

Finally, wet bulb effectiveness of the evaporative cooling part is also analysed for
two different inlet air velocities. Mathematical expressions of the wet bulb and

effectiveness are given by using the following equation:

_ Tapin — Tav,out

Ewd (10.4)

Tdb,in - wa,in

where Ty, iy 1s the dry bulb temperature of the inlet air, Tgy oy¢ 1s the dry bulb
temperature of the outlet air and T, ;,, 1s the wet bulb temperature of the inlet air.

Two separate inlet conditions are considered for the experimental analyses of
DECS. The reference velocities of supply air are 0.3 and 0.5 m/s. For the case of lower
velocity, average relative humidity and temperature values of supply air at the inlet
dehumidification are measured to be around 94.7% and 38.6 °C, respectively whereas
relative humidity and temperature values of the outlet dehumidification are 34.4% and
39.9 °C, respectively. Relative humidity and temperature values of air for the

dehumidification process are shown in Figure 10.2 and Figure 10.3. The



Chapter 10 225

dehumidification effectiveness is also measured to be around 63.7% which is attractive
and promising as illustrated in Figure 10.4. On the other hand, average relative humidity
and temperature values at the inlet humidification unit show almost the same tendency
with the values of outlet dehumidification, as it is expected theoretically, due to the well
insulation between two sections. For the average inlet relative humidity of 35.7% and
average inlet air temperature of 40.0 °C at the humidification section, the average
relative humidity and air temperature values at the outlet humidification unit are
determined to be 65.5% and 33.3 °C, respectively as it is illustrated in Figure 10.5 and
Figure 10.6. An average of 6.7 °C reduction is achieved in supply air temperature as

well as an average of 37.3% humidification effectiveness as it is seen in Figure 10.7.
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Figure 10.2. Relative humidity and temperature measurement for the air velocity of

0.3 m/s at the inlet of the dehumidification unit.
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Figure 10.3. Relative humidity and temperature measurement for the air velocity of

0.3 m/s at the outlet of the dehumidification unit.
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Figure 10.4. Dehumidification effectiveness of the desiccant unit for the air velocity of

0.3m/s.
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Figure 10.5. Relative humidity and temperature measurement for the air velocity of

0.3 m/s at the inlet of the humidification unit.
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Figure 10.6. Relative humidity and temperature measurement for the air velocity of

0.3 m/s at the outlet of the humidification unit.
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Figure 10.7. Humidification effectiveness of the evaporative cooling unit for the air

velocity of 0.3 m/s.

For the case of higher velocity, the average relative humidity before the
dehumidification unit is found to be 72.5% and the supply air temperature 38.5 °C as
shown in Figure 10.8. In the first section, the outlet relative humidity and temperature
values are measured to be 31.9% and 38.9 °C as it is clearly illustrated in Figure 10.9.
The dehumidification effectiveness of the system is also calculated and found to be
56.1% as it is given in Figure 10.10. Dehumidification effectiveness is a function of air
velocity as it drops from 63.7 to 56.1% when air velocity increases from 0.3 m/s to
0.5 m/s. The inlet humidity and temperature values of the humidification section are
found to be similar with the outlet of the dehumidification section as it is depicted in
Figure 10.11. The average inlet relative humidity is observed to be 35.6% while the

temperature is 40.0 °C at the inlet of humidification unit.
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Figure 10.8. Relative humidity and temperature measurement for the air velocity of

0.5 m/s at the inlet of the dehumidification unit.
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Figure 10.9. Relative humidity and temperature measurement for the air velocity of

0.5 m/s at the outlet of the dehumidification unit.



Chapter 10 230

100 100
e =56.1%
mean

<
80 80 2
Vamn A
N >
n =
L6 60
= g
L =
E =

40 40
Q (]
2 2
G +~
m =
20 — , , 20 é

e Dechumidification effectiveness
e (utlet relative humidity
0 0
0 1500 3000 4500 6000 7500 9000

Time (s)

Figure 10.10. Dehumidification effectiveness of the desiccant unit for the air velocity

of 0.5m/s.
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Figure 10.11. Relative humidity and temperature measurement for the air velocity of

0.5 m/s at the inlet of the humidification unit.
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After the humidification unit, the average relative humidity and temperature
values are determined to be around 63.6% and 34.2 °C, respectively as shown in
Figure 10.12. An average temperature reduction of 5.8 °C is achieved as well as a
humidification effectiveness of 30.2% as clearly seen in Figure 10.13. It is concluded
from the results that the proposed system is a novel, unique and cost-effective
innovation to mitigate cooling demand of buildings not only in hot arid but also in

temperate humid climates.
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Figure 10.12. Relative humidity and temperature measurement for the air velocity of

0.5 m/s at the outlet of the humidification unit.
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Figure 10.13. Humidification effectiveness of the evaporative cooling unit for the air

velocity of 0.5 m/s.

The wet-bulb temperature is the lowest temperature that can be reached under
current ambient conditions by the evaporation of water only. On the other hand, the welt
bulb temperature equals dry bulb temperature at 100% relative humidity. In this study,
wet bulb effectiveness of the evaporative cooling part is also investigated. The wet bulb
effectiveness is the ratio of the difference between inlet and outlet air temperature to the
difference between inlet air temperature and its wet bulb temperature [213,227] as it is
found in equation (10.4). Through the calculation, the average wet bulb effectiveness of
the evaporative cooling part is found to be around 50.0% and 42.4% for the first and
second cases, respectively as it is clearly illustrated in Figure 10.14. The illustrative

results of the experimental study are given in Table 10.1 and Table 10.2.
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Figure 10.14. Wet bulb effectiveness of the humidification unit for the air velocities of

0.3 and 0.5 m/s.

Table 10.1. Inlet and outlet experimental parameters of the liquid desiccant based

evaporative cooling system for the first test

Desiccant Unit

Inlet parameters Measurement Outlet parameters Measurement
Air velocity (m/s) 0.3 Dry bulb Temperature (°C) 39.9

Mass flow rate (kg/s) 0.0042 Wet bulb temperature (°C) 26.2

Air duct diameter (m) 0.126 Relative humidity (%) 344

Dry bulb Temperature (°C) 38.6 Dehumidification effectiveness 0.64

Wet bulb temperature (°C) 37.8 Overall coefficient of performance 5.5

Relative humidity (%) 94.7 Overall temperature decrease (°C) 53

Air flow regime Laminar

Evaporative Cooling Unit

Air velocity (m/s) 0.3 Dry bulb Temperature (°C) 333
Mass flow rate (kg/s) 0.0042 Wet bulb temperature (°C) 27.7
Air duct diameter (m) 0.126 Relative humidity (%) 65.5
Dry bulb Temperature (°C) 40.0 Humidification effectiveness 0.37
Wet bulb temperature (°C) 26.7 Wet bulb effectiveness 0.50
Relative humidity (%) 35.7 Overall coefficient of performance 5.5

Air flow regime Laminar Overall temperature decrease (°C) 53

Temperature decrease by ECS (°C) 6.7
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Table 10.2. Inlet and outlet experimental parameters of the liquid desiccant based

evaporative cooling system for the second test

Desiccant Unit

Inlet parameters Measurement QOutlet parameters Measurement
Air velocity (m/s) 0.5 Dry bulb Temperature (°C) 38.9

Mass flow rate (kg/s) 0.0070 Wet bulb temperature (°C) 24.8

Air duct diameter (m) 0.126 Relative humidity (%) 31.9

Dry bulb Temperature (°C) 38.5 Dehumidification effectiveness 0.56

Wet bulb temperature (°C) 33.7 Overall coefficient of performance 4.8

Relative humidity (%) 72.5 Overall temperature decrease (°C) 43

Air flow regime Laminar

Evaporative Cooling Unit

Air velocity (m/s) 0.5 Dry bulb Temperature (°C) 34.2
Mass flow rate (kg/s) 0.0070 Wet bulb temperature (°C) 28.1
Air duct diameter (m) 0.126 Relative humidity (%) 63.6
Dry bulb Temperature (°C) 39.9 Humidification effectiveness 0.30
Wet bulb temperature (°C) 26.2 Wet bulb effectiveness 0.42
Relative humidity (%) 343 Overall coefficient of performance 4.8

Air flow regime Laminar Overall temperature decrease (°C) 43

Temperature decrease by ECS (°C) 5.8

10.6. Conclusions

Minimisation of energy consumption levels in all sectors has become significant
in the last decades. In the early 21st century, energy consumption levels were specified
by sector and the results interestingly indicated that buildings play an important role on
global energy consumption. It was reported that the buildings are responsible for more
than 30% greenhouse gas emissions in most of the developed countries [17,204,297].
On the other hand, energy consumption levels of buildings increase as a result of
economic growth, expansion of building sectors and spread of heating, ventilation and
air conditioning (HVAC) systems. Buildings have a long life span lasting for 50 years
or more and thus, decrease in energy consumption levels of buildings has a notable

potential to contribute in mitigating greenhouse gas concentrations for longer periods.
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Most of the energy losses in buildings occur in heating, ventilation and air conditioning
systems. Therefore, energy-efficient heating, cooling and ventilation technologies may
considerably contribute in decreasing energy consumption, and hence carbon
abatement. Within the scope of this comprehensive research, a novel energy-efficient
cooling system is developed. The proposed system aims to mitigate energy consumption
due to cooling as well as providing ventilation via using desiccant-based direct contact
evaporative cooling unit. In this research, dehumidification performance of a novel
desiccant-based evaporative cooling system is experimentally investigated. For two
different values of air velocity, the average temperature and relative humidity of air at
the end of the dehumidification process are determined time-dependently. It is
concluded from the results that the dehumidification efficiency of the system is highly
dependent on the air velocity. For the air velocity of 0.3 m/s, the average outlet relative
humidity and air temperature are determined to be 65.5% and 33.3 °C, respectively
where the average inlet relative humidity is 94.7% and the average inlet air temperature
is 38.6 °C. Overall decrease in air temperature is found to be 5.3 °C for the whole
system. However, the temperature decrease in evaporative cooling part is determined to
be 6.7 °C which is very remarkable. On the other hand, the dehumidification
effectiveness drops from 63.7 to 56.1% when the air velocity increases from 0.3 to
0.5m/s. The humidification effectiveness of the system is calculated for the two
velocity ranges of air. The average values are 37.3 and 30.2 % for the air velocities of
0.3 and 0.5 m/s, respectively. For the air velocities of 0.5 m/s, the overall temperature
decrease is 4.3 °C whereas it is determined to be 5.8 °C for the evaporative cooling unit.
In addition to these analyses, the time-dependant COP changes of the whole system are
also specified with respect to the different air velocities given above. The average COP

values of the system for the inlet air velocities of 0.3 and 0.5 m/s are determined to be
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roughly 5.5 and 4.8, respectively as it is clearly given in Figure 10.15. The results
underline that the COP of the proposed system is well enough, although the system
requires regular regeneration due to the use of liquid desiccant solution. An important
reason of achieving high COP range is to use renewable based external power input to
carry out the regeneration and pumping of the liquids. The system is only tested in
laboratory conditions. In this respect, it is expected to have higher COP range for the
whole scale applications due to the longer time of thermal contact between air and the

liquids.
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Figure 10.15. Time-dependant coefficient of performance values for the inlet air

velocities of 0.3 m/s and 0.5 m/s.

This experimental study shows that the novel desiccant-based evaporative cooling
system might have a notably high dehumidification efficiency range through the
optimisation of the operational parameters mainly air velocity. In this system, liquid

potassium formate solution (74%) is used owing to its thermophysical properties such
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as less corrosive effect, lower density and lower viscosity. It also provides
environmentally friendly applications with a cheapest way compared to the alternatives.
The proposed innovation is found to be an energy-efficient, cost-effective and

environmentally friendly way to mitigate the energy consumption and carbon emissions.
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Theoretical mvestigation of a novel heating
system for low-carbon buildings:
Moist airflow system

11.1. Introduction

Buildings are the most significant energy consuming sector worldwide [298].
Growing trend on industrialisation and urbanisation in recent years has dramatically
increased the energy consumption of the building sector [299]. Predictions of future
scenarios underline that the rising energy needs of the population cause a significant
amount of contribution to the global energy consumption. The building sector is
currently responsible for about 40% of the total energy consumption [297] which
constitutes 30% of the annual greenhouse gas emissions [300]. That much of energy
consumption of the buildings is directly associated with the building design and
construction [16]. The role of buildings in total world energy consumption is somewhat
noticeable as a consequence of poor building fabric technologies [294,295,301]. In this
respect, airtightness of the buildings is becoming more significant due to its effects on
building energy consumption and indoor air quality [302]. Buildings use energy for
heating, cooling, lighting and electrical equipment. In Europe, most of the energy
consumed in building sector is for space heating requirement [303,304]. Heating
demand of buildings still has an increasing trend due to increasing world population,
rising comfort levels and technological developments [297]. To be able to fulfil the

requirements of low carbon targets, development of the novel energy-efficient heating
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systems are of vital importance. In recent years, systems with better features of
materials and thermal properties have decreased or stabilised the amount of energy
required for space heating [305]. However, current conventional heating systems for
buildings are mainly based on heating a working fluid, which is commonly water, cause
high first investment and operational cost because of the complex heat distribution
elements and remarkable high specific heat capacity of water. Moreover, pumping is not
insignificant in such systems as well as notable maintenance cost. Therefore, the proper
selection of the working fluid is important and can contribute in reducing the heating
demand of buildings in a cost-effective way. Air has remarkably lower specific heat
capacity than other working fluids such as water or oil based fluids. Owing to this
characteristic feature of air, higher temperature differences are possible to achieve with
limited energy input. Within the scope of this research, an air based novel heating

system is presented through the aforesaid feature of air.

11.2. Description of Moist Airflow System

The moist airflow system (MAS) is basically a cost effective heat distribution
system using air as the working fluid. The driving force of the MAS is the utilisation of
waste heat from different sources such as industrial power plants, and transportation of
this energy into the buildings in an efficient way to mitigate the heating demand of
buildings. The system can also be operated via renewable energy technologies such as
solar thermal collectors, hybrid photovoltaic thermal cogeneration systems and
geothermal power. An illustrative schematic of the system is given in Figure 11.1. The
novel idea of the MAS can be attributed to the utilisation of the air instead of water as
the working fluid. In this respect, the energy stored in water by the waste heat sources

or renewables is transferred into the air to be utilised in heating a space. In case of the
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MAS is powered by renewables, water is collected from the grid and is directed to the
solar thermal collector. The water increased in terms of thermal energy content is
directed to a hot water tank to store the energy in an insulating medium. The water
temperature inside the hot water tank varies from 30 °C to 90 °C, and can be controlled
via a temperature control unit depending on solar power available. Following this, as a
consequence of the natural evaporation process, hot moist-air is obtained in the upper
part of the tank to be used in space heating. Hot moist-air is circulated by a fan through
the insulated ducts to dissipate its energy into the cold environment. In the process,
moist-air is assumed to be in adiabatic saturation state. Moist-air condensed as passing
through the cold environment as a result of losing its thermal energy content.
Condensed water from moist-air is collected in a condensation tank and pumped into the
storage tank via a small condensation tank as clearly shown in Figure 11.1. The cycle
continues to operate as long as the power from renewables is provided. Working

principle of the moist airflow system is illustrated in Figure 11.2.

11.3. Thermodynamic Model

In this section, a thermodynamic model of the moist airflow system is introduced.
For each separate part of the system, the first law of thermodynamics is performed.
Through the principle of the conservation of energy, energy balance is carried out for
both air and water in the system. If adiabatic boundary conditions are considered

throughout the system, thermal energy stored in water can be given by:

Ein = 'out (11-1)
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Figure 11.1. Schematic of the proposed moist airflow system.
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where E;,, and E,,, correspond to incoming energy from solar thermal collectors and

energy stored in water, respectively. Incoming solar energy can be expressed by:

Ey, = aGA (11.2)

where a is the absorptivity coefficient, G is the solar intensity and A is the surface area
of the thermal collectors. Since the thermal energy stored in water yields to temperature

increase, sensible thermal energy storage occurs as follows:

E, .t = mcAT (11.3)

where m is the mass of water, ¢ is the specific heat capacity of water and AT is the
temperature difference between initial and final stages. Thermal energy stored in water
accelerates the evaporation inside water tank resulting to moist-air in the upper part of

the tank as shown in Figure 11.3.
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Figure 11.2. Working principle of the moist airflow system.
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Figure 11.3. Evaporation process and generation of moist-air in water tank.

The evaporation process plays a key role in thermal performance assessment of
the moist airflow system. Therefore the enthalpy of evaporation is a significant
parameter which needs to be considered in the modelling. The enthalpy of evaporation
is basically the quantity of heat which needs to be absorbed if a particular amount of
liquid is evaporated at any constant temperature. In thermodynamics, the enthalpy of

evaporation is calculated as follows:
AHevap = Hvapour - Hliquid (11.4)

where Hygp0yr 18 the enthalpy of the saturated vapour and Hj;4y,4 1s the enthalpy of the
saturated liquid. The enthalpy of evaporation is a function of temperature. For instance,

the AHgyq;, of water at 90 °C is 2282.5 kJ /kg. Following the evaporation process,
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adiabatic saturation condition is achieved which corresponds to a specific point in
psychrometric chart where dry and wet bulb temperatures overlap. The saturated air at
high temperature is directed to the cold environment so to dissipate its energy content,
and this energy exchange is given by the enthalpy exchange of the working air as

follows:

Etec = Hgirlis — Hairlfs (11.5)

where Ey.. is the thermal energy content of working air, Hg;.|;s is the enthalpy of
working air at initial state, and Hy;-|¢5 is the enthalpy of working air at final state. The

aforementioned energy exchange can easily be demonstrated as shown in Figure 11.4.
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Figure 11.4. Enthalpy exchange of working air in psychrometric chart.
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11.4. Heat Transfer Analysis

In this section, heat transfer analysis of MAS 1is introduced. For the
aforementioned moist airflow system, a circular tube is used to get the maximum heat
transfer with the least pressure drop. The duct diameter of the system is calculated as
using the governing equations. The flow arrangement in the duct is assumed to be a
turbulent flow due to high Reynolds number which is found to be more than 2500. The

Reynolds number can be given by:

vD
Re = Th (11.6)

where Re is the Reynolds number, v is the velocity of air, Dy, is hydraulic diameter and
U is the kinematic viscosity of air at a certain temperature. Nusselt number can be

expressed by the following equation:

hD,,

where Nu is the Nusselt number, h is the heat convection coefficient and k is the
thermal conductivity.

Since most practical applications involve pipes with L/D >> 10, turbulent flows
can almost always be considered fully developed [306,307]. Thus, the Nusselt number

can be expressed by Dittus-Boelter Correlation as follows:

Nu = 0.023Re%8prm (11.8)

where L is the length of the duct, D is the diameter of the duct, Pr is the Prandtl number
and n is the constant. Here, n equals 0.4 for heating of the fluid whereas it is 0.3 for

cooling of the fluid.
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From Newton’s law of cooling, the rate of heat transfer to or from a fluid flowing

in a circular pipe can be expressed as:
Q = hAAT (11.9)

where Q is the heat transfer rate, h is the heat convection coefficient, A is the heat
transfer surface area and AT is the temperature difference of air.
The mean temperature of air is calculated to be average of the inlet and outlet

temperatures of air as given in following equation:

Tin + Tout
Tmean = — (11.10)
where Ty, qqn 1S the average temperature of air and, T;, and T, correspond to inlet and
outlet temperatures of the air, respectively.
The power output of the MAS system at a certain temperature exchange can be

found as follows:
Pw = — (11.11)

where Pw is the power output of the system, AH is the enthalpy exchange and ¢ is the
heat exchange time of the system. A heat transfer surface area of the MAS for a circular

tube is shown in Figure 11.5.
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Heat Transfer Surface Area= mTRL

Figure 11.5. Heat transfer surface area in a circular tube.

11.5. Duct Diameter Analysis for Constant Energy Input

In this part of the research, duct diameter analysis of air, moist-air and water
based heating system is done for constant energy input and per meter channel length. In
this respect, the principle of energy conservation is performed to an internal flow heat
transfer problem. The constant heat input to the system is taken to be 1 kW. The figure
of 1 kW characterises a particular scale for performance optimisation and the heat input
can be scaled depending on the demand. Duct diameter analysis is carried out per meter
length of duct to be able to make this parameter independent from the variation of other
relevant parameters such as temperature difference. According to the first law of

thermodynamics, energy balance for each system can be given by:

Ein = Eout (11.12)

where E;,, and E,,, represent energy input and energy output of the proposed system,

respectively. Ej, is assumed to be 1kW as mentioned before. E,,, is the energy
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absorbed by the working fluid, and demonstrates itself as temperature increment of the

working fluid. Hence, E,,; can be expressed by:

Eque = Ty AT (11.13)

where 1, is the mass flow rate of working fluid, ¢, s is the specific heat capacity of
working fluid and AT is the temperature difference of working fluid at inlet and outlet.

In another word, E,,; corresponds to the enthalpy change of working fluid at initial and

final state as given below:
Egye = My, ;AR (11.14)

where Ah is the enthalpy change. M, is a dominant parameter on the energy that

working fluid receives and given by:
Thwf = prUWfA (1115)

where p,, ¢ is the density of working fluid, v,,f is the velocity of working fluid and 4 is

the cross-sectional area of the duct. A can be expressed in terms of duct diameter as
follows:
DZ

A=m— 11.16
= (11.16)

where D is the duct diameter. Specific heat capacity and density of the working fluid are
characteristic properties and dependent on the temperature. For an accurate and reliable

analysis, their values need to be taken at mean temperature which is given as follows:

Tyrin + T,
Tnean = Wl > whout (11.17)
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where Tp,pq, 1S the mean temperature where fluid properties are taken, T,z 1s the
working fluid temperature at initial state and T f oy, 18 the working fluid temperature at

the outlet. Through the aforesaid parameters and equations, E,,; can be given by:

2

Eyue = Puf Vs CwpATT— (11.18)

For three different working fluid options, which are mainly air, moist-air and
water, the duct diameter is determined for unit duct length and the results are compared
for different temperature difference of working fluid at inlet and outlet.

In the duct diameter of moist-air, specific heat capacity needs to be determined as
taking the humidity ratio inside air into consideration. In this respect, following
equation can be utilised for determination of specific heat capacity of moist-air at any

mean temperature:
Cma = 1.005 + 1.82w) (11.19)

where ¢, 1s the specific heat capacity of moist-air and ) is the humidity ratio of moist-
air at a certain mean temperature. In the analyses, the velocity of each working fluid is

assumed to be 0.5 m/s for a reliable assessment.

11.6. Results and Discussion
In this part of the research, keys results are given regarding the thermodynamic
optimisation, heat transfer analysis and duct diameter analysis of moist airflow system,

respectively. The details are interpreted in separate headings as it is shown below.
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11.6.1. Results from thermodynamic optimisation

The theoretical investigation of the moist airflow system is performed under some
assumptions for both water and air utilised in the system. Firstly, thermal energy input
to the water is considered for unit mass of water. In this respect, initial state for the
water temperature is assumed to be 15 °C, which is the average water temperature from
the grid. The final state for the water temperature is considered to be an independent
parameter and varied from 30 to 90 °C as it is shown in Table 11.1 depending on the
solar power available. For the unit mass of water, the amount of energy required to
increase the water temperature to the different levels illustrated is shown in Figure 11.6.
To be able to obtain a totally saturated moist-air, the amount of energy required is
determined by adding the enthalpy of evaporation of water to the waste heat required
given in Table 11.1. Final energy required for the working air in the moist airflow

system can be given as illustrated in Figure 11.7.

Table 11.1. Initial and final water temperatures considered for the MAS

INITIAL WATER FINAL WATER MASS OF WASTE HEAT
TEEMPERATURE = TEEMPERATURE WATER REQUIRED
(‘C) (‘) (kg) (kJ)
15 30 1.00 62.7
15 35 1.00 83.6
15 40 1.00 104.5
15 45 1.00 125.4
15 50 1.00 146.3
15 55 1.00 167.2
15 60 1.00 188.1
15 65 1.00 209.0
15 70 1.00 2299
15 75 1.00 250.8
15 80 1.00 271.7
15 85 1.00 292.6

15 90 1.00 313.5
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As adiabatically saturated moist-air passes through the cold environment, its
thermal energy content decreases as a consequence of heat transfer between the hot
stream and the cold medium. The amount of energy transfer can be given by the
enthalpy exchange of working air for the temperatures of initial and final state. The
enthalpy exchange can easily be determined through psychrometric chart. For different
temperature values of the hot moist-air at initial state, the values of enthalpy exchange
are shown in Table 11.2.

Thermal performance assessment of the moist airflow system is also carried out
for the different values of fan power and operation time. In this respect, fan power is
varied from 25 to 100 W, whereas the operation time is changed from 3 to 9 hours per
day. To be able to cover a wide range of climatic conditions, the aforesaid operational
parameters are considered in the study. In addition to those independent variables, final
water temperature is also investigated as an effective parameter on the coefficient of

performance of the MAS.

Table 11.2. Enthalpy exchange of air for different initial conditions

DRY-BULB RELATIVE INTIAL FINAL ENTHALPY
TEEMPERATURE HUMIDITY ENTHALPY ENTHALPY CHANGE
‘C) (%) (kJ/kg) (kJ/kg) (kJ/kg)
30 100 99.7 76.30 23.4
35 100 129.0 76.30 52.7
40 100 166.0 76.30 89.7
45 100 213.2 76.30 136.9
50 100 274.0 76.30 197.7
55 100 353.2 76.30 276.9
60 100 458.1 76.30 381.8
65 100 599.9 76.30 523.6
70 100 797.4 76.30 721.1
75 100 1084.2 76.30 1007.9
80 100 1527.4 76.30 1451.1
85 100 2283.7 76.30 2207.4

90 100 38234 76.30 3747.1
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The analyses are repeated for both cases of with and without renewable energy
generation. In the case of renewable energy generation, the moist airflow system is
assumed to be integrated with a solar thermal collector and PV panel. On the other
hand, the system is considered as receiving the energy required from the grid
completely for the case of without renewable energy generation. The results obtained
for each case are illustrated in Figure 11.8-11.15. If the system is integrated with a
renewable based energy source, the COP varies from 0.007 to 13.878, depending on
the fan power, working hour and final water temperature. On the other hand, the COP is
determined to be between 0.004 and 1.307. It is concluded from the results that the
COP of the MAS is highly dependent on the operational parameters which are mainly
under the influence of climatic conditions. The temperate climates, which correspond to
minimum fan power and minimum working time, result with higher values of the COP
for each case as expected. However, the system is found to be impractical is there is no

renewable energy generation or waste heat recovery.
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Figure 11.8. Coefficient of performance values for different working hours of MAS

with a fan power of 25 W.
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Figure 11.11. Coefficient of performance values for different working hours of MAS
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Figure 11.13. Coefficient of performance values for different working hours of MAS

integrated with solar power with a fan power of 50 W.
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Figure 11.15. Coefficient of performance values for different working hours of MAS

integrated with solar power with a fan power of 100 /.

11.6.2. Results from heat transfer analysis

In the second part of the research, a comprehensive heat transfer analysis is
carried out to determine the duct diameter for different values of duct length and
operation time. In this respect, the duct length is varied from 40 to 70 m and the
operation time 1, 1.5 and 2 hours as independent parameters in the analysis. The value
of duct diameter is calculated for each case and the results are interpreted for an easier
understanding. Duct diameter is found to be a strong function of both final moist-air
temperature and duct length as it is seen in Figure 11.16-11.19. An exponential increase
of duct diameter with increasing final moist-air temperature is observed for each case.
Longer operation times result to smaller duct diameters which is expected from heat

transfer phenomenon.
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Figure 11.16. Variation of duct diameter with the operation time for the duct length of

40 metres.
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Figure 11.17. Variation of duct diameter with the operation time for the duct length of

50 metres.
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Figure 11.18. Variation of duct diameter with the operation time for the duct length of
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The influence of duct length on the duct diameter is also demonstrated for
different values of heat output as shown in Figure 11.20-11.22. A linear relationship
between duct diameter and heat output is obtained for each case considered. The duct
diameter has an increasing tendency with increasing heat output for different values of
operation time. As it is clearly seen in the figures that the duct diameter slightly
decreases when the time of operation increases. It can be easily concluded from the
results that the final moist-air temperature, duct length, operation time and heat output
of the system are dominant parameters for the determination of duct diameter at a
particular case. These independent variables are required to be optimised for a proper

and reliable estimation of the duct diameter.
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Figure 11.20. Variation of duct diameter with heat output and duct length of 40 to

70 metres for an operation time of 1 hour.
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11.6.3. Results from duct diameter analysis

In Figure 11.23, duct diameter ratio of water and air based heating system is given
in terms of temperature difference of working fluid. The temperature difference is
investigated in the range of 50-75 °C. It is understood from the results that duct
diameter ratio has an increasing trend with temperature difference of the working fluid.
This can be attributed to the greater change in the duct diameter of water based system
with temperature difference than that of air based system. It is also clear that duct
diameter of water based system is found to be remarkably lower than that of air based

system as a consequence of the difference in the density values.
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Figure 11.23. Duct diameter ratio of water and air based heating system.
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In Figure 11.24, duct diameter ratio of water and moist-air based heating system is
shown as a function of temperature difference. As it is seen from the results that a
similar tendency is observed. However, the duct diameter values reveal that moist-air
based heating system has lower duct diameter at the same temperature compared to the
system utilising dry-air. For an easier tracking of the results, the variation of duct
diameter with the temperature difference of working fluid is illustrated in Figure 11.25.
It is concluded from the data obtained that the greatest duct diameter is achieved by air
based heating system whereas the lowest one by the system using water as working
fluid. This is an expected output which can be explained by the variations of density and

specific heat capacity.
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Figure 11.24. Duct diameter ratio of water and moist-air based heating system.



Chapter 11 265

0.44
0.40

0.36 \

0.32

0.28
0.24

0.20
e water
0.16 e m0ist air

0.12 ar

Duct diameter (m)

0.08
0.04

0.00

50 55 60 65 70 75

Temperature difference (°C)

Figure 11.25. Duct diameter comparison for water, moist-air and air.

11.7. Conclusions

Buildings are responsible for a significant part of the total world energy
consumption, and cost-effective solutions to mitigate their role in energy use are
therefore important. Due to poor thermal insulation characteristics of the existing
conventional building elements, heating demand of current building stock worldwide is
remarkable. Intensive efforts are made to reduce heating demand of buildings through
low-cost and environmentally friendly applications. However, there is a consensus
among scientists that further improvements are required to meet the latest low carbon
targets released by the developed countries.

In this research, a unique heating system called moist airflow system (MAS) is
introduced and its thermal performance investigation is done for different operational
parameters. Through a thermodynamic based modelling approach and a thorough heat

transfer analysis, following conclusive results can be achieved from the study:
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» Thermal performance of the moist airflow system is highly affected by the moist-air
temperature, fan power and the working time.

» The COP values are very promising with the case of solar thermal collector and PV
panel which range from 0.007 to 13.878, depending on the moist-air temperature, fan
power and the working time.

» The highest COP which can be achieved from the case of without renewable energy
generation or waste heat recovery is about 1.307.

» For any constant value of duct length, the duct diameter slightly decreases with
increasing operation time.

» Duct diameter slightly decreases with increasing duct length.

» Duct diameter exponentially increases with increasing final moist-air temperature.

» Duct diameter varies linearly with a rising trend depending on the heat output of the
system.

» For a particular case covering moist-air output temperature of 25 °C, 10 kW heat
input, operation time of 2 hours and 6 kW heat output; duct diameter is found to be 22,
26, 32 and 43 cm for the duct length of 70, 60, 50 and 40 m, respectively.

» The moist airflow system is found to be very attractive to mitigate the heating
demand of buildings if the system can be supported via renewable energy source, and if
the climatic conditions are not severe.

Within the scope of this research, the duct diameter analysis of a novel heating
system is also presented for three different working fluids, which are mainly air, moist-
air and water. The calculations are based on a constant power input (1 kW) to the
reference system and conducted for a temperature difference in the range of 50-75 °C.
» It is concluded from the results that the duct diameter of water based system is

considerably lower than that of air based system depending on the difference in the
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density values. A similar tendency is observed for the duct diameter ratio of water and
moist-air based heating system.
» For the same temperature difference, the greatest duct diameter is required by air
based heating system whereas the lowest one by the water based system as a
consequence of the variations in density and specific heat capacity.

The cost effectiveness of the MAS is incomparable with conventional heating
systems as the system is powered by a fan only, and uses the moist-air as the working
fluid. The proposed system can substantially contribute in reducing greenhouse gas

emissions due to buildings.
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12.1. Conclusions

Increasing trend on energy prices, concerns about climate change and
sustainability make the issues of building sector energy efficiency, renewable energy
and potential waste energy recovery technologies [308]. The building sector is
considered as the greatest single contributor to total world energy consumption and
greenhouse gas emissions. In this respect, a good understanding of the nature and
structure of energy consumption in buildings is of vital importance for establishing the
sufficient future energy and climate change policies [309]. Latest research by
International Energy Agency (IEA) reveals that 47% of total world energy
consumption belongs to buildings, and future predictions show that the trend will
continue to rise [208-210]. Depending on the everlasting technological developments
and increasing thermal comfort levels of occupants, building sector is considered to be
key option to meet the latest targets released for the buildings of 2050s [301]. In
addition, the role of buildings in total greenhouse gas emissions is significant as a
consequence of remarkable energy consumption levels of buildings worldwide. Further
investigations on energy consumed in building sector demonstrate that heating, cooling
and ventilation systems are responsible for the greatest energy consumed in any typical
building [310]. In this respect, analysing the optimum operation conditions of HVAC
systems for minimum energy consumption and greenhouse gas emissions is of great
importance as underlined by Zeng et al. [311]. Optimising HVAC control systems can

also play an important role in mitigating energy consumption of buildings as shown by
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Wang et al. [312] for a case study of school building. Besides constructional and
operational optimisation of conventional HVAC systems utilised in buildings, integrated
HVAC systems with heat/energy recovery are preferred for extreme climates to reduce
energy consumption as emphasised by Nasr et al. [313]. Attempts on developing novel
energy efficient and environmentally friendly HVAC systems are also in progress for
drastic mitigation of energy consumption and greenhouse gas emissions related to
HVAC [314,315]. Within the scope of this thesis, several energy efficient HVAC
systems are introduced, and performance parameters of the said technologies are
investigated both theoretically and experimentally. Techno-economic assessment of the
technologies developed is evaluated as well as discussing the optimised constructional
and operational conditions. Relevant comparisons are also made to be able to
demonstrate the practicality, reliability and efficiency of each technology presented.

Following bullet points can be concluded from the research conducted:

» Recent research by International Energy Agency on total world energy consumption
reveals that the building sector is responsible for 47% of total energy use. Future
predictions also indicate that this dramatic scenario will continue if decisive and
efficient measures are not taken.

» Further investigations on the role of building type in global energy consumption
notify that the domestic buildings account for 20-40% of total primary energy
consumption in the world. In addition to this, most of this energy is essentially utilised
for heating and cooling purposes in domestic buildings.

» Heating, cooling and air conditioning systems constitute of the greatest energy
consumption in a typical domestic building. For an instance, they account for 62% of

current residential energy consumption in the UK because of poor performance
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parameters of existing HVAC technologies and insufficient thermal insulation ability of
existing building envelops.

» Current HVAC systems utilised in domestic buildings are not cost-effective. In this
respect, either developing novel energy efficient and environmentally friendly HVAC
solutions or enhancing the existing efficiency range of the conventional systems via
optimisation of constructional and operational parameters are considerably required.

» Energy efficient utilisation of heat recovery techniques in conventional HVAC has a
remarkable potential to mitigate the energy demand of buildings, and thus the
greenhouse gas emissions in the atmosphere. The enhancement becomes much more
remarkable especially for ventilation systems where the thermal energy contents of
fresh and stale air are exchanged. Recent research in the scope indicates that 60-95% of
waste heat can be recovered in such systems resulting in higher overall efficiency of
HVAC systems.

» Waste heat recovery in ventilation systems can be performed through direct or
indirect systems. In a direct contact heat recovery unit, heat is directly transferred
between hot and cold fluids. On the other hand, in an indirect contact heat recovery unit,
there is a separating wall between hot and cold fluids throughout the duct. Therefore,
there is no direct contact between two fluids with different initial temperatures.
Compared to indirect contact recuperators and regenerators, direct contact heat recovery
systems have notably greater heat transfer rates.

» Development of low-cost and highly thermally conductive heat recovery materials
and systems is required to mitigate energy consumption for ventilation purposes. Latest
works clearly show that poly-carbonate based heat recovery units are very promising,
and become widespread day after day owing to their low-cost, high conductance and

being easy to fabricate.
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» Among the existing waste heat recovery systems, plate-type heat recovery systems
have some characteristic advantages such as high efficiency, and low fabrication and
operation cost. Plate-type heat recover units are constructed from thin plates which form
flow channels. The channels produced are used for transferring the heat for any
combination of gas, liquid and two-phase streams, and they are mainly made of metal
plates for better heat transfer rates. The overall system efficiency of plate-type heat
recovery systems is in the range of 50-80%.

» In recent years, intensive efforts are made to improve the overall efficiency range of
waste heat recovery systems as well as reducing their cost to be able to make them
much more attractive, practical and reliable. In this respect, there is a strong stimulation
of developing and using renewable energy powered waste heat recovery systems aiming
at remarkably rising the coefficient of performance (COP) of the said technologies.

» Recent theoretical and experimental attempts reveal that solar powered heat recovery
systems not only enhances the thermal energy content of fresh air from outdoor to
indoor environment but also improves the electricity generation as a consequence of
lower cell temperatures due to heat recovery.

» The practicality of solar powered waste heat recovery system is also verified by
recent attempts through energy and exergy analyses. The results indicate that maximum
exergy efficiency of the system is found to be around 60% which is very promising
compared to conventional ventilation systems. Moreover, it is noted that this efficiency
value can be enhanced via optimisation of the system parameters such as duct geometry,
mass flow rates of the fluids and packing factor for the solar powered unit.

» Experimental performance of waste heat recovery systems for ventilation purposes is
essentially based on some constructional and operational parameters such as hydraulic

diameter, duct length and fan speed. Fans are the only energy consuming devices



Chapter 12 273

utilised in such systems. In this respect, optimised conditions have a strong potential to
result in high heat recovery efficiency and overall coefficient of performance. Recent
experimental research on a plate-type waste heat recovery system clearly shows that
around 89% of heat recovery efficiency can be achieved for an air velocity of 0.4 m/s
and the hydraulic diameter of 90 mm. In addition, the average coefficient of
performance of the system is calculated to be around 4.5 which is incomparable with
conventional ventilation systems.

» Since the real time behaviour of building systems is not easy to predict, real time
monitoring performance of waste heat recovery technologies is significant as well as
preliminary theoretical and experimental investigation. In this respect, the aforesaid
plate-type waste heat recovery unit is retrofitted to a residential building to determine
the system performance in real operating conditions through a monitoring analysis.
Within the concept of monitoring case, the fresh air and stale air temperatures at the
inlet and outlet, the relative humidity and CO, concentration for both pre and post-
retrofit cases are measured time dependently. In terms of numerical assessment, the
relative humidity is in a range of 61 to 72% before retrofitting, whereas it is 53 to 62%
after retrofitting. Maximum temperature rise in fresh air temperature is noted to be
about 7 °C. Similarly, a considerable change is observed in the temperature of stale air
at inlet and outlet. An average 4 °C temperature decrease of stale air is achieved within
the test period.

» The results indicate that the internal CO, concentration is not at desirable range due
to lack of ventilation in the test house at the pre-retrofit case. However, following the
integration of the novel ventilation system into the test house, CO, concentration is

found to be varying notably from 350 to 400 ppm which is very appropriate in term of
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indoor air quality. In addition, average relative humidity is found to be 57%, which is in
the desired range whereas it is considerably high before retrofitting.

» The role of HVAC in total energy consumed in residential buildings is investigated
by several researchers worldwide, and the results show a similar tendency for different
climatic regions. For instance, the air conditioning and heating systems in China are
responsible for 65% of the total building energy consumption [316] whereas it is 39%
for the US. Ventilation systems account for a remarkable energy consumption in HVAC.
According to Khan et al. [317], energy consumption in buildings due to ventilation and
infiltration is approximately 30-50% of total energy consumption. The figures can be
more dramatic (>50%) for modern buildings as noted by Mardiana and Riffat [318].

» Evaporative cooling is a very promising method to reduce energy consumption of
buildings related to ventilation and cooling demand especially in hot and arid climates.
As a general statement, evaporative cooling systems are low-cost and energy efficient as
a consequence of their remarkable high COP range. A recent study shows that 12.05%
saving in annual power consumption of a building is achieved with use of a simple
evaporative cooling system [242].

» System performance of an evaporative cooling system is affected by several
parameters such as duct length, hydraulic diameter, air velocity, working air inlet
temperature, fresh air inlet temperature, relative humidity of fresh air, relative humidity
of working air, film temperature and thermal insulation performance of the system.

» The amount of evaporated water vapour increases with increasing hydraulic diameter
and length of spraying unit. Water evaporation reduces with increasing velocity of
working air. The outlet temperature of working air decreases with increasing values of
spraying unit length. On the other hand, relative humidity of working air reaches

adiabatic saturation condition after a specific value of spraying unit length which is the
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desired condition. The spraying unit length should be at least 8 m to be able to reach the
adiabatic saturation condition which corresponds to the best case that can be achieved
for the system. Both temperature and relative humidity of working air at the outlet
increases with increasing inlet relative humidity of working air. The hydraulic diameter
has a notable impact on outlet temperature of working air. For a hydraulic diameter of
300 mm, Tyq 0y falls below 10 °C which is very promising. For the most desired
conditions, relative humidity of working air at the inlet should not be greater than 50%.
Fresh air temperature to the indoor environment increases linearly with working air
temperature and fresh air temperature from outdoor. Temperature of fresh air from
outdoor environment has a dominant impact on relative humidity of fresh air to the

indoor environment. For ¢4 outdoor = 40%, Pra indoor falls out of the thermal comfort

range if outdoor fresh air temperature is greater than 35 °C.

» The theoretical results presented above are supported by an experimental research
conducted in test house in the UK. As a natural consequence of evaporative cooling
process, air temperature remarkably decreases at the outlet. Steady-state measurements
reveal that the average temperature of fresh air at the inlet is 36.9 °C, whereas it is
26.7 °C at the outlet. The temperature difference of 10.2 °C achieved by evaporative
cooling system is very promising. The outlet relative humidity of fresh air almost
reaches the adiabatic saturation condition as clearly shown. The average humidity
values at the inlet and outlet are measured to be 37.2 and 98.4%, respectively.

» The reliability of the system and the accuracy of the measurements are verified by
performing a second test. Temperature measurements indicate that the temperature
difference at the second test is not as high as the first test because of the lower inlet
temperature. Average inlet and outlet temperatures of fresh air are determined to be

31.1 and 23.0 °C, respectively. The temperature difference of 8.1 °C is still remarkable
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since the power consumption of the system is insignificant. The adiabatic saturation
condition is almost achieved for the second test as well. Average inlet and outlet relative
humidity are measured to be 30.0 and 94.8%, respectively.

» For the extreme weather conditions as characterised by the first test, COP is expected
to be highly attractive, which is verified by the experimental results. The average COP
of the first test is found to be 8.7. On the other hand, for arid temperate climates given
as an example in the second test, somewhat lower values of COP is predicted, and this is
clearly seen the results of the second test. The average COP from the second test is
calculated to be 6.7.

» Evaporative cooling has a high potential to meet cooling demands at low energy
costs [249]. Riangvilaikul and Kumar [213] note that the evaporative cooling is a good
alternative to mechanical vapour compression for air conditioning applications since it
consumes about four times less electricity than vapour-compression refrigeration [250].
However, the challenging point of evaporative cooling systems is that they are not able
to provide the desired conditions in hot and humid areas. Therefore, alternative systems
such as desiccant-based cooling are required. For instance, liquid desiccant-based
evaporative cooling system is a good alternative to conventional cooling systems to be
able to control both temperature and relative humidity, especially in hot and humid
environmental conditions [247].

» Desiccant concentration is of vital importance in desiccant-based cooling systems as
it notably affects the thermal performance efficiency. The lower desiccant concentration
and desiccant temperature corresponds to the greater thermal efficiency.

» There is a linear tendency between inlet and outlet desiccant temperatures of the
system which is an unequivocal consequence of first law of thermodynamics. Desiccant

temperature at the inlet needs to be kept as low as possible for desired relative humidity
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ranges. Desiccant concentration plays a key role in outlet fresh air temperature as well
as humidity ratio and thermal comfort parameters for indoor environment.

» Experimental performance of desiccant-based evaporative cooling systems is also
investigated within the scope of this research. The experiments are carried out for two
different velocity values of 0.3 and 0.5 m/s.

» For a case of average inlet relative humidity of 94.7% and average inlet air
temperature of 38.6 °C, the average outlet relative humidity and air temperature are
determined to be 65.5% and 33.3 °C, respectively. An average of 5.3 °C reduction is
achieved in supply air temperature as well as an average of 63.7% dehumidification
effectiveness which is attractive and promising.

» For the case of higher velocity, the average relative humidity before the
dehumidification unit is found to be 72.5% and the supply air temperature 38.5 °C.
After the humidification unit, the average relative humidity is determined to be 63.6%
and the average air temperature 34.2 °C. An average temperature reduction of 4.3 °C is
achieved as well as a dehumidification effectiveness of 56.1%.

» Dehumidification effectiveness is a function of air velocity as it drops from 63.7 to
56.1% when air velocity increases from 0.3 to 0.5 m/s. It is concluded from the results
that desiccant-based evaporative cooling system is a novel, unique and cost-effective
design to mitigate cooling demand of buildings not only in hot arid but also in temperate
humid climates.

» The average COP values of the desiccant based evaporative cooling system for the
inlet air velocities of 0.3 and 0.5m/s are determined to be roughly 5.5 and 4.8,
respectively.

» The moist airflow system (MAS) is basically a cost effective heat distribution system

using air as the working fluid. The driving force of the MAS is the utilisation of waste
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heat from different sources such as industrial power plants, and transportation of this
energy into the buildings in an efficient way to mitigate the heating demand of
buildings. The system can also be operated via renewable energy technologies such as
solar thermal collectors, hybrid photovoltaic thermal cogeneration systems and
geothermal power.

» The novel idea of the MAS can attributed to the utilisation of the air instead of water
as the working fluid. In this respect, the energy stored in water by the waste heat
sources or renewables is transferred into the air to be utilised in heating a space.

» Duct diameter ratio has an increasing trend with temperature difference of the
working fluid. This can be attributed to the greater change in the duct diameter of water
based system with temperature difference than that of air based system. The duct
diameter values reveal that moist-air based heating system has lower duct diameter at
the same temperature compared to the system utilising dry-air.

» The greatest duct diameter is achieved by air based heating system whereas the
lowest one by the system using water as working fluid. This is an expected output
which can be explained by the variations of density and specific heat capacity.

» For a particular case covering moist-air output temperature of 25 °C, 10 kW heat
input, operation time of 2 hours and 6 kW heat output; duct diameter is found to be 22,
26, 32 and 43 cm for the duct length of 70, 60, 50 and 40 m, respectively.

» The duct diameter of water based system is considerably lower than that of air based
system depending on the difference in the density values. A similar tendency is
observed for the duct diameter ratio of water and moist-air based heating system.

» The cost effectiveness of the MAS is incomparable with conventional heating
systems as the system is powered by a fan only, and uses the moist-air as the working

fluid.
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» The proposed system can substantially contribute in reducing greenhouse gas

emissions due to buildings.

12.2. Future Works

In light of this research, theoretical and experimental investigations of novel
heating, cooling and ventilation systems have been presented. For each technology
considered, overall system efficiency has been determined for different constructional
and operational conditions. In addition to these, in-situ performance assessment of the
said technologies has been done through research conducted in different test houses.
The works carried out so far have mainly been based on residential buildings, thus
further works are expected to focus on different types of buildings such as commercial,
industrial and public buildings. In this respect, more complicated monitoring analyses
are planned to conduct at whole building scale.

In order to improve the waste heat recovery efficiency in ventilation systems,
novel cost-effective and highly thermally conductive materials will be developed and
utilised. The units fabricated by these materials will be both theoretically and
experimentally investigated prior to retrofit to target buildings. The accuracy of the
results will be verified by CFD simulations performed via reliable commercial software
such as ANSYS FLUENT . Further experimental attempts will be made for an accurate
performance assessment of solar powered waste heat recovery systems. Different
configurations of evaporative cooling systems such as direct-contact, indirect-contact or
combination of both will be evaluated in terms of different techno-economic aspects.
Different fibre materials such as membrane fibres and polymer fibres will be considered

to use in desiccant-based evaporative cooling systems for better liquid absorption and
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greater mass transfer rates. Different desiccant solutions as well as potassium formate

will be used for better dehumidification performance.
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